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Abstract

This PhD research project investigates the transformative potential of piezoelectric actuators in
addressing the inherent limitations and problems of conventional hydraulic components,
particularly focusing on valves and pumps.

Despite the great advantages it offers, such as high-power density, precise control and large
force output, conventional hydraulic technology suffers from low energy efficiency due to
substantial energy losses that occur as the pressurized oil flows through the hydraulic circuit and
its components, particularly the control-ones. Conventional hydraulic technology typically
utilizes analogue spool valves, such as proportional and servovalves, as control components in
various industrial and aeronautical applications where high precision and fast response are
required. However, the spool design of these valves leads to high power dissipation, caused by
the significant pressure drop across the small narrow passages uncovered during valve control.
Moreover, the actuation system's architecture introduces additional drawbacks, such as increased
complexity and higher manufacturing costs, which remain still unresolved.

To explore these challenges, the research begins by developing comprehensive simulation
models of aircraft fuel systems, specifically focusing on quantifying energy inefficiencies in
servovalves within fuel metering units. Building on these insights, the first goal of the project is
to design and model innovative spool valve architectures powered by piezoelectric actuators,
replacing traditional electromagnetic actuators. By leveraging the fast response times and
simplicity of piezoelectric materials, this approach aims to improve energy efficiency, reduce
costs, and simplify the design of conventional spool valves.

The project also explores the potential of digital hydraulics, which aims to replace
conventional proportional and servovalves in industrial and aeronautical applications with low-
cost, robust on/off valves in order to minimize power dissipation. However, the practical
implementation of digital hydraulics is currently limited by challenges in manufacturing on/off
valves that meet strict requirements, such as high switching frequencies and speeds (below 5 ms),
minimal pressure losses, and the ability to handle large flow rates in a compact form. Once again,
piezoelectric actuators could provide a crucial solution to these challenges. Thus, the second goal
of this research is to design and model innovative high-frequency switching on/off valve
architectures, marking digital hydraulics as a promising technology for improving energy
efficiency in various fluid power applications.

Lastly, this research addresses, as third goal, the growing demand for pumps in industries
such as chemistry, biomedicine, aerospace, robotics, and liquid cooling. These fields require
pumps that are compact, reliable, quiet, and capable of precise flow control —qualities that
conventional hydraulic pumps often struggle to meet due to inherent structural limitations.
Specifically, the research project explores the use over again of piezoelectric actuators to design,
develop and testing innovative precision fluid pumps that can meet these stringent requirements,

aiming to expand the power capabilities of this innovative technology.
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Chapter 1

1. INTRODUCTION

This chapter provides an overview of the research project, beginning with the significant role of
aviation and its environmental challenges in contemporary society. It then introduces
conventional hydraulic technology and fluid precision pumps. The chapter outlines the
motivation behind the research, defines its aims and objectives, emphasizes the original
contributions made, and concludes with an overview of the thesis structure.

The state-of-the-art review of conventional hydraulic technology formed a significant part of
this research project and was published in two high-impact review papers in well-regarded

journals [1], [2].
1.1 Aviation Environmental Challenges

Aviation plays a crucial role in modern life, connecting people, businesses, and families
worldwide while boosting economic growth. In 2016 alone, the aviation sector generated $2.7
trillion in economic activity and supported 65.5 million jobs, representing 3.6% of global gross
domestic product (GDP) [3]. Despite these benefits, conventional aircraft propulsion systems,
which depend on fossil kerosene-based fuels (jet fuels), significantly contribute to global warming
[4]. The combustion of these fuels releases large amounts of carbon emissions into the atmosphere
daily. This problem has been exacerbated by the rapid growth of air travel in recent years, leading
to annual carbon dioxide (CO:) emissions exceeding 900 million tons [5]. In addition to CO, the
aviation industry is also responsible for non-CO: emissions, including nitrogen oxides (NOx),
sulphur oxides (SOx), hydrocarbons (HC), black carbon (soot), and water vapor (H20) [6]. These
pollutants have severe consequences for the environment, contributing to the formation of
contrails and cirrus clouds [7], [8], and for human health, leading to both physical and mental
issues, particularly in children [9].

To preserve the benefits of aviation while addressing these environmental challenges, it is
crucial to consider alternative energy sources, such as electric energy, hydrogen, and fuel cells or
reduce fuel consumption [10]. Therefore, improving the performance of key components that
regulate fuel flow to the combustion chamber of conventional gas turbine engines offers a
potential and promising solution.

In a conventional aircraft fuel system, several components work together, including fuel tanks,
fuel lines, centrifugal boost pumps, filters, main fuel pumps, fuel metering units (FMUs), and fuel
injector nozzles. Among these, the FMU plays a crucial role by managing the fuel flow to the
combustion chamber through conventional servovalves. However, the architecture of these
control systems has remained largely unchanged for the past 50 years, presenting several

unresolved drawbacks.

1.2 Conventional hydraulic technology

Fluid power is a technology based on the use of pressurized fluids, including liquids (hydraulics)

or gases (pneumatics) to generate, control, and transmit power. The basics of modern fluid power



systems date back approximately 350 years ago to the discoveries of Blaise Pascal (Pascal’s Law)
and Daniel Bernoulli (Bernoulli’s Principle) [11]. These studies enabled Joseph Bramah, an
English inventor and locksmith who is considered the grandfather of modern hydraulic
technology, to patent the first hydraulically operated machine, “The Hydraulic Press,” in 1795
[12]. With the advent of the Industrial Revolution, hydraulic technology experienced a strong
growth thanks to the development of several hydraulic components, which led to modern
hydraulic technology [13]. Fig. 1 shows the hydraulic schematic of a conventional hydraulic
system with valve control, where the hydraulic components needed to realize an exemplary
hydraulic circuit are represented using ISO (International Organization for Standardization)

symbols [2].
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Fig. 1. Conventional hydraulic circuit: (1) Prime Mover; (2) Hydrostatic Pump; (3) Check Valve; (4)
Accumulator; (5) Pressure Relief Valve; (6) Electrohydraulic Servovalve; (7) Linear Actuator; (8) Filter; (9)
Heat Exchanger.

Over the past few decades, engineers and researchers worldwide have faced the main
challenge of realizing progressively efficient hydraulic components. Of all the hydraulic
components, the control-ones are the most critical since they have a great impact on the overall
energy efficiency of hydraulic systems. Control valves play an important role in hydraulic
systems as they manage hydraulic power by regulating the mechanical power transmitted to an
actuator. This control can be obtained by managing pressure (using pressure control valves),
controlling flow rate (with flow control valves), or directing flow (via directional control valves)
[14]. The latter are available with different performance and characteristics depending on the
application. In most cases, the higher the performance, the higher the cost of the valves.

Conventional hydraulic systems typically use analogue spool valves, such as proportional and
servovalves (both direct drive and two-stage types), as directional control valves in a variety of
industrial and aeronautical applications that require high precision and fast response [15]. These
valves, indeed, unlike on/off valves, allow for precise control of an actuator position and/or
velocity without causing rapid acceleration or deceleration. Therefore, the flow of pressurized
fluid delivered to an actuator, and consequently its position and velocity, can be easily controlled

based on the input electrical signal to the valve [16].



Proportional valves are generally a single-stage configuration, in which a sliding spool is
centered by means of two springs within the valve body and is directly moved by two
proportional solenoids positioned on opposite sides of the valve [17]. The sliding spool is
designed with notches and grooves to control the flow rate based on its position [18]. These valves
typically have a “dead band,” caused by spool overlap, which can account for 10% or more of the
spool’s total stroke [17].

Fig. 2 shows the typical architecture of one of the most commonly used valve types, a four-

way three-position (4/3) proportional valve, as produced by Atos [17], along with its ISO symbol.
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Fig. 2. ATOS-DKZOR-T four-way three-position (4/3) Proportional Valve: (1) Valve Body; (2) Sliding Spool;
(3) Solenoid; (4) Linear Variable Differential Transformer (LVDT); (5) Electronic Control; (6) and (7)

Connectors.

In this configuration, the sliding spool is moved directly by either the right or left solenoid,
depending on the desired hydraulic flow paths (P-A and B-T, or P-B and A-T). Oil enters the valve
through the high-pressure port (P) and flows through the metering section (P-A or P-B), where
the flow rate is regulated by the spool’s notches and the degree of opening, before exiting toward
the actuator. Afterward, the oil discharged from the actuator flows back into the valve through
the metering sections (A-T1 or B-T2). Ports T1 and T2 are internally connected so as to form a single
discharge port T.

Proportional valves can operate in either an open-loop or a closed-loop configuration. In
closed-loop systems, a position sensor (typically a Linear Variable Differential Transformer
(LVDT)) is used for more precise control of the sliding spool position [19]. In both configurations,
standard commercial electronic cards provide the solenoids with a Pulse Width Modulation
(PWM) signal, with a frequency usually ranging from 200 to 20,000 Hz. By adjusting the duty
cycle of the PWM signal, the current flowing through the solenoids can be varied, which in turn
changes the electromagnetic force generated, the valve’s opening degree, and the flow rate
provided. Additionally, a dither signal, which can be a square or sinusoidal wave with a
frequency lower than that of the PWM signal, is often employed to keep the spool vibrating. This
vibration helps overcome any stiction between the spool and the valve body bore [20].



One key limitation of proportional valves is due to the direct actuation by solenoids, which
are relatively heavy and often operate in only one direction [17]. Additionally, at high pressures
or flow rates, the actuation force from solenoids may not be strong enough to counterbalance
flow and spring forces, limiting the valve’s maximum flow rate. Most proportional valves achieve
a maximum flow rate of around 100 L/min, though some can exceed 150 L/min at low pressure
drops [17]. For example, the ATOS DKZOR-AES proportional valve can handle up to 160 L/min,
but only with a pressure drop limited to 70 bar. As the pressure increases, the maximum flow
rate decreases, and at 210 bar, it is reduced to about 90 L/min. This limitation occurs because the
solenoids” power is insufficient to fully open the valve at high pressure, restricting the sliding
spool stroke [17].

In terms of dynamic characteristics, proportional valves are only minimally affected by
operating pressure. This kind of analogue spool valves typically exhibit a -90° phase lag
frequency ranging from 10 Hz to 70 Hz [17], [21]. The higher frequency values are usually
achieved with smaller valves or those incorporating closed-loop control systems.

As a result, proportional valves are mostly used in industrial and transportation applications
rather than aerospace, where faster response times and greater actuation forces are required.

Electrohydraulic servovalves, instead, are mainly classified in two main types. The direct
drive type, in which the sliding spool is directly controlled by integrated electronics using a
Linear Force Motor (LFM), and the two-stage type, in which the sliding spool is housed in the
main stage and is controlled indirectly by the electronics through the pilot stage [21]. Concerning
the latter, there are three main types depending on the architecture of the pilot stage: the double
nozzle-flapper, the deflector jet, and the jet pipe.

Fig. 3 illustrates the architecture of a four-way three-position (4/3) double nozzle-flapper
servovalve, showing the sliding spool both in the neutral position (x=0) and in motion (x>0), along
with its ISO symbol. It is important to note that in Fig. 3 “x” represents the sliding spool
displacement. The pilot stage is equipped with a torque motor consisting of permanent magnets,
pole pieces, and an armature. A flexure tube is used to support the flapper while separating the
torque motor from the hydraulic fluid. A feedback spring connects the sliding spool with the
flapper to achieve mechanical feedback (electrical feedback in two-stage servovalves is also
possible using a position transducer (LVDT)). It is important to note that, electrical feedback is
better suited for aerospace applications, where weight and reliability are crucial, while
mechanical feedback is preferred in industrial settings, where valves need to be more cost-

effective and require low maintenance [1].
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Fig. 3. Four-way three position (4/3) two-stage servovalve (double nozzle-flapper).

When the coil is energized, a proportional torque is generated on the flapper, which is deflected
according to the direction and intensity of the applied current (usually less than 0.05 A [22]). The
deflection of the flapper partially restricts the pilot oil flowing out of one of the nozzles, creating
a pressure difference on the lateral faces of the spool, which is forced to move, bending the
feedback spring. The sliding spool stops in a final position determined by the equilibrium of the
forces acting on the spool (actuation force = flow force + feedback spring force) [21]. The electrical
input power has an order of magnitude of 0.1 W, which is amplified to at least 10 W of hydraulic
power in the pilot stage and is then converted by the sliding spool to control around 10 kW of
hydraulic output power. Therefore, the valve power amplification factor is 10° [22].

This hydraulic amplification enables two-stage servovalves to generate large actuation forces,
improving response speed. This large actuation force, known as chip shear force, is crucial in
preventing the spool from jamming due to particle contamination. If a particle gets stuck between
the metering edges, the high actuation force can shear it off, making these servovalves ideal for
aerospace applications where valve failure must be avoided [22]. Specifically, two-stage
servovalves are essential components in FMUs of conventional aircraft fuel systems, as they
control the fuel flow to the combustor and adjust the angle position of Inlet Guide Vanes (IGVs)
to regulate airflow into the compressor, optimizing engine performance [23], [24], [25].

Table 1 summarizes key characteristics of a commercially available two-stage double nozzle-
flapper servovalve with mechanical feedback from Moog [21]. This type of valve is divided into
5 series based on size, with weight increasing alongside size; the maximum weight remains
around 1 kg, making these valves compact and lightweight compared to proportional valves. The
actuation force also increases with size due to larger sliding spool diameters, reaching up to an
actuation force of 700 N. Internal leakage, caused by the quiescent flow needed in the pilot stage
even when the sliding spool is in the neutral position, ranges from (0.35 to 0.75) L/min depending
on the valve size. Response times also vary, taking between 2.5 ms and 12 ms to reach 90% of the

valve opening.



Table 1. Characteristics of Moog type 30 double nozzle-flapper valve [21].

Response Time

Valve Max Flow Actuation Force  at 210 bar [ms] L:::::am:la t
Weight at 210 bar at 210 bar (to reach 90% &
. 210 bar
[kgl [L/min] [N] of the R
X [L/min]
Opening)
Series 30 0.19 12 245 2.5 <0.35
Series 31 0.37 26 245 2.5 <0.45
Series 32 0.37 54 490 45 <0.50
Series 34 0.50 73 620 7 <0.60
Series 35 0.97 170 710 12 <0.75

With regard to the dynamic characteristics, Fig. 4 presents the frequency response Bode plots
of the same two-stage servovalves, measured at a supply pressure of 210 bar and 50% of the
maximum input current amplitude. The graphs show that under these operating conditions, the
-90° phase lag frequency ranges from approximately 90 Hz to 250 Hz, with the highest values

observed in the smaller valve sizes [21].
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Fig. 4. Bode plot for type 30 Moog double nozzle-flapper servovalves for supply pressure of 210 bar and
50% of the maximum input amplitude [21].

In addition to two-stage servovalves, manufacturers also produce direct drive servovalves,
which are actuated using LFMs. In these systems, direct current flows through a coil, interacting
with a magnetic field created by rare earth magnets. Compared to proportional solenoids, LFMs
offer several advantages, such as reduced moving mass, greater driving force, and improved
linearity. These features lead to better performance, particularly in terms of response speed and
chip shear force. The maximum force generated by a LFM can reach around 200 N [21].

Fig. 5 shows a direct drive servovalve, specifically the Moog D633 model, along with its ISO
symbol [21]. This valve delivers a maximum flow rate of approximately 70 L/min at 350 bar. It
achieves full stroke (0 to 100%) in around 15 ms. The valve’s maximum power consumption is
about 28.8 W, operating at 1.2 A and 24 V (DC), and it weighs 2.5 kg [21].

A direct drive architecture has the disadvantage of having lower actuation forces than two-
stage servovalves; hence, it has lower chip shear capability and a lower response speed.
Consequently, it is less convenient for some applications, such as aircraft, where the actuation

forces and weight are important factors. Instead, for those industrial applications where these

6



factors are less important, a direct drive servovalve is an interesting architecture, especially in
terms of simplicity of construction, in contrast to the complexity of pilot stages, which have many

finely toleranced parts, some of them needing to be assembled manually [21].
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Fig. 5. Moog D633 four-way three-position (4/3) direct drive servovalve.

Servovalves, both direct drive and two-stage types, respond faster than proportional valves
due to their small spool overlaps, high actuation forces, and the absence of heavy moving parts
[17], [21]. Servovalve sliding spools are precision-made and paired with bushing sleeves to
achieve minimal overlaps (often 1% of the spool stroke or less [26]). Unlike proportional valves,
where the spool typically slides directly inside a cast iron valve housing, servovalve sliding
spools are matched individually to their bushing sleeves (as shown in Fig. 6 [21]). Additionally,
servovalve sliding spools usually lack grooves or notches; instead, rectangular slots or annular

grooves are cut directly into the bushing sleeves to control the flow [21].

Fig. 6. Example of sliding spool and bushing sleeve for servovalves [21].

A detailed performance comparison of the conventional four-way three-position (4/3) spool

valves discussed earlier can be found in Table 2 [22]. It is evident that two-stage servovalves stand



out for their exceptional performance characteristics, which include high-actuation forces [21],
excellent accuracy [27], precise controllability [28], rapid response times [29], high-bandwidth
and low weight [21]. However, it is important to note that a faster valve is not always a benefit,

it depends on the hydraulic circuit and its use cases.

Table 2. Typical performance of conventional analogue (4/3) spool valves, operating at 40 L/min with 70 bar
pressure drop [22].

iti - Two-Stage
Open-Loop Position Direct Two-Stage 8
P . Controlled R Servovalve Servovalve
roportional X Drive .
Proportional Servovalve (Mechanical (Electrical
Valve Valve Feedback) Feedback)
Actuation
50 [N ~50 [N ~200 [N ~500 [N ~ 500 [N
Force <50[N] IN] IN] IN] IN]
Step
Response 100 [ms] 50 [ms] 15 [ms] 10 [ms] 3 [ms]
(100%)
-90°
phase lag 5 [Hz] 10 [Hz] 50 [Hz] 100 [Hz] 200 [Hz]
frequency
Cost very low low medium high very high
Size large very large very large small medium

1.3 Precision Fluid Pumps

Conventional hydraulic pumps, both dynamic pumps and positive displacement pumps, are
machines designed to boost the energy of liquid as it flows through them. Specifically, these
devices convert the mechanical energy from a prime mover, such as an electric motor, into
hydraulic fluid power [30]. The most commonly used types are centrifugal pumps for their high
flow rates and gear pumps for their ability to generate high pressure (large head) [31]. While the
design and manufacturing processes for conventional hydraulic pumps are well-established,
advancements in fields like chemistry, biomedicine, aerospace, robotics, and liquid cooling have
increased the demand for pumps that are more reliable, compact, simple in design, capable of
precise flow control, and operate quietly. Conventional hydraulic pumps struggle to meet these
demands due to inherent structural limitations [32], [33], [34], [35].

In particular, in fields like chemistry and biomedicine, including applications such as micro-
injection, disease detection, and analysis, pumps are required to have excellent controllability,
biocompatibility, and precise regulation of flow rate and pressure, while remaining unaffected
by external environmental factors. The typical flow rate range for these pumps is 10 uL/min to 10
mL/min, with pressure ranges from 0.02 bar to 0.1 bar, and a resolution in the pL range [36].

On the other hands, in applications, such as fuel supply systems for aerospace vehicles and
automobile engines, large-load electronic chip cooling systems, and precision driving systems,
the required flow rate is generally 10 mL/min to 1000 mL/min, with pressure ranges from 0.1 bar
to 10 bar, and resolution in the mL range [36].

As a result, precision fluid pumps have become a fundamental and critical technology that

requires further research to meet the growing demands in these fields.



1.4 Motivation

The architectures of conventional analogue spool valves have not substantially changed for many
years, therefore there are a few drawbacks that are still unsolved. Two-stage servovalves, for
example, are often criticized for their susceptibility to contamination in the pilot stage, which can
lead to premature wear. Additionally, the torque motor, a key component that includes delicate
mechanical and electrical parts, such as the flexure tube, requires precise manufacturing to ensure
the necessary stiffness, adding to its complexity and cost. Research has also shown that the pilot
stages of two-stage servovalves are prone to severe cavitation [21].

Direct drive servovalves face different challenges, mainly due to their high weight and large
size, which result from the use of large LFMs needed to directly move the sliding spool.

In addition to these issues, conventional analogue spool valves, both proportional and

servovalves, are associated with significant energy losses, primarily caused by two factors:

1. The internal leakage (Q, ) that occurs in the main stage due to necessary geometrical
tolerances for spool movement, such as the radial clearance between the sliding spool
and the valve body or the bushing sleeve (in the case of proportional or servovalves,
respectively) [37], [38];

2. The high pressure drops (Ap) that occur when pressurized oil flows through the small

passages uncovered by the sliding spool during valve control [21].
Moreover, another cause of power consumption occurs for two-stage servovalves:

3. The continuous and constant quiescent oil flow (Q, ;) required in the pilot stage even

when the sliding spool is in the neutral position [21].

In order to provide a better explanation of the energy losses that occur within conventional spool
valves, Fig. 7 depicts a sliding spool in motion (x > 0) and in the neutral position (x = 0) within the

bushing sleeve of a generic four-way three-position (4/3) servovalve, where “x” represents the

sliding spool displacement [2].
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Fig. 7. Main power losses in a conventional two-stage servovalve: (a) Internal leakage of the main stage; (b)

High pressure drops due to the small passages of the main stage; (c) Internal leakage of the pilot stage [2].



One potential solution to solve these problems could be to replace electromagnetic actuators
with piezoelectric actuators (PEAs) to develop innovative piezoelectric valves. PEAs offer
excellent characteristics like simple designs, fewer moving parts, high reliability, and fast
response, making them ideal for this purpose. A piezo valve, namely a valve actuated by a PEA,
could eliminate the need for both the torque motor and flexure tube in two-stage servovalves,
reducing complexity and manufacturing costs. Moreover, using PEAs for the direct actuation of
direct drive servovalves could provide faster dynamic responses and lower weight compared to
LFMs. These piezovalves can replace conventional servovalves in the FMUs of conventional
aircraft fuel systems, enhancing engine performance while lowering aviation's environmental
impact.

To address the energy consumption issues associated with conventional analogue spool
valves, the emerging field of digital hydraulics offers a promising solution. This innovative
technology aims to replace conventional analogue spool valves, both proportional and
servovalves, with low-cost and robust digital on/off valves, known as digital hydraulic valves,
for industrial and aeronautical applications. These valves, similar in design to poppet valves,
offer larger flow areas and lower pressure drops, which can significantly minimize energy losses
and enhance the overall efficiency of hydraulic systems [39], [40], [41].

However, the practical application of this novel technology is currently limited due to the
challenges in manufacturing these digital on/off valves. These valves, indeed, must meet specific
criteria, including high switching frequencies and speeds of less than 5 ms, minimal pressure
losses, and the ability to maintain a large flow rate while remaining compact. Once again, the use
of PEAs could be the ideal solution for developing these digital on/off valves.

Finally, PEAs could also be the key for driving precision fluid pumps (known as piezopumps),
that are compact, simple in design, capable of precise flow control, and quiet, making them

suitable for innovative fluid power applications.

1.5 Aim and Objectives

The aims and objectives of this PhD research project can be summarised as follows:

1. The first objective is to develop a comprehensive model of conventional aircraft fuel
systems for gas turbine engines (both turboprop and turbofan). This model will enable
manufacturers and researchers to assess FMU performance across various operating
conditions and analyze the power and energy demands of conventional servovalves,
critical components in regulating fuel flow to the combustion chamber;

2. After evaluating the high-power consumption of servovalves in aerospace applications,
the second objective is to design and simulate innovative digital hydraulic valves and
servovalves actuated by smart materials, specifically PEAs. Concerning the novel digital
hydraulic valve architectures, the aim is to replace conventional servovalves in both
aerospace and industrial contexts by achieving high switching speeds, minimal pressure
losses, high flow rates in a compact form, and reduced power consumption. Instead, the
novel piezovalve designs aim to address the typical drawbacks of conventional
servovalves, making them lightweight, reliable, robust, and highly efficient with rapid

response times;
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The third final objective addresses the limitations of innovative fluid precision pumps,
particularly their low power (typically a few watts or less) and flow rate constraints. This
goal involves designing, simulating and testing novel piezopump architectures to
expand their power capabilities. This research is motivated by potential aerospace

applications, especially for accessory actuators within landing gear systems.

This research project will be carried out in collaboration with GeAvio srl and the University of

Bath research group.

1.6 Research Contribution

The original contributions of this PhD research include:

Development of Simulation Models for Aircraft Fuel Systems: Creation of a detailed
numerical code for simulating the entire architecture of an aircraft fuel system, intended
to evaluate the power consumption problem of conventional servovalves;

Design of Novel Piezovalve and Digital Hydraulic Valve Architectures: Design and
development of innovative servovalve and digital hydraulic valve architectures driven
by PEAs, intended to improve efficiency and reduce power consumption in aerospace
and industrial applications;

Numerical Simulation Codes for Innovative Valves: Creation of numerical codes
specifically for simulating the performance of the proposed valve architectures;
Development of Piezopump Architectures: Design of new piezopump architectures,
aimed at expanding the power capabilities of this novel technology;

Simulation Models for Piezopumps: Development of numerical codes for simulating the
performance of the proposed piezopump architectures;

Prototype Testing of Novel Pump Designs: Implementation of a testing setup to evaluate

the performance of the novel developed piezopump prototypes.

1.7 Structure of Thesis

The thesis is divided into eight chapters:

>

>

Chapter 1: Provides an overview of the research project, outlining the motivation and
objectives behind this work.

Chapter 2: Examines the critical role of two-stage servovalves, particularly within FMUs
in conventional aircraft fuel systems. In addition, it reviews the literature on innovative
servovalve architectures and precision fluid pumps using PEAs, along with the current
state-of-the-art in digital hydraulic technology and recent advances in digital hydraulic
valves.

Chapter 3: Describes the layout and simulation model of the aircraft fuel system
developed for gas turbine engines (both turboprop and turbofan), focusing on evaluating
FMU performance and analyzing the energy consumption of servovalves, which are key

in controlling fuel flow to the combustion chamber.
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> Chapter 4: Presents a feasibility study on two digital hydraulic valve architectures
directly actuated by a commercially available multilayer ring stack PEA, capable of
delivering the high actuation forces required for this application.

> Chapter 5: Addresses the challenges of direct-drive servovalves by exploring the
feasibility of using commercially available amplified piezo stack actuators as alternatives
for LFMs.

> Chapter 6: Details the design, simulation, and testing of single and multi-cylinder
piezoelectric pumps, aimed at expanding the power capabilities of this advanced
technology.

> Chapter 7: Provides a numerical investigation using Computational Fluid Dynamics
(CFD) software (Ansys Fluent) to assess the cavitation potential in the developed single
cylinder piezoelectric pump.

> Chapter 8: Concludes with a discussion of potential future developments for this PhD

research project.
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where the thesis author has contributed as the primary author are highlighted below:

1. Sciatti, F.,, Tamburrano, P., De Palma, P., Distaso, E., & Amirante, R. (2022, December).
Detailed simulations of an aircraft fuel system by means of Simulink. In Journal of Physics:
Conference Series (Vol. 2385, No. 1, p. 012033). IOP Publishing [42].

2. Sciatti, F., Tamburrano, P., Distaso, E., & Amirante, R. (2023, October). Modelling of the entire
aircraft fuel system through simulink for accurate performance evaluation. In Fluid Power
Systems Technology (Vol. 87431, p. VOO1T01A050). American Society of Mechanical Engineers
[43].

These papers aim to deliver a comprehensive simulation model of an entire fuel system for gas
turbine engines, including turboprop and turbofan configurations. This model can assist
manufacturers and researchers in assessing conventional aircraft fuel system performance across
various operating conditions. The research particularly examines the critical role of the FMU and
its key components, namely two-stage servovalves, which control both the fuel flow rate to the
combustion chamber and the angle of the IGVs. This work was carried out in collaboration with
GeAvio srl.

3. Sciatti, F., Tamburrano, P., Distaso, E., & Amirante, R. (2023, December). Digital hydraulic
technology: applications, challenges, and future direction. In Journal of Physics: Conference
Series (Vol. 2648, No. 1, p. 012053). IOP Publishing [44].

The aim of this paper is to provide a brief overview of the recent advancements in digital

hydraulic technology, focusing on the various applications and their benefits.

4. Sciatti, F., Tamburrano, P., Distaso, E., & Amirante, R. (2024). Digital hydraulic valves:

Advancements in research. Heliyon [2].

This paper presents a thorough review of the research advancements in digital hydraulic

technology, with a specific focus on valve control.
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studies were realized in collaboration with the University of Bath research group.
Publications where the thesis author has contributed as a co-author:

1. Tamburrano, P., Sciatti, F., Plummer, A. R., Distaso, E., De Palma, P., & Amirante, R. (2021).
A review of mnovel architectures of servovalves driven by piezoelectric
actuators. Energies, 14(16), 4858 [1].

This paper offers a thorough review of innovative architectures of electro-hydraulic servovalves

that exploit actuation systems based on piezoelectric materials.

2. Tamburrano, P., Distaso, E., Plummer, A. R., Sciatti, F., De Palma, P., & Amirante, R. (2021,
July). Direct drive servovalves actuated by amplified piezo-stacks: Assessment through a
detailed numerical analysis. In Actuators (Vol. 10, No. 7, p. 156). MDPI [48].

This paper addresses the key challenges of direct drive servovalves by presenting a feasibility
study that explores the use of commercially available amplified piezo stacks as substitutes for
LFMs. These PEAs are evaluated for their potential to directly actuate a new four-way three-

position (4/3) direct drive servovalve design.

3. Tamburrano, P., De Palma, P., Plummer, A. R., Distaso, E., Sciatti, F., & Amirante, R. (2021).
Simulation of a high frequency on/off valve actuated by a piezo-ring stack for digital
hydraulics. In E3S Web of Conferences (Vol. 312, p. 05008). EDP Sciences [49].

This paper conducts a feasibility study on replacing commercially available servovalves in
industrial and aeronautical applications with an innovative high-frequency switching two-way
two-position (2/2) on/off valve. The valve is directly actuated by a commercially available ring
stack—a multilayer piezo-actuator capable of delivering the high actuation forces required for

these demanding applications.
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4. Tamburrano, P., Sciatti, F., Distaso, E., & Amirante, R. (2023). Comprehensive numerical
analysis of a four-way two-position (4/2) high-frequency switching digital hydraulic valve

driven by a ring stack actuator. Energies, 16(21), 7355 [50].

This study aims to enhance the energy efficiency of hydraulic systems by examining an
innovative high-frequency switching four-way two-position (4/2) on/off valve architecture,

which utilizes a ring stack actuator.

5. Sell, N, Sciatti, F., Plummer, A., & Love, T. (2024). Design and Testing of a Multi-Cylinder
Piezopump for Hydraulic Actuation. Energies, 17(19), 4876 [51].

This paper presents the design, simulation, and testing of a multi-cylinder piezohydraulic pump
aimed at overcoming current limitations in power output and flow rate in piezoelectric pump

technology.
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Chapter 2

2. LITERATURE REVIEW

This chapter reviews the literature on innovative servovalve architectures and precision fluid
pumps that utilize piezoelectric actuation systems. It also provides a comprehensive overview of
the current state-of-the-art of digital hydraulic technology, focusing on the research progress of
digital hydraulic valves.

The chapter begins by exploring one of the most important applications of two-stage
servovalves, specifically their role in FMUs within conventional aircraft fuel systems.

Next, the chapter explores PEAs, emphasizing their use in driving servovalves. The
characteristics of these actuators are discussed in detail, followed by a comprehensive
comparison of novel piezo valve architectures found in the literature with commercial
servovalves. Key performance parameters of these piezo valves are evaluated to assess their
potential as innovative design solutions for industrial and aeronautical applications.

The following section delves into digital hydraulic technology, examining different
architectures of digital hydraulic valves. It provides an in-depth analysis of designs developed
by researchers and companies over the years, emphasizing their potential to improve control
precision, efficiency, and reliability in fluid power applications.

The final section focuses on precision fluid pumps driven by PEAs, examining their working
principles, advantages, and performance.

These literature review studies were published in leading journals [1], [2] and presented at

important national and international conferences [42], [43], [44].
2.1 Conventional Aircraft Fuel Systems - FMU

According to the Federal Aviation Administration (FAA) [52], the fuel system in gas turbine-
powered aircraft stands as one of the most important components. Its main functions include
delivering clean fuel to the engine in the right quantity, at a pressure and a temperature suitable
for satisfactory combustion [53], [54], [55], in addition to regulating the fuel flow rate injected into
the combustion chamber to match the required thrust throughout all phases of flight [42], [43].
Due to the critical nature of these tasks, the fuel system must consistently operate at optimal
efficiency to ensure the safety and reliability of the aircraft.

The conventional fuel system for gas turbine engines that run on kerosene-based fuels is made
up of various components, including fuel tanks, fuel lines, centrifugal boost pumps, check valves,
filters, main fuel pumps, FMUs, and fuel injector nozzles [56]. The FMU, is the core of the fuel
system. It controls the fuel flow delivered to the combustor chamber and adjusts the angle
position of the IGVs, which in turn regulate the airflow entering the compressor [23], [24]. To
fulfil these requirements, the FMU contains several hydraulic components, such as bypass valves,
two-stage electrohydraulic servovalves (i.e. Fuel Metering (FM) servovalve and IGV servovalve),
IGV actuators, pressurizing valves, and shut-off valves. Among these components, the bypass
valve, the FM servovalve, and the IGV servovalve are essential [57], [58]. By maintaining an
almost-constant pressure difference across the FM servovalve, the bypass valve guarantees a
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proportional correlation between the fuel flow rate and the opening degree of the FM servovalve,
regardless of whether the aircraft is in steady-state or dynamic operation [59], [60]. Consequently,
efficient fuel control within the combustion chamber becomes achievable through the FM
servovalve. Simultaneously, the IGV servovalve regulates the fuel flow rate directed to the IGV
actuator, effectively controlling the angle position of the IGVs to optimize engine efficiency across
various operating conditions [23]. Therefore, the performance of the entire Engine Control System
(ECS) is strongly impacted by the reliability of the FMU [61], [62].

Traditional hydraulic-mechanical ECS face challenges in meeting the control requirements of
modern engines due to their narrow control range, low precision, and complex structure [63],
[64]. To address this issue, the Full Authority Digital Electronic Control (FADEC) has become the
main trend as the control system for aeroengines since the 1980s [65], [66]. With FADEC, the pilot
in the cockpit can easily adjust the thrust level by using a throttle lever, as shown in Fig. 8 [42],
[43]. The established control law enables the Electronic Control Unit (ECU) to calculate the
required fuel flow rate, and determines a signal to the FMU electrohydraulic servovalves, which

are used to transmit fuel to the combustor chamber and/or to the IGV actuators [25], [67].

Aircraft Turbine Engine

Thrust
Throttle
Lever "
Ry Trasmission
Command . Accessory
Sigaal J Flow Rate Gear Box

Actuating
Slgnul
FADEC
v | = =
Fuel from
Acquired Main Fuel Pump
Signal

Fig. 8. Gas turbine engine control system [42], [43].

A typical example of an aircraft fuel system layout operating on kerosene-based fuels is the
General Electric CJ610 fuel system, which is shown in Fig. 9 [23]. Generally, the components of
an aircraft fuel system can be divided into two independent groups: airframe components and
engine components [56]. The airframe components can be summarized as follows:

e The fuel tanks, which are usually located in the wings, fuselage, or tail. Regardless of how
many individual storage units an aircraft fuel system may contain, fuel is essentially fed to
each engine from one main fuel tank;

e The boost pumps, which are electrically operated and are usually centrifugal. These pumps
are located in the fuel tanks and maintain a constant fuel pressure in the line between the
tank and the engine-driven main fuel pump. To align the flow rates of the centrifugal boost
pumps and the main fuel pump, some of the centrifugal boost pump flow rate is recirculated
back into the fuel tank;

e The airframe shut-off valves, designed to disconnect the fuel lines from the engine without

any danger of fuel spillage;
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The low-pressure filters, needed to remove solid particles from the fuel that could cause

damage to the engine-driven main fuel pump.

An interface point is designated at the fuel inlet of the engine components, and various

parameters such as fuel pressure and temperature are defined at the interface point. In modern

gas turbine engines, the temperature at the main fuel pump inlet can be as high as 90°C, while

the fuel pressure is approximately 3 bar [68]. The engine components consist of:

The main fuel pump, which is typically a positive displacement pump driven by the engine
via the accessory gear box. Its primary function is to provide high-pressure fuel to the FMU
for combustion and to act as hydraulic fluid for the compressor variable-geometry systems.
As aresult, it delivers a flow rate that exceeds the engine requirements;

The pressure relief valve, which is crucial to safeguard the system against potential over-
pressure situations;

The bypass valve, which guarantees a linear relationship between the fuel flow rate and the
opening degree of the FM servovalve;

The IGV servovalve, which is typically a four-way three-position (4/3) two-stage servovalve.
It regulates the fuel flow rate delivered to the IGV actuator;

The IGV actuator, which changes the position of the inlet guide vanes/compressor vanes;
The FM servovalve, which is typically a two-way two-position (2/2) two-stage servovalve. It
controls the fuel flow rate delivered to combustion chamber;

The pressurizing valve, which ensures sufficient fuel pressure within the FMU to maintain
correct system operation;

The engine shut off valve, designed to separate the FMU from the combustion chamber;

The fuel injector nozzles, which inject the fuel into the combustion chamber in the form of

atomized or vaporized spray.
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Fig. 9. Typical layout of a conventional aircraft fuel system, adapted from [23].
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2.2 Smart Materials — Piezoelectric Actuators

The growing demand for next-generation industrial, military, commercial, medical, automotive,
and aerospace technologies has driven extensive research and development into advanced smart
materials. These materials represent a novel class of substances that can respond to external
stimuli in a controlled and predictable manner. Actuators that utilize the strain induced in these
materials to produce motion are referred to as Induced Strain Actuators (ISAs) [69]. Commonly
employed smart materials in ISA applications include piezoelectric, electrostatic,
electromagnetic, photostrictive, electrostrictive, magnetostrictive and shape memory alloys.

As shown in Table 3, PEAs demonstrate exceptional performance in terms of nanometer-scale
resolution, rapid response times, and immunity to magnetic interference. These characteristics
give them a distinct advantage over other technologies, such as shape-memory alloys and
magnetostrictive actuators, particularly in precision manufacturing, displacement output,
medical treatment, and microfluidic control applications [70]. Furthermore, Fig. 10 shows how
the structural scalability and high power-to-weight ratio of PEAs make them an especially
promising solution for applications in robotics, automation, industrial systems, and aerospace
[70], [71].

Table 3. Comparison of different types of smart materials actuators and their driving principles, accuracy,
advantages and disadvantages [70].

Drivin .
Actuator type .. & Accuracy Advantages Disadvantages
principle
High efficiency,
) Coulomb Below the small size, Small output force,
Electrostatic . .
force micron temperature- harsh environment
insensitive
High frequency,
. Electromagnetic X reliable, low cost, Large volume,
Electromagnetic . 'g Micron & .
induction temperature- heat, noise
insensitive
Flexible, small, .
Shape- Shape- . . Temperature-sensitive,
Micron large deformation,
memory alloys memory effect . slow response
high energy
. . Magnetostrictive ~ Below the High force, no Sensitive to magnetic
Magnetostrictive . . . .
effect micron fatigue or heat loss fields, hysteresis
. .. Electrostrictive Below the Low creep, good Temperature-sensitive,
Electrostrictive e .
effect nanoscale reproducibility average energy density
Anti-
L. Photostrictive . Electromagnetic Temperature-sensitive,
Photostrictive Micron . 8 p ..
effect interference, low efficiency
lightweight, fast
Antimagnetic
interference, .
. . Inverse Sub- . L. Hysteresis, creep,
Piezoelectric . . high efficiency, ol
piezoelectric effect nanometer . temperature-sensitive
high response
frequency
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Fig. 10. Power to weight ratio versus actuator efficiency [71].

PEAs use the piezoelectric inverse effect to convert electrical energy into mechanical energy.
The most used material for these actuators is lead zirconate titanate. As explained in Chapter 1,
the use of PEAs instead of electromagnetic actuators in servovalves, both direct drive and two
stage types, could help to solve the typical problems associated with these spool valves. In
addition, the piezoelectric actuation could be capable of extending the bandwidth of current
servovalves (up to 150-300 Hz) into a kiloHertz range [72]. It has also been proven that PEAs can
be employed for several working cycles without being damaged [73]. PEAs are susceptible to
temperature variation, have a low Curie temperature, and their actuation force decreases with
temperature [74]. However, these weaknesses should not be an issue for the typical operating
range of the hydraulic oil used in servovalves (30-60°C). The main problems of PEAs to be
managed in servovalves are hysteresis (which can be as high as 20%) and creep, which could
affect the accuracy of control [75]. Therefore, closed-loop control is mandatory to tackle this
problem, and techniques to deal with these problems have been shown in the literature [76], [77],
[78].

Commercially available PEAs are produced by a few manufacturers such as Thorlabs, Noliac,
Piezodirect, Piceramic, etc [1]. In order to produce displacement, an amplified voltage (Vymp),
usually up to 100 V or 200 V, must be applied to a PEA. The PEA in turn exerts an actuation force
linearly decreasing with its displacement. Fig. 11 qualitatively shows the relationship between
the actuation force (F,.) and the displacement (x). For a given voltage applied to the PEA, the
relation is a straight line with a certain slope, which translates along the horizontal axis when the
voltage is changed. Therefore, the maximum actuation force, called the blocking force (F}), is
obtained when an actuator is blocked from moving. When the maximum voltage is applied, the
maximum blocking force is obtained (Fj ;4x). The blocking force can be put in relation to the

voltage using a force/voltage coefficient (Kyr), thus obtaining:

Foet = Fp — kpx = KVFVamp - kpx (1)
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where k), is the actuator stiffness. The maximum displacement (x,,q,), called the free stroke, is
obtained for a null actuation force, namely, when a free actuator experiences no resistance to

movement, and when the maximum voltage is applied.

x A
XH'ICIX (
-
S
5 Ve
Q
5
o
2
Q
= >
Force F b,max Fact

Fig. 11. Displacement-force-voltage relationship for a PEA.

The main types of commercially available PEAs include piezo stacks (Fig. 12a), amplified
piezo stacks (Fig. 12b), bimorph (rectangular) benders (Fig. 12c), and ring benders (Fig. 12d) [1].

(a) (b) () (d)

Fig. 12. Main types of commercially available PEAs: (a) Piezo Stack; (b) Amplified Piezo Stack; (c) Bimorph
(rectangular) Bender; (d) Ring Bender [1].

Piezo stacks are very large and can generate very high actuation forces but low displacement;
amplified piezo stacks use amplification systems to reach higher displacement but at the expense
of the actuation force, which is lower than that of piezo stacks. Bimorph (rectangular) benders
and ring benders are much smaller than piezo stacks and amplified piezo stacks but generate
lower actuation forces. A ring bender generates a higher actuation force than a rectangular
bender, but the latter achieves higher displacement. A comparison among these actuators is
provided in Table 4 and in Fig. 13 [1]. As shown in Table 4, the different actuator designs have

different characteristics. Blocking force and free displacement are plotted in Fig. 13 for these
actuators.
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Table 4. Comparison of different types of PEAs [1].

Type of Piezoelectric Actuator Actuation force Displacement Size
Piezo stacks very high very low very large
Amplified piezo stacks high medium large
Bimorph benders low high small
Ring benders medium low very small

Free stroke (um)

a

mplified
piezostacks
B

Piezostacks

»

Blocking force (N)

Fig. 13. Comparison among different types of PEAs in terms of free stroke and blocking force [1].

2.2.1 Servovalves driven by Piezo Stack Actuators

A piezo stack actuator, shown in Fig. 12a, consists of a series of piezoelectric elements stacked
one on top of the other and enclosed between two electrodes. The thickness of the layers is on the
order of 25-100 pm. The voltage to be applied depends on the material and the thickness of each
element. The longer the stack, the higher the displacement achieved by the stack. As an example,
a commercially available piezo stack actuator, model NAC2023 produced by Noliac, is 15 cm long
and can produce a blocking force of 9450 N with a free stroke of 244.2 pm [1]. Without preload,
piezo stacks are sensitive to pulling forces; therefore, it is recommended to apply a pre-load in
order to optimize the performance of the actuators [1]. It has been proven that selecting a correct
value for the preload allows a longer lifetime to be achieved for this type of PEA. The values for
the optimum preload range from 20 to 50 percent of the maximum blocking force [79]. The force
must be applied to the full surface of the actuator in order to ensure good load distribution. Fig.

14 shows the wrong and correct operation of a piezo stack.
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Fig. 14. Piezo stack actuator: wrong pull-mode operation (a) and correct operation (b-c).

Back in the 1990s, a research study was conducted on the application of piezo stacks to
servovalves [80]. There were two piezo stack actuators that were connected to both sides of a
spool through steel balls to directly actuate the sliding spool of the servovalve, as shown in Fig.
15. The piezoelectric multilayer actuators were pre-compressed by about 20 um. The
displacement of the sliding spool was measured by a non-contact reluctance-type position sensor.
Feed forward control was employed in order to obtain high speed response. The authors stated
that this servovalve had a bandwidth of over 5 kHz and could pass a flow of 5.4 L/min for a
pressure drop of 100 bar. The application of this valve architecture to higher flow rate values is
not documented in the paper. This research study can be regarded as the precursor for more

recent studies.
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Fig. 15. Redrawn schematic representation of the piezo valve realized in [80].

The main problems of that architecture are the high cost of using two piezo stack actuators.
To cope with this problem, in [81], a spring mechanism and only one piezo stack were used to
obtain bidirectional spool control, as shown in Fig. 16. A leaf spring allowed the spool to be kept
in the neutral position when no voltage was applied to the piezo stack. Nonlinear effects such as
hysteresis and creep were managed using a Fuzzy Logic control algorithm with a Preisach
hysteresis nonlinear model in a feedforward loop. The valve was tested at a very low flow rate
(up to 4 L/min for a supply pressure of 7 MPa). In these conditions, the results illustrated that the
piezo valve had a frequency response bandwidth of 470 Hz, and the system could reach the
steady state in 4.77 ms.
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Fig. 16. Structure of the piezo valve realized in [81].

Again, the application of this valve architecture to higher values of flow rate and pressure was
not addressed in the paper.

In [82], a similar servovalve was developed but using four components: a piezoelectric stack
coupled with a rod, a spool, a disc spring rod, and a driving disc spring, as shown in Fig. 17. The
four components were not fixed together but were in contact with each other to drive the sliding
spool. An internal preload was applied to the piezo stack to cope with the pulling forces
generated by the inertia and the friction of the spool. With a supply pressure of 21 MPa, the flow
rate was measured to be 4.45 L/min at a maximum input voltage of 5 V. The -3 dB frequency was

710 Hz, and the step response time of the spool displacement was 0.52 ms.

h.—g}j})ﬁ:@d—@.

Fig. 17. Redrawn schematic representation of the direct drive piezo valve proposed in [82].
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In [83], [84], piezo stack actuators were used in place of the torque motor for the actuation of
the flapper in a double nozzle-flapper servovalve. There were two flapper moving mechanisms
that were proposed to compensate for the hysteresis and the thermal expansion of the piezo
stacks, and these systems were experimentally assessed. A simplified valve was used in the
experimental test; there were no actuator ports, and a spring was used to simulate the flow force,
as shown in Fig. 18. The experimental results showed that with a supply pressure of 210 bar, a
high dynamic response could be obtained: concerning the first moving mechanism, the phase lag
was -90° for a frequency of 200 Hz, and the amplitude ratio was -3 dB for a frequency of 150 Hz.
The results were further improved by using the second mechanism, the phase shift being —90 °

for a frequency of 300 Hz.
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Fig. 18. Redrawn schematic of the double nozzle-flapper test valve actuated by piezo stacks
used in [83], [84].

In [85], four two-way two position (2/2) poppet valves, each driven by a piezo stack actuator,
were used as flow variable resistors in place of the torque motor to actuate the main stage of a
conventional two-stage servovalve, as shown in Fig. 19. Each piezo actuator had a nominal full
stroke of 40 um and a driving force of 2000 N at an operating voltage of 160 V. A LVDT was used

to measure the sliding spool position and to achieve closed-loop control.
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Fig. 19. Pilot operated piezo valve actuated by four piezo stacks proposed in [85].

The operation principle of this valve configuration can be described in the following way:
while valves A2 and B1 are closed, valves B2 and Al are open, and vice-versa. By changing the
stroke of each pilot valve and the phase lag between them, flow modulation can be achieved. The
valve was capable of controlling 32 L/min at a pressure drop of 70 bar. This architecture provided
better dynamics than a conventional servovalve. Indeed, tests performed at 210 bar showed that
the rise time was only 1.07 ms to reach an opening of 0.52 mm. The frequency values
corresponding to an amplitude decrease of -3 dB and a phase lag of —90° were 340 Hz and 300
Hz, respectively, with reference to the maximum opening.

In [85], a new design for a direct drive servovalve was also proposed, called a hybrid valve,
in which the bushing sleeve was actuated by a piezo stack with a stroke of +50 um, and the spool
was driven by a LEM with a stroke of £0.5 mm, as shown in Fig. 20. A closed-loop control system
was used to simultaneously control the position of the spool and the position of the sleeve while
compensating for hysteresis. The experimental results, performed with a pressure drop of 35 bar

across each metering chamber, showed that the hybrid valve had a nominal flow rate of 40.5
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L/min. The frequency values corresponding to an amplitude decrease of -3 dB and a phase lag of
-90 ° were 620 Hz and 850 Hz, respectively. Due to the additional leakage between the moving
sleeve and the valve housing, the overall internal leakage of the hybrid valve was about 1 L/min,

thus being greater than that of commercially available direct drive valves.
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Fig. 20. Hybrid valve design proposed in [85] (a); comparison with a conventional direct drive

servovalve (b).

In [72], a piezo stack actuator was used to move an upper moving plate coupled with a
stationary plate, as shown in Fig. 21. Annular grooves were built in the two opposing plates to
form multiple metering edges (Fig. 21b). The working principle was to control the flow rate by
adjusting the axial distance between the two plates, x;. This piezo valve provided several
advantages, such as the reduction of internal leakage, very good valve response, an increase in

the flow area, and high flow rates for a given pressure drop.
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Fig. 21. Redrawn schematic cross section of the piezo valve actuated by a piezo stack as proposed in [72] (a);

redrawn schematic of the flow path through the annular grooves (b).

The piezo valve prototype used a PEA which had a free stroke of 68 um and could produce a
blocking force of up to 12 kN. The valve was capable of opening or closing fully in less than 1.5
ms and could pass a flow of 65 L/min at a pressure drop of 20 bar. The bandwidth performance
of the valve was also investigated experimentally: it was up to 425 Hz for input voltage

amplitudes up to 85 per cent of the maximum [72].

2.2.2 Servovalves driven by Amplified Piezo Stack Actuators

The main weakness concerning the use of a piezo stack actuator is its low stroke, which is very

small compared to its length. Indeed, these PEAs generate values of displacement that are usually
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less than 100 pum. Therefore, the main issue associated with piezo stacks is the large dimensions
of the valve; in the case of direct actuation, the low stroke of the spool causes low flow rate
through the valve. In addition, asymmetrical piezo stack designs, e.g., [72], [81], [82], will suffer
from the offset and hence reduced amplitude because of thermal expansion as they heat up (stack
heating is significant when operating at high voltage and high frequency due to the high peak
current that is generated).

To increase the displacement (hence, the flow rate) and to reduce thermal problems,
amplification systems can be adopted. Fig. 22 shows an example of an Amplified Piezo Stack
Actuator (APA) based on an elliptical shell used to transform the deformation occurring along
the main axis (l,) into deformation along the short axis (hqp,), which is amplified [86]. This
amplification mechanism allows the PEA to achieve large deformation (up to 1000 pm) but at the
expense of the actuation force, which is much lower than a piezo stack [87]. This APA design can
give a significant advantage over other piezo stack designs in terms of temperature independence
since the thermal expansion coefficient of the shell is designed to match the stack, so there will be

no thermal effect.

Amplification 1~ 1 Piezostack

apa

r
v

Fig. 22. Redrawn schematic of the amplified piezo stack actuator with elliptical shell [86].

In [88], an APA was adopted to directly actuate the spool, as shown in Fig. 23. A prototype
was constructed. The amplification system was a lever mechanism connecting the spool to a
preloaded piezo stack. The lever was able to amplify the displacement of the piezo stack from
0.06 mm to 0.3 mm. The maximum voltage applied to the PEA was 800 V. The valve was
constructed to obtain 7.5 L/min for an inlet pressure of about 100 bar. A very lightly damped

mode at about 340 Hz was noticed.
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Fig. 23. Redrawn cross section view of the direct drive piezo valve proposed in [88].

Similar valve architectures were developed in [89], [90], [91], in which a piezo stack actuator

with a lever amplification mechanism was used to directly actuate the main stage valve, as shown

in Fig. 24. To control the position of the spool, closed-loop control was used.
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Fig. 24. Schematic configurations of the direct drive piezo valves proposed in [89] (a), [90] (b),and [91] (c).

The direct drive piezo valve developed in [89] was a pneumatic valve, which proved to be
much faster than a normal solenoid valve. The architecture proposed in [90] was very similar but
used with oil. With the maximum input voltage, the spool displacement reached 0.56 mm, and
the maximum flow rate was 22.8 L/min for a pressure drop of 30 bar. The -3 dB frequency was
181 Hz.

A similar piezo valve, developed in [91], was tested at various operating temperatures by the
use of a heat chamber. It was shown that good control was achieved even at very high
temperatures. The experimental results showed that at 30 °C, the input voltage necessary to reach
a maximum spool position of 0.3 mm was 80 V, and the valve was capable of passing 9 L/min
(the pressure drop through the valve was not reported in the paper).

The problem associated with these designs is that the lever mechanism does not provide
temperature compensation; therefore, changes in performance can be expected because of

thermal expansion when the stack heats up during operation.
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In [92], a commercially available piezo stack actuator with a mechanical flexure amplification
system similar to that shown in Fig. 22 was used in place of a conventional torque motor to move

the flapper in a double nozzle-flapper pilot stage, as shown in Fig. 25.

lPilotstage e
(first stage) — |

| = |
— |

: Flapper — |
| Flexure — Amplified |
| tube piezostack |
| —— ~ Feedback |
| — spring |
| ==

| Main stage
:. (second stage)

Fig. 25. Redrawn representation of the two-stage servovalve with PEA developed in [92].

The working principle was very similar to that of a conventional two-stage servovalve.
Indeed, the force generated by the voltage applied to the piezo stack actuator moved the flapper,
which in turn created a differential pressure at the sliding spool ends and allowed the spool to
move. The negative values of the operating voltage moved spool to the left, while the positive
values moved to the right. For a supply pressure of 210 bar, a flow rate of 10.5 L/min was obtained
at the maximum input voltage of 35 V from null. In these conditions, the -90° phase lag was
obtained for a frequency of 284 Hz; the response time was 0.8 ms.

In this design, the use of an APA in place of the torque motor can lead to an increase in the
size and weight of the pilot stage, thus affecting the main characteristics of a two-stage

servovalve, which are the low weight and small size.

2.2.3 Servovalves driven by Bimorph Bender Actuators

To increase the displacement to volume ratio, bimorph (rectangular) benders have been
developed by a few manufacturers.

A bimorph bender actuator (also called plate actuator) consists of two or three layers
sandwiched between electrodes, as shown in Fig. 26. The piezo layers are operated in opposite
mode (contraction/expansion) by being polarized in opposite directions. A layer of a metal alloy

can be positioned between the ceramic elements.

Bimorph Actuator Electrical

. Field
- I

Fig. 26. Bimorph bender actuator [1].
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Because of their characteristics (low weight, high displacement and cost-effectiveness),
bimorph bender actuators have the potential to replace the torque motor in the pilot stages of

servovalves, according to the scheme of Fig. 27 [93].

L L L LLLS

Piezo-bimorph

Fixed orifice
Flapper
Supply M Supply
pressure | - ‘ | pressure
Pilot pressure Discharge pressure Pilot pressure

Fig. 27. Redrawn schematic of a bimorph actuator used for the control of a double nozzle-flapper valve,

proposed in [93].

The main problem is the very low actuation force generated by these actuators, being of the
order of a few Newtons. For example, model CMBP09 produced by Noliac has a length of 5 cm,
a width of 7.8 mm, and a height of 1.8 mm, providing a maximum free stroke of +635 um and a
maximum blocking force of 2.9 N [1].

To evaluate the effects of the hydraulic oil upon the piezoelectric bimorph actuator, a Simulink
model was used in [93] to investigate the architecture of Fig. 27. The simulation results showed
that at a frequency of 200 Hz, the maximum displacement of the flapper without oil (32.5 um)
was significantly higher than the maximum displacement obtained when the flapper was
immersed in oil (5 pm). This is due to the additional mass that the fluid provided to the actuator.

In [94], [95], [96], [97], bimorph bender actuators were used to actuate the flapper in a complete
double nozzle-flapper servovalve (pilot stage + main stage), as shown in Fig. 28a. LVDTs were
used to measure the sliding spool position, thus achieving closed-loop control to cope with the

hysteresis of the bimorph benders.
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actuator Control
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@) (b)

Fig. 28. Redrawn schematic of a bimorph actuator controlling a double nozzle-flapper valve (a) and redrawn

representation of the piezo valve prototype constructed in [94] (b).
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The piezo valve constructed in [94] is shown in Fig. 28b. It employed a parallel bimorph
bender actuator, which provided a free stroke of +1 mm and a blocking force of 0.35 N for a
maximum operating voltage of +60 V. The test results showed that this piezo valve had a
bandwidth of 140 Hz and could pass 7 L/min at a pressure drop of 14 bar. Similar results were
also obtained in [95], [96].

In [98], [99], a multilayer bimorph actuator was used in place of the torque motor to move the
deflector in a prototype of deflector jet piezo valve, as shown in Fig. 29. An existing design of
main stage valve body was used (Moog 26 series), fitted with an integrated LVDT to measure the
spool position. When a voltage was applied to it, the PEA bent and moved the deflector, which,
in turn, directed the jet of fluid to one of the two control ports. This created a pressure difference
on the spool ends, thus allowing the spool to move in the opposite direction to the movement of
the deflector. A feedback wire attached to the rectangular piezoelectric bimorph bender was used
to achieve mechanical feedback and generate a restoring force that could center the deflector and
stop the spool at a fixed position. The valve showed effectiveness and reliability during operation
and good performance levels. The simulation results, predicted using Simulink, were compared
to the experimental results. At a supply pressure of 140 bar, the -3 dB bandwidth of the
experiment results (=38 Hz) was 13.6% slower compared to the predictions (*40 Hz). The -90°

phase frequency was approximately 50 Hz in both cases.

o i — — — — — ———
| Pilot stage

| (first stage)

Bimorph actuator

Deflector

'y R

— — ——— ——— — —

Deflector

‘«——— Feedback wire

I Main stage
(second stage)

(a) (b)

Fig. 29. Deflector jet valve actuated by a bimorph rectangular actuator [98], [99]; redrawn schematic of the

operating principle (a) and redrawn representation of the actuator-deflector assembly (b).

2.2.4 Servovalves driven by Ring Bender Actuators

The designs in which a bimorph (rectangular) bender is used to actuate the pilot stage of a two-
stage servovalve might have an issue concerning the very low actuation force generated by these
piezo actuators. For example, the bimorph bender employed in [98], [99] had a maximum
blocking force of only 1 N. To increase the actuation force, ring benders, which are constructed
by a few manufacturers, can be used. The ring bender has recently become available and is
composed of several thin layers of piezoceramic with internal silver palladium electrodes, which,
in turn, are connected to external electrodes, as shown in Fig. 30. By applying voltage to the
external electrodes, which usually ranges from -100 V to +100 V, the ring bender can deform

concavely or convexly [100], [101]. A ring bender has higher stiffness and higher blocking force
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than a bimorph actuator of similar size but lower displacement. For example, model CMBRO07,
produced by Noliac, exhibits a free displacement of +185 um and a maximum blocking force of

13 N at a maximum operating voltage of 100 V [1].
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| v |

: «— External I

Negative : e —— electrode :
External | 1
Electrode | Internal I
! electrode :

I

100V +100V

Fig. 30. Shape and components of a ring bender [100].

In [101], a prototype of double nozzle-flapper pilot stage was developed in which two ring
benders were mounted with O-rings inside a housing to actuate the flapper, as shown in Fig. 31a.
A total of two ring benders were used for redundancy, which is needed in aircraft applications.
Experimental tests were performed on the prototype. The flapper stroke was +50 um. The

maximum flow rate was 0.61 L/min.

Valve outer body Ring Bender mount Flappcr

jAdjuster

A
Ring Benders
[)

Small O-rings \ Nozzle

Ring Benders Displacement sensor

Large O-rings Nozzle target

Central O-ring replaced
with metallic spacer A

(a) (b)

Fig. 31. Nozzle-flapper pilot stage controlled by piezoelectric ring benders developed in [101] (a) and
application to an entire 4/3 valve [102] (b).

In [102], the application of this novel pilot stage to a typical 4/3 valve was assessed using a
detailed Simulink model, which reproduced all of the real phenomena present in such a complex
hydraulic system. Step and sinusoidal tests were simulated for a supply pressure of 210 bar, thus
predicting the valve potential. It was shown that the interval time necessary to reach 90% of the
set point was about 3 ms for a spool position of 0.1 mm, 4 ms for a spool position of 0.6 mm, and
6 ms for a spool position of 1 mm. With regard to the frequency response, at a 100 Hz and +1 mm
amplitude, the phase shift was around -90°.

In [103], [104], [105], a two-stage piezo valve was developed using additive manufacturing.
The pilot stage employed a four-way three-position small spool directly driven by a ring bender,

as shown in Fig. 32.
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Fig. 32. Piezo valve developed in [103], [104], [105]: redrawn hydraulic scheme (a); redrawn first stage

schematic (b); new valve prototype photo (c); redrawn valve representation (d).

To minimize the internal leakage, a significant overlap was used between the bushing sleeve
and the spool lands in the first stage. A conventional main stage was hydraulically connected to
the pilot stage, and the sliding spool was controlled by the flow, which passed through the small
spool. A total of two LVDTs were used to measure the ring bender position and the sliding spool
position, respectively. The ring bender was characterized by a maximum displacement equal to
#115 pum and a maximum blocking force equal to +39 N for a maximum operating voltage of 100
V. A Simulink model, simulating the amplifier, the pilot stage and the main stage, was developed
and validated against experimental data. The valve worked very well at different operating
conditions; at a supply pressure of 210 bar, the -90° phase frequency was around 100 Hz.

In [106], [107], [108], a novel pilot stage configuration composed of two normally closed two-
way two-position (2/2) valves actuated by two piezoelectric ring benders was developed, as
shown in Fig. 33. Again, an LVDT was used to achieve closed-loop control. The differential
pressure, which allows the spool to move from its neutral position, was generated by opening
and closing the piezo valves. To assess the validity of this design, an experimental prototype of

the 2/2 piezo valve was constructed and was experimentally tested in a hydraulic test rig. The
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step tests performed on the test rig show that the piezo valve had high potential in terms of
response speed since the time required for the displacement and for the pilot pressure to change
from 10% to 90% of their final values was less than 5 ms. After the experimental validation, a
Simulink model was developed to simulate the entire valve. The results of the simulated step
tests showed that the response time was very fast, with about 6 ms predicted to reach 90% of the
full opening. Concerning the sinusoidal tests, the predicted phase shift was 40.8° for an input sine
signal with an amplitude of 1 mm and a frequency of 50 Hz, and 117.7° for an input sine signal

with an amplitude of 1 mm and a frequency of 100 Hz.
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Fig. 33. Operating principle of the piezo valve developed in [106], [107]: spool not modulating flow (a) and

flow modulation (b).

The main advantage of this architecture compared to a conventional servovalve is in terms of
power consumption. Indeed, common architectures of two-stage servovalves have high internal
leakage in the pilot stage. As an example, for an inlet pressure of 210 bar, the quiescent flow in a
Moog double nozzle-flapper valve (series 30) is around 0.73 L/min [21], whilst the leakage flow
predicted through each piezo valve, when the spool was in the neutral position (null), was
negligible and was equal to 0.029 L/min. This allowed the piezo valve to avoid a power
consumption of about 0.4 kW in the neutral position, for a supply pressure of 210 bar. In addition,
this novel configuration has the potential to reduce the complexity of the pilot stage because the

torque motor is removed.

2.2.5 Discussion and Comparison

A comparison among the main types of PEAs (piezo stack, amplified piezo stack, bimorph
bender, ring bender) is now provided, highlighting advantages and disadvantages of each type.
A piezo stack actuator is fragile with respect to tensile stress; to manage this and to improve its
dynamic performance, a correct value of preload must be applied to it. Piezo stacks can be
employed to directly drive the sliding spool in direct drive servovalves [80], [81], [82] or to replace
the torque motor in two-stage servovalves [83], [84], [85]; they can also be used to actuate a
moving bushing sleeve in a hybrid direct drive servovalve [85] or to actuate a moving plate with
annular grooves in a novel direct drive valve design [72]. It was shown that the direct actuation
of servovalves using piezo stacks can provide some advantages, such as simplicity, fast response
speed, high bandwidth, and high actuation forces (hence, high chip shear force capability).
However, the main disadvantages resulting from the use of a piezo stack actuator are the low
stroke and high dimensions. This means that a very large stack is needed to achieve high values

of flow rate; therefore, a very large valve must be designed. It must also be taken into account
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that the performance of a piezo stack actuator can be affected by changes in the operating
temperature.

To overcome these issues, novel designs of servovalves actuated by piezo stacks with
amplification mechanisms have been proposed in the scientific literature. The mechanical
amplification, which is obtained through a lever allows higher displacement to be reached but at
the expense of the actuation force, which is lower than that provided by a piezo stack. APAs can
replace the torque motor to actuate the pilot stage of servovalves [92], but this causes an increase
in the size of the pilot stage. Alternatively, they can replace heavier LFMs for the actuation of
direct drive servovalves [88], [89], [90], [91].

Bimorph (rectangular) benders and ring benders have been suggested by a few authors as
substitutes for the torque motor in two-stage servovalves in order to reduce the high complexity
of the torque motor assembly. These PEAs are smaller than piezo stacks and APAs; therefore,
their use will not affect an important characteristic of two-stage servovalves, which is the small
size. The application of direct drive servovalves is not possible with these PEAs given their low
actuation force. Rectangular benders have been proposed to actuate either the flapper of double
nozzle-flapper servovalves [93], [94], [95], [96], [97] or the deflector of deflector jet servovalves
[98], [99]. However, a ring bender might be preferred over a rectangular bender for the actuation
of a pilot stage because of the higher actuation force of the former. Some prototypes have been
developed using ring benders to actuate either the flapper of the pilot stage [101], [102] or a small
spool serving as pilot spool [103], [104], [105]. The results are very satisfactory in terms of
performance levels. A novel configuration has also been studied: making use of both two-ring
benders and a different configuration for the hydraulic bridge, this novel valve can eliminate
internal leakage in the pilot stage while obtaining a good step response and bandwidth [106],
[107], [108].

All PEAs suffer from high hysteresis; therefore, closed-loop control systems are mandatory in
all configurations to cope with hysteresis. Most of the proposed piezo valves need a position
sensor to obtain closed-loop control; only very few configurations make use of mechanical
feedback, thus not needing a position sensor [92], [98], [99].

The characteristics of the piezo valve typologies analysed in this paper are listed in Table 5 in

order to summarize the advantages and disadvantages of these configurations.
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Table 5. Comparison among the piezo valve typologies analysed.

Actuator

Valve Type

Description

Advantages

Disadvantages

Piezo stack

Piezo stack

Piezo stack

Piezo stack

Piezo stack

Direct drive servovalve
[80], [81], [82]

Two-stage servovalve
(double nozzle-flapper)
[83], [84]

Two-stage servovalve
(four pilot valves)
(85]

Hybrid direct drive servovalve
(85]

Direct drive valve
with a moving plate
[72]

Direct-drive servovalve

A piezo stack or two piezo
stacks directly move the spool

A piezo stack moves the flapper
of the pilot stage in place of the
torque motor

Four piezo stacks control the
main stage spool

The bushing sleeve is actuated
by a piezo stack, the spool by a
LFM

A piezo stack actuates a moving
plate with annular grooves

A piezo stack with mechanical

Very fast response

No leakage of the pilot stage
Simplicity of construction
(no pilot stage)

High chip shear force
capability

Very fast response
Simplicity of construction
(the torque motor is
removed)

High chip shear force
capability.

Very fast response
Simplicity of construction
(the torque motor is
removed)

High chip shear force
capability

Very fast response

High flow

High chip shear force
capability

Very fast response
Low internal leakage
Very high flow

Very fast response
No leakage of the pilot stage

Large size

Low ratio of actuator
displacement to actuator
volume

Temperature dependent
actuator

A position sensor is needed
High hysteresis

Large pilot stage size

High leakage in the pilot
stage

Temperature dependent
actuator

A position sensor is needed
High hysteresis

Large pilot stage size
Temperature dependent
actuators

Complexity of control

A position sensor is needed
High hysteresis

High leakage through the
moving sleeve

Complexity of control
High hysteresis
Completely new design
Temperature dependent
actuator

A position sensor is needed
High hysteresis

Large size

Temperature dependence
Low chip shear force

Amplified Pi tack lification directl th
mplified Piezo Stac [88], [89], [90], [91] amphtica 1ons IZZCI y moves the Simplicity (no pilot stage) capability
P Lower weight than LFMs A position sensor is needed
High hysteresis
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Table 5. Cont.

Actuator Valve Type Description Advantages Disadvantages
Very fast response
Two-stage servovalve A piezo stack or two piezo Ec’tll;relﬁg:ltyeo;?cg:t;ucmn ;airielI:ﬂkOt S;aiiet;fe ilot
Amplified Piezo Stack (double nozzle-flapper) P 2 P N g feakag P

Bimorph (Rectangular)
Bender

Bimorph (Rectangular)
Bender

Ring Bender

Ring Bender

Ring Bender

[92]

Two-stage servovalve
(double nozzle-flapper)
[93], [94], [95], [96], [97]

Two-stage servovalve
(deflector jet)
[98], [99]

Two-stage servovalve
(double nozzle-flapper)
[101], [102]

Two-stage servovalve
(pilot spool)
[103], [104], [105]

Two-stage servovalve (two pilot
valves actuated by ring benders)

[106], [107], [108]

stacks directly move the spool

A rectangular bender is used to

actuate the flapper of the pilot
stage

A rectangular bender is used to
actuate the deflector of the pilot

stage

Two ring benders actuate the
flapper of the pilot stage

A ring bender moves a pilot

spool controlling the main stage

spool

Two ring benders control the
main stage spool with no

leakage in the pilot stage at null

removed)
No need for a position
sensor (mechanical feedback)

Very fast response
Simplicity of construction
(the torque motor is
removed)

Low weight and small size

Very fast response
Simplicity of construction
(the torque motor is
removed)

No need for a position
sensor (mechanical feedback)
Low weight and small size
Very fast response
Simplicity of construction
(the torque motor is
removed)

High chip shear force
capability

Low weight and small size
Very fast response

High chip shear force
capability

Low internal leakage

Very high flow

Very fast response

High chip shear force
capability

Very low internal leakage
Very high flow

stage
High hysteresis

Low force of the
rectangular bender

High leakage in the pilot
stage

A position sensor is needed
High hysteresis

Low force of the
rectangular bender
High leakage in the pilot
stage

High hysteresis

High leakage in the pilot
stage

A position sensor is
needed

High hysteresis

A position sensor is needed
High complexity due to the
small pilot spool

High hysteresis

A position sensor is needed
Need for two piezo
actuators

High hysteresis
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2.3 Digital Hydraulic Technology

As computer and microelectronic technology are increasingly used in industrial and aeronautical
applications, the trend towards digitalization has become inevitable in the progress of hydraulic
technology [2]. The outstanding results achieved in information, communication, and power
electronics, coupled with the similarities between electrical and hydraulic systems, demonstrate that
use of digital concepts into hydraulic technology could be instrumental to address the energy issues
faced by conventional hydraulic systems [39], [41]. The term "digital hydraulic technology" was first
introduced more than a decade ago by Matti Linjama [40]. Over the last years, this novel technology
has gradually gained recognition as a distinct branch of fluid power, particularly in research fields.
Alongside the traditional institutes in Tampere (TUT/IHA) [109], and Linz (JKU/IMH/LCM) [110],
several other European research institutions, such as Bath University (PTMC) [111], RWTH Aachen
(IFAS) [112], and Aalborg University (AAU/ET) [113], have focused their attention on various
research related to digital fluid power.

Although digital pneumatic systems have been reported in literature [114], [115], [116], the
majority of digital fluid power systems that have been studied so far are hydraulic. This is mainly
because digital hydraulic technology offers significant advantages compared to conventional
hydraulic technology, including higher reliability, lower energy consumption, greater precision in
machine movements, fewer shutdowns, less production loss, higher component standardization, and
lower original investment and maintenance costs [117], [118], [119], [120]. Fig. 34 illustrates the
advantages of digital hydraulic technology over conventional hydraulic technology.

The standard definition of digital hydraulic technology, namely “a system which controls a
discrete fluid with a modulated, discrete, digital signal directly to realize active and intelligent control
of the system output”, was provided only four years ago in [121]. The authors noted that the previous
definitions by M. Linjama [122] and H. Yang [123] only partially captured the characteristics of digital
hydraulic technology. Based on the new definition, hydraulic components with the ability to
discretize fluid flow or control signals are referred to as digital hydraulic components, while
hydraulic systems composed of such components are known as digital hydraulic systems.
Interestingly, the idea that discrete control could offer advantages over continuous control was
already discussed in the 19th century [124], [125], [126].

The large variety of the digital hydraulic systems can be classified into two main categories [122]:

1. High frequency switching digital hydraulic systems;
2. Parallel digital hydraulic systems;

High-frequency switching digital hydraulic technology employs components that switch rapidly
and continuously over time, allowing active and intelligent control of the system’s output [121].
These systems can be classified as temporal output discrete systems [127], [128]. To control the
opening and closing of the components and achieve high-frequency switching, PWM techniques are
employed, allowing the system to attain different discrete output values [121]. Theoretically, these

systems can achieve any value within a specific range, although the output remains discrete due to
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the switching frequency of the components [121]. The latter significantly impacts the system’s
performance, as lower switching frequencies provide better control but lead to increased pressure
pulsations [122]. This technology finds practical use in Digital Hydraulic Buck Converters (DHBCs)
[129], Antilock Braking Systems (ABSs) [130], and fuel injectors [131].

On the other hand, parallel digital hydraulic technology involves connecting digital hydraulic
components in parallel to actively and intelligently regulate the system's output [121]. These systems
can be classified as spatial output discrete systems [127], [132]. By employing digital coded signals,
such as binary scheme, they can manage the opening and closing states of the parallel-connected
components, allowing for different state combinations and enabling the system to achieve various
discrete output values [121]. Furthermore, since these systems can attain a specific number of discrete
output values, determined by the number of parallel-connected components, the need for frequent
“on/off” switching of the components becomes unnecessary [122]. In comparison to high-frequency
switching digital hydraulic systems, parallel digital hydraulic systems, used in applications such as
Digital Flow Control Units (DFCUs) [133], Digital Hydraulic Power Management Systems (DHPMSs)
[134], and Digital Hydraulic Hybrid Actuators (DHHAs) [135], offer enhanced scalability,
programmability, and reliability [136].

* Components with simple design;
:> * Robust and durable components;
¢ Single component failure does not stop
the machine.

Higher
Reliability

+ Fewer shutdowns;
Higher Productivity [:> + Less loss of production.
: » Components require }
Lower Energy Consumption much less energy.
:> * Components
Lower Original Investment and Maintenance Costs less expensive.

Fig. 34. Advantages of digital hydraulic technology compared to conventional hydraulic technology, adapted
from [117].

2.3.1 Digital hydraulic valves

Digital hydraulic valves are the core components in digital hydraulic technology, and their
characteristics have a great impact on the performance of the entire digital hydraulic system. These
valves, being on/off, may not require a spool for flow adjustment and can have the same architecture
as that of poppet or ball valves. The latter are capable of performing several working cycles with
lower pressure drops than analogue and fragile spool valves because the flow area can be designed
larger [49]. The main difference between a ball valve and a poppet valve is that the former may
experience leakage due to the gap between the ball and the valve seat, while the latter ensures no
leakage. A cross-section view and the relative ISO symbols of a two-way two-position (2/2) digital

hydraulic valve with a poppet-type design are shown in Fig.35.
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Fig. 35. A two-way two-position (2/2) digital hydraulic valve (poppet-type design) and its ISO symbols.

As shown in Fig. 35, the digital hydraulic valve is composed of an armature (1), a coil (2), a valve
body (3), a push rod (4), a poppet (5) and a spring (6). Regarding its operation, when the coil is not
energized, the absence of electromagnetic force causes the poppet to remain in close contact with the
valve seat, thanks to the combined action of the spring force and hydraulic force. Conversely, upon
energizing the coil, the progressively rising of the electromagnetic force overcomes the cumulative
spring force and hydraulic force, initiating the gradual opening of the valve.

The use of digital on/off valves rather than conventional analogue spool valves, including

proportional and servovalves, results in many advantages for digital hydraulic technology [40], [122]:

e Simpler and less expensive valves;

e Simpler control electronics;

e Higher robustness;

e Lower energy consumption;

e Longer lifetime;

e Higher flexibility;

e Easy connection with computers and PLCs;
e Higher safety and reliability;

e Less sensitive for contamination;

e No need for spool position feedback;

e No leak if poppet type valves are used.

In terms of this last point, proportional valves are designed with appreciable overlap (greater than
5% of the sliding spool stroke), leading to minimal leakage [17], [21]. In contrast, the sliding spool
overlap in servovalves is usually very small (often 1% of the sliding spool stroke or less [26]), resulting
in high leakage [17], [21].

Digital hydraulic valves can be controlled using digital control methods, which involve
generating a Digital Command Signal (DCS) from a computer or controller to activate or deactivate
the valve. The DCS is then amplified through an electronic power supply and used to drive the digital

hydraulic valve, as shown in Fig. 36. Digital approaches are commonly used for controlling digital
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hydraulic valves because the latter, being on/off, have only two steady states that can be compared
with the "one" and "zero" of digital control methods. According on the different control approach,

digital hydraulic valves can be further classified into [121]:
1. High Frequency Switching Digital Hydraulic Valves;
2. Parallel Digital Hydraulic Valves.

The digital control approach employed depends on both the specific application requirements
and the characteristics of the valve being used. To illustrate this, Fig. 37 presents a classification of

digital hydraulic valves based on the different digital control approaches involved.

Power Supply [ Digital Hydraulic Valve ]

Fig. 36. A scheme representing the control of digital hydraulic valves.
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Fig. 37. Classification of digital hydraulic valves based on the different control approaches involved.

2.3.1.1 High Frequency Switching Digital Hydraulic Valves

Switching technologies are a type of digital hydraulic systems that involve the use of high
frequency switching On/Off valves (HFSVs). These valves are commonly known as pulse modulation
switching digital hydraulic valves since they use pulse modulation techniques to control the flow of
hydraulic fluid. Among the pulse digital control approaches, the PWM, the Pulse Frequency
Modulation (PFM), the inverted Pulse Frequency Modulation (invPFM) and the Duty Cycle
Frequency Method (DFM) are the most common employed to adjust the valve’s output [137]. To
differentiate between the various pulse digital control methods, it is necessary to examine the DCS
used for controlling the poppet position of the HFSV. In pulse control signals, the DCS is an
alternating signal that switches between "logical one" and "logical zero" states, which are represented
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by the pulse duration (toy) and the pause time (typr), respectively [137]. The sum of the pulse
duration (tyy) and the pause time (tyzr) gives the overall period (t) of the DCS:

T =ton * torr (2)

To describe the amount of the pulse duration (t,y), the concept of duty cycle is introduced. The duty
cycle, denoted by (%DC), is the ratio of the pulse duration (t,y) to the overall period (t) of the DCS,

as evaluated in the following equation:
ton
(%DC) = — 3)
T

Since the previous control approaches are limited to a single control variable, specifically the pulse
duration (tyy) or the pause time (tyrr), a third equation is necessary to differentiate the DCS among

the main pulse digital control approaches, as shown in Table 6 [137], [138], [139].

Table 6. Pulse digital control approaches used to control HFSVs [137], [138], [139].

Pulse Digital Control Approach  Control Variable Third Equation Variables Calculated
PWM ton T= % = const. torr — (%DC)
PFM torr toy = const. f
invPFM ton torr = const. f
DFM ton (%DC) = const. torr — f

The PWM method controls the pulse duration (tyy), while keeping the period (t) or the switching
frequency (f = 1/ 1) constant, in order to modify the duty cycle (%DC) of the DCS. In contrast, the
other three digital control approaches, namely the PFM, the invPFM and the DFM, can be used to
manage the frequency (f) of the DCS.

An illustration of the DCS used to control HFSVs with these four pulse digital control approaches
is shown in Fig. 38.
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Fig. 38. Differences between the digital command signal used to control HFSVs: (a) PWM; (b) PFM; (c) invPFM;

(d) DFM, adapted from [137], [138], [139].

The use of different pulse modulation techniques allows for the description of the working

principle of a two-way two-position (2/2) HFSV. As shown in Fig. 39, a pulse control signal (from 0

to 1) is delivered to the HFSV and flow modulation is obtained by adjusting the frequency (through
PFM, invPFM or DFM controls) or the duty cycle (through PWM control) of the DCS. The

controllability of the valve is influenced by the switching frequency. A lower switching frequency

results in higher controllability, but it also leads to an increase in pressure pulsation and a decrease

in the average flow rate obtained. To suppress noise and achieve a smoother flow rate, accumulators

and inertance tubes are commonly employed [140]. In the graph, the average flow rate provided by

the 2/2 HFSV is represented by the symbol (Qwm) on the right y-axis.
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Fig. 39. Two way two-position (2/2) HFSV controlled with the PWM control approach.
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The behaviour of an HFSV (poppet-type design) changes depending on how the control variable of
the DCS is modulated. There are five distinct operation modes [137], [139]:

1) Deactivated Mode: the pulse duration (toy) is so short that the poppet does not move;

2) Ballistic Mode: increasing the pulse duration (t,y) the poppet starts to move, but it does not
reach the upper end stop and is pushed back to the lower end stop;

3) Normal Mode: the pulse duration (toy) is long enough to fully open the valve;

4) Inverse Ballistic Mode: the pause time (tyrr) is so short that the poppet cannot reach the
lower end stop;

5) Activated Mode: the pause time (torr) is so short that the valve remains always open.

Fig. 40 depicts the five operation modes of an HFSV controlled by the PWM technique [137]. In the
graph, the poppet position of the HFSV is represented by the symbol (x) on the right y-axis.
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Fig. 40. Different behavior of an HFSV controlled by PWM technique, adapted from [137].

A thorough examination of Fig. 39 and Fig. 40 clearly reveals that the crucial performance
indicators of an HFSV encompass its static flow characteristics, dynamic characteristics, power
consumption and noise and vibrations [141]. The dynamic characteristic of an HFSV represents its
behaviour during opening and closing, while the static flow characteristic depicts the relationship
between the average output flow rate and the duty cycle of the pulse control signal, measuring the
level of linearity between them [142]. To gain a better understanding of these two performance
indicators of HFSVs, Fig. 41 presents the schematic dynamic diagram and the static flow curve of an

HEFSV (poppet-type design) controlled using the PWM approach.
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Fig. 41. Performance Indicators of an HFSV: (a) Schematic Dynamic Movement; (b) Static Flow Curve, adapted
from [142].

Fig. 41(a) illustrates the dynamic performance of the HFSV during its operation. This performance is
quantified using four key parameters, i.e. the delay before it starts to open (opening delay time, ty,, ),
the duration it takes to fully open (opening moving time, t,,,, ), the delay before it starts to close
). The

combined total of the opening delay time and opening moving time defines the opening switching

(closing delay time, ), and the duration it takes to fully close (closing moving time, t

taorr MoFF

time of the valve, while the combined total of the closing delay time and closing moving time defines
the closing switching time of the valve. An important detail to note is the presence of hysteresis in
the movement of the HFSV’s poppet. The latter is caused by two factors, namely the electrical
hysteresis due to the inductance of the coil, and the inherent mechanical hysteresis [143]. These
factors result in a delay in the opening switching time when the coil is energized, and a delay in the
closing switching time when the coil is de-energized. In contrast, Fig. 41(b) presents the five distinct
regions of the static flow curve of the HFSV [144], each corresponding to the operational modes seen
earlier in Fig. 40. Examining Fig. 41 closely suggests that longer opening and closing delay times
increase the dead zone and saturation region, which in turn decreases the linearity of the flow rate
[142]. Additionally, extended opening and closing movement times expand the first and third
regions, further reducing linearity [142]. This brief analysis suggests that improving the dynamic
performance of the HFSV is crucial for enhancing the linearity of its output flow rate. This
improvement can be achieved by reducing the interval time associated with the opening delay,
opening movement, closing delay, and closing movement.

To meet the requirements of improved dynamic performance and flow linearity, and reduced
power consumption, noise and vibration for a single HFSV, scholars have explored different Discrete
Control Voltage (DCV) strategies or various PWM strategies [142]. Regarding the former, the
controller adjusts the DCS based on the DCV strategy employed, combining multiple DCV signals
with different amplitudes according to a specific logic. Specifically, four DCV signals have been
explored over the years. The working principle of each DCV signal is detailed in Table 7, while Fig.
42 provides an illustration for a better understanding [142]. Specifically, Fig.42 shows how the
controller modifies the DCS waveform based on the employed DCV strategy in order to obtain the
desired DCV signal.
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Table 7. Working Principle of four different DCV Strategies [142].

Controller Action at a Specific Instant in Time

DCV Strategy System Rising Edge of I;IFS\E)Crlt{cal MHITSV Falling Edge of
Start DCS axpening X DCS
Current Opening
Single-Voltage DCV V.Vlth fixed The DCV drops to
- amplitude for - - zero for valve
Control . .
valve opening closing
Double-Voltage High Voltage for The 'controller The VOltE'lg'e 'dr'ops
- accelerating - switches to to zero, initiating
Control . .
valve opening low voltage the valve closing
Three-Voltage ngh Vol'tage for The 'controller Revgrse Voljcage
Control - improving the - switches to for increasing
opening speed low voltage closing speed
Preload High voltage for The ?ontroller Reverse voltage
Four-Voltage X switches to . .
voltage at accelerating . - for increasing
Control . holding .
system start ~ valve opening closing speed
voltage

In single-voltage control, recent research highlights its shortcomings in meeting HFSV

requirements for dynamic performance, power efficiency, vibration reduction, and noise control

[145]. Double-voltage control, in comparison, enhances both the dynamic performance (in terms of

the opening and closing speed) and power consumption, even though it suffers in terms of robustness

due to the significant variation in the dynamic characteristics of the HFSV at different oil supply

pressures [146]. Three-voltage control innovatively employs reverse voltage during valve closing,

rapidly reducing electromagnetic force and improving closing speed, while also improving energy

conversion efficiency and robustness by adjusting the DCV signal amplitude [147], [148], [149], [150].

Four-voltage control introduces a preload-voltage excitation before valve opening, significantly

enhancing dynamic performance (in terms of the opening speed) compared to single-voltage, double-

voltage, and three-voltage control strategies [151], [152].
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Fig. 42. Four different DCV signals used to control a single HFSV: (a) Single-Voltage control; (b) Double-Voltage
control; (c) Three-Voltage control; (d) Four-Voltage control, adapted from [142].

On the other hand, in the realm of pulse control strategies, researchers have explored several
PWM subcategories, including the compound PWM control, the adaptive PWM control, the
intelligent PWM control, and the soft-landing PWM control. The compound PWM control involves
multiple pulse control signals with varying carrier frequencies, enhancing the dynamic performance
and energy efficiency of HESVs [153]. The adaptive PWM control adjusts duty cycles of pulse control
signals based on oil supply pressure, ensuring optimal dynamic performance under different
operating conditions [154]. The intelligent PWM control allows the dynamic characteristics of a single
HEFSV to be self-adjusted and improved by controlling opening and closing initial currents through
intelligent pulse control signals [155], [156]. The soft-landing PWM control minimizes noise and
vibration during rapid HFSV operations, though it comes with a slight decline in dynamic
performance compared to conventional PWM control [157].

To summarize, Table 8 offers a comparison of different control strategies explored for a single
HFSV, encompassing both DCV and PWM approaches. The assessment considers aspects such as
opening and closing dynamics, energy efficiency, vibration and noise reduction, and robustness.
Performance indicators in the table are rated on a scale from 1 to 5, with higher values indicating

better performance in the respective category [142].

46



Table 8. PWM and DCV strategies performance comparison for a single HFSV [142].

Digital Opening Closing Noise and
. - Energy . .
Control Dynamic Dynamic . . Vibration | Robustness
Efficient .
Approach Performance | Performance Reduction
Single-Voltage 4 1 1 1 1
Control
Double-Voltage
4 2 4 1 2
DCV Control
Strategies | Three-Voltage 4 4 3 2 3
Control
Four-Voltage 5 4 ) 3 3
Control
Compound PWM 4 4 3 1 3
PWM Adaptive PWM 4 5 4 3 4
Strategies | Intelligent PWM 5 5 4 3 4
Soft-Landing PWM 3 4 3 5 3

Optimal opening dynamics are achieved with the four-voltage control and intelligent PWM control.
Regarding closing dynamics, effectiveness is observed in the adaptive PWM control and intelligent
PWM control, utilizing a dynamically applied reverse voltage signal. In terms of power consumption,
the double-voltage control, adaptive PWM control and Intelligent PWM control are the most efficient,
while the single-voltage control is the least efficient. The soft-landing PWM control excels in vibration
reduction, and the robustness is highest in the adaptive PWM control and intelligent PWM control,
showing minimal sensitivity to variations.

Independently on the control strategy, HFSVs can be effectively used in a digital hydraulic circuit
to replicate the functionality of a conventional four-way three-position (4/3) spool valve. This is
achieved by using four 2/2 HFSVs, each responsible for establishing one of the fluid pathways: P -
A, A>T, P- B, and B 2 T This setup enables the realization of the digital hydraulic circuit of a
four-way three-position (4/3) HFSV. The working principle of the 4/3 HFSV, composed of four 2/2
HFSVs, is illustrated in Fig. 43.
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(with four 2/2 HFSVs)
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v
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Fig. 43. Four-way three-position (4/3) HFSV made up of four 2/2, adapted from [122].
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Interestingly, the system can be simplified by reducing the number of components from four 2/2
HFSVs to just two 4/2 HESVs. This is achievable if the digital hydraulic circuit of the 4/3 HFSV is
configured as shown in Fig. 44 [50].
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Fig. 44. Four-way three-position (4/3) HSFV composed of two 4/2 HFSVs [50].

2.3.1.2 Parallel Digital Hydraulic Valves
The Parallel Digital Hydraulic Valve, also known as the Digital Flow Control Unit (DFCU), is made

up of multiple robust on/off valves connected in parallel, enabling precise flow control [133]. Each
individual on/off valve in the system possesses key parameter characteristics, including the switching
time, reliability, repeatability, and flow capacity [40]. Concerning the latter, there are three
conventional control approaches for determining the flow capacity of each on/off valve within a
DFCU [40]:

1. Pulse Number Modulation (PNM): With this approach, the On/Off valves have the same size
and, thus, the same flow capacity (1:1:1:1...);

2. Pulse Code Modulation (PCM): This method is based on the use of the orifices positioned
after the valves, which enable the flow capacities of the different valves to be set according
to a binary series (1:2:4:8:16...);

3. Fibonacci Numbers (FN): With this scheme, the orifices positioned after the valves allow the
flow capacities of the different valves to be set according to a Fibonacci series
(1:1:2:3:5:8:13...).

Independently on the coding, a DFCU has 2N possible combinations (where N represents the
number of parallel connected switching valves), which are called states of the DFCU. By activating
and deactivating these valves, the flows from each valve are combined, obtaining different state of
the DFCU. This control strategy was already proposed by Flugge-Lotz and Taylor in the past century,
where multiple, parallel-operated actuators with different gains could be switched in different logic
combinations [158].

Another fundamental property of the DFCU is that it does not require the switching of any
individual valve between “on” and “off” to achieve continuous system output. Valve switching is
only needed when the state of the DFCU changes [159].
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Fig. 45 depicts a picture of a DFCU composed of three two-way two-position (2/2) on/off valves,
along with its simplified symbol and the corresponding working principle using the PCM coding.
The two broken lines in the simplified symbol indicate almost proportional flow control of the unit,

while the number of valves in the unit is determined by the variable N.
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Fig. 45. A Digital Flow Control Unit (DFCU) made up of three two-way two-position (2/2) on/off valves: (a)
Complete representation; (b) Simplified symbol (N represents the number of parallel connected switching
valves); (c) Binary state table, adapted from [117].

Similarly to the 4/3 HESV, four independent DFCUs can be used in a digital hydraulic circuit to
replace the pathways of a conventional four-way three-position (4/3) spool valve, specifically (P -
A, A>T, P> B, B->T) and replicate its function. The working principle of the four-way three-
position (4/3) DECU Valve is shown in Fig. 46, where each of the four DFCUs is composed of five
2/2 on/off valves [160], [161].
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Fig. 46. Four-way three-position (4/3) DFCU Valve: (a) Complete representation; (b) Simplified representation,
adapted from [160], [161].

As shown in Fig.46(a), the on/off valve that makes up each DFCU is a normally closed two-way
two-position (2/2) On/Off valve, which blocks flow when it is in the unactuated position (0) and
allows the passage of flow when actuated (1). Clearly, the more precise flow rate is required, the
more on/off valves need to be used in each DFCU [117]. In particular, the same controllability of a
conventional spool valve can be achieved if the maximum discrete flow rate provided by each DFCU
is approximately 200Q, where Q represents the flow rate provided by the minimum valve of each
DECU, as previously shown in Fig. 45(a). This can be obtained if each DFCU is equipped with 200
equally sized on/off valves (using PNM coding), 11 on/off valves (with FN coding) or 8 on/off valves
(via PCM coding) [40]. Fig. 47 illustrates a performance comparison between a 4/3 proportional valve,
which uses machined notches and grooves on the sliding spool to achieve the desired flow rate trend
based on spool position [17], and a 4/3 DFCU Valve consisting of four DFCUs, each incorporating 8
on/off valves and controlled through PCM coding [117]. In the graphs of Fig. 47, x/xmax represents the
ratio between the spool stroke and the maximum spool stroke; whereas Q/Qror is the normalized flow

rate, namely the ratio between the flow rate and the maximum flow rate provided by the valve.

Proportional Valve (Metering Curve) 4/3 DFCU Valve - PCM control
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Fig. 47. Comparison between analogue and digital hydraulic valves: (a) Proportional Valve; (b) 4/3 DFCU Valve,
adapted from [117].
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Regarding the coding schemes, the PCM is the most used for controlling DFCUs. [162]. Its main
advantage is the high resolution, namely the ratio between the maximum flowrate and the largest
step between two consecutive flow-steps [163]. However, the PCM scheme has an important
drawback, namely the high probability of pressure peaks caused by non-uniform on/off valve
switching times [164]. During DFCU state changes, some valves may close before others open,
resulting in brief periods of undesired flow rates, which led to pressure peaks [165]. Conventional
solutions such as accumulators, pressure relief valves, and orifices are often expensive and can
negatively affect system dynamics [166]. In response, scientific researchers have proposed other
solutions, such as altering the holding time of the valves [167], or synchronizing their switching time
[168], [169]. Additionally, modifying the coding scheme is another option for mitigating the pressure
peaks [168], [170].

The PNM is the simplest control approach that uses on/off valves with the same size and, thus,
with equal flow capacities. The PNM scheme is considered theoretically superior to the PCM coding
due to its faster speed, lower power consumption, and excellent fault-tolerance performance [171],
[172]. Furthermore, it is also considered the most effective strategy for addressing pressure peak
issues. This is because, when the DFCU state changes, the valves, being of the same size, open and
close simultaneously [165]. Fig. 48 shows a comparison of the fault-tolerance performance between
the PNM and the PCM approaches used to control a DFCU [122].
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Fig. 48. Fault-tolerance performance: (a) PCM coding; (b) PNM coding, adapted from [122].
The main weakness of the PNM coding scheme is due to the fact that a large number of on/off
valves is needed in order to obtain a good resolution. Unfortunately, considering the size problem of

a DFCU, the PNM control approach cannot be used in most situations [122]. Fig. 49 shows the poor
resolution of the PNM control approach compared to the PCM coding scheme.
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Fig. 49. Comparison between the PCM and the PNM control approaches: (a) DFCU made up of 3 On/Off Valves;
(b) DFCU made up of 5 On/Off Valves; (¢) DCU made up of 7 On/Off Valves, adapted from [122].

As shown in Fig. 49(c), a DFCU with 7 on/off valves achieves a maximum flow rate of 128Q, when
the PCM coding is involved. In contrast, the DFCU offers a maximum flow rate of only 7Q, when the
PNM is used.

The FN control approach is a compromise between the PCM and the PNM coding. It has the
advantage of limiting pressure peaks more effectively than binary coding while requiring fewer
valves than the PNM approach [165]. Additionally, it enhances redundancy and enables optimization
of valve operations [40].

The strengths and weaknesses identified in conventional DFCU coding schemes underscore the
persistent challenge in formulating an effective control strategy that shows high-performance in
various aspects, encompassing control accuracy, valve lifespan, and pressure peak management.
Consequently, researchers have recently shifted their focus towards investigating the potential
application of PWM approaches for DFCU control [142]. This technique uses PWM signals with
different duty cycles to individually control each on/off valve that is connected in parallel within a
DFCU, enabling accurate flow rate adjustments [173]. However, this method presents several
challenges, such as pressure peaks, a shorter lifespan, and the production of vibration noise [142].

In an effort to address these challenges, a combination of different coding control strategies, such
as PWM and PCM has been explored [120]. This combined strategy, compared to the PCM coding
scheme, not only provides superior control performance but also helps to mitigate the impact on the
flow rate during valve switching [142]. As a result, it presents a promising solution for improving
both the efficiency and longevity of DFCUs.

In summary, Table 9 offers a comparison of the performance of control strategies for DFCUs. The
performance indicators in the table are represented by values ranging from 1 to 5, where a higher

value signifies better performance in the corresponding category [142].
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Table 9. Control strategies performance comparison for DFCUs [142].

Digital Control Approach Control Accuracy Lifespan Pressure Peaks
PCM 3 3 3
PNM 1 5 1
FN 2 4 2
PWM 5 1 5
PWM + PCM 4 2 4

Table 9 indicates that the PWM approach stands out in terms of control accuracy. However, it does
not perform as well when considering DFCUs’ lifespan and pressure peaks problem. In these aspects,
the PNM scheme is shown to be the most effective among all coding schemes. Table 9 also highlights
that PCM coding is the most commonly used strategy due to its balanced performance across all

categories.

2.3.2 Research Advancements in Digital Hydraulic Valves

Digital hydraulic valves are the key components of digital hydraulic technology. Considering their
benefits over conventional analogue spool valves, this section focuses on exploring the research

progress and performance of digital hydraulic valves developed over the years.

2.3.2.1 Research Progress in High Frequency Switching Digital Hydraulic Valves

HFSVs are designed to meet specific criteria. These include the ability to achieve high switching
frequencies and high switching speeds, specifically less than 5 ms. Additionally, HFSVs aim to
minimize pressure losses and deliver a large flow rate while maintaining a compact size [122].
Currently, the fastest valves can achieve switching frequencies ranging from 50 to 150 Hz, with the
potential to reach up to 1000 Hz for short-term operation in very small valves [174].

In literature, the various high frequency switching digital hydraulic valves can be classified into

two main categories based on their actuation system:

e HFSVs with electromagnetic actuators;

e HFSVs with smart materials.

2.3.2.1.1 HFSVs with electromagnetic actuators

Research publications on the development of HFSVs with electromagnetic actuators can be found
regularly from 1970s [175], [176], [177], [178]. All these valves presented very fast response times, but
their flow rates were limited to very low flow applications. A valve capable of producing higher flow
rates was realized in [179]. However, it presented a complex design and high energy consumption.
In 1991, to increase the flow rate, minimize the power consumption, and at the same time,
maintain simplicity of design, Cui et al. designed a novel rotary 2/2 HFSV (poppet type) [180]. It
presented a single stage structure but could perform as a double-stage valve. Fig. 50 provides an
illustration of the operational principle. Referring to Fig. 50(a), the pressurized fluid initially entered
chamber (A) which was sealed, causing no movement of the poppet. A DCS was then delivered to

the torque motor, allowing the poppet to rotate by a small angle in the position shown in Fig. 50(b).
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This action aligned the machined ports on the poppet with the ports on the valve body, thereby
allowing the pressurized fluid to flow through the path (B) and reach chamber (C). The pressure
imbalance between the supply and load pressure caused the poppet to move to the right, opening
the valve. To close the valve, the torque motor rotated the poppet counterclockwise, as illustrated in
Fig. 50(c). In this way, the chamber (C) was connected with the tank, and the pressure difference
between the supply and tank pressures caused the poppet to return to its original position, closing

the valve.
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Fig. 50. Redrawn schematic representation of the 2/2 HFSVs realized in [180]: (a) Basic Configuration; (b)
Operating principle to open the valve; (c) Operating principle to close the valve.

To assess the validity of the valve design, a prototype was fabricated, and experimental tests were
conducted. The results showed that with a pulse signal frequency of 50 Hz, a duty cycle of 80%, and
a pressure drop of 90 bar, the valve had a switching time of approximately 2.5 ms and produced a
flow rate of around 18 L/min. However, the value of the flow rate decreased to 10 L/min when the
pressure drop was set to 50 bar.

Three years later, the Chinese company Guizhou Honglin Machinery developed a 3/2 HFSV (ball
type), whose schematic representation is shown in Fig.51(a) [132], [181]. When the coil (1) was
energized, the electromagnetic force caused the armature (2) and the entire ball assembly (i.e., supply

ball (3), separating pin (4), and returning ball (5) to move to the right. As a result, the port (A) was
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connected to port (P) and separated from port (T), as depicted in Fig.51(b). Conversely, when the coil
was de-energized, the hydraulic pressure of the inlet port (P) pushed back the ball assembly to the
left side. As a result, the port (A) was connected to port (T) and separated from port (P), as illustrated
in Fig. 51(c).
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Fig. 51. Redrawn schematic representation of the 3/2 HFSV realized in [181]: (a) Basic configuration: (b) Open

Position; (c) Closed Position.

According to manufacturer specifications, the opening and closing switching times of the valve were
about 3.5 ms and 2.5 ms, respectively [132]. The maximum flow rate of 9 L/min was obtained at a
pressure drop of 200 bar [132]. In recent years, this valve has been the subject of several scientific
publications. Kong et al. enhanced the dynamic response of the 3/2 HFSV by replacing the single coil
with multiple parallel solenoids [182]. By applying a driving voltage of 24 V at a pressure drop of 150
bar, the valve switching times were reduced from 1.5 ms to 1.16 ms for opening and from 1.54 ms to
1.3 ms for closing, respectively. However, the use of a parallel configuration also resulted in increased
energy consumption and temperature of the valve. To minimize the energy consumption and
temperature rise of the 3/2 HFSV, Zhong et al. proposed an intelligent PWM algorithm for controlling
the valve in [155]. The experimental results showed that the algorithm had the potential to make the
valve switching times faster, with the opening time being reduced by 23.6% and the closing time by
17%. Moreover, it significantly decreased energy consumption by 88.8% and limited the temperature
rise by 69.9%.

In 2007, Tu et al. proposed a self-spinning rotary 3/2 HSFV (spool type) [183]. The operating
principle of this rotary valve can be described by examining Fig.52. In particular, considering the
illustration in Fig. 52(a), the inlet pressure rail on the valve sleeve supplied the rhombus inlet nozzles
for generating fluid momentum. The helical barriers captured the fluid momentum and redirected it
towards the centre of the valve spool. After reaching the valve spool centre, the fluid was compelled
to move in the axial direction via the internal axial passages that guided it to the outlet turbines, as
shown in Fig. 52(b). Then, the outlet turbine blades re-accelerated the fluid outward and tangential
to the spool. As a result, a torque was generated on the spool, enabling its rotation. With the spool

rotation, the inlet turbine continuously switched the fluid flow between the load and the tank, as
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illustrated in Fig. 52(c.) The duty cycle of the DCS was regulated based on the spool axial position,
which modulated the orifice area ratio between the two hydraulic pathways during each rotation. To
study the performance of this valve configuration, a detailed dynamic model was realized in Matlab.
The numerical predictions showed that the valve could achieved a switching frequency of 84 Hz, and
it could produce a flow rate of 40 L/min at a pressure drop of 70 bar.
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Fig. 52. Redrawn schematic representation of the self-spinning rotary 3/2 HFSV proposed in [183]: (a) Cutaway
illustration of spool and sleeve assembly; (b) Internal geometry of the spool; (c) Schematic representation of the

rotary spool.
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In 2013, Gu et al. developed a 2/2 HFSV with a fixed poppet and a moving sleeve, as shown in Fig.
53 [184]. In the closed position, the Coil A was typically energized to counteract the flow force
directed towards the right caused by the high inlet pressure from port (P). On the other hand,
energizing the Coil B allowed the valve to open by moving the thin moving sleeve towards the right,

thereby connecting the high-pressure port (P) to the outlet port (A).
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Fig. 53. Redrawn schematic representation of the 2/2 HFSV realized in [184].

The tested valve prototype achieved an opening switching time of 2.25 ms and a closing switching
time of 2.15 ms. Additionally, at the maximum duty cycle of the DCS and a switching frequency of
50 Hz, it delivered a flow rate of approximately 64 L/min with a pressure drop of 10 bar.

In 2018, Yang et al. developed a novel miniature 2/2 HESV (poppet type) [185], [186], [187], which
is illustrated in Fig. 54. To increase the magnetic flux, the return spring was designed at the top of the
valve. This design enabled the production of a significant electromagnetic force despite the valve’s
small size, resulting in excellent response speed. Moreover, the valve structure included a magnetic

ring composed of soft magnetic material, which reduced the overall reluctance losses.
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Fig. 54. Redrawn schematic representation of the 2/2 HFSV realized in [185], [186], [187].

The experimental results revealed that the valve exhibited a switching time of 1.5 ms. Nevertheless,

due to the small diameter of the inlet orifice (0.5 mm), the flow rate at a pressure drop of 35 bar was

limited to only 0.7 L/min.

Table 10 provides a useful comparison of the strengths and weaknesses of the different HFSVs

driven by electromagnetic actuators, highlighting the performance of each type.

Table 10. Overview of HFSVs actuated by electromagnetic actuators.

HFSV .. Switching Sw1fch1ng Flow Capacity [L/min]
Reference Type Description Frequency Time (@ Pressure drop [bar])
P [Hz] [ms] P
Cui et al. A rotating poppet allows to
. 1
[180] 2/2 control the flow of hydraulic oil 50 25 8 00)
. . A ball assembly of three parts
Honglin Machinery 3/2 enables the flow path to be 3.5/2.5 9 (200)
[181] (on/off)
alternate
Tu et al A self-spinning rotary valve
[183] ' 3/2 continuously switches the flow 84 - 40 (70)
between the load and the tank
A fixed t and a thi i
Guetal. 2/2 sleézj Cap Osl:;l?ciea:alje téinéﬁﬁ 50 2:25/2.15 64 (10)
[184] " P (on/off)
close
A miniature poppet valve with
Yang ctal. 2/2 top spring and soft magnetic ring - 1.5 0.7 (35)
[185], [186], [187]
for low reluctance losses
2.3.2.1.2 HFSVs with PEAs

The need for high switching speeds led researchers to explore the possibility of using smart materials

for actuating HFSVs. In particular, their focus was on piezo-electric actuators. Indeed, the excellent
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characteristics of these actuators, such as simple design, reduced moving parts, high reliability, and
fast response, make them useful for developing this type of digital hydraulic valves [188].

Back in 1990s, Yokota et al. conducted a research study on the application of PEAs to develop a
novel 3/2 HESV (poppet type) [80], [189]. A cross-section view of the valve is shown in Fig. 55. There
were two piezo-stacks that allowed to move a double poppet through steel balls in a push-pull mode
from both sides. The multilayer PEAs offered a free stroke of 0.015 mm and a blocking force of 850
N at a maximum operating voltage of 100 V. The displacement of the double poppet was measured
by means of a non-contact reluctance-type position sensor. In order to obtain high-speed response,
feedforward control was utilized. The authors stated that this valve had a switching frequency of 2
kHz and a switching time of 0.06 ms in both directions, and it could deliver 7.2 L/min at a pressure
drop of 100 bar. They recommended the use of this HEFSV as a pilot stage for other hydraulic

components.
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Fig. 55. Redrawn schematic representation of the 3/2 HFSV realized in [80], [189].

To address the issue of high costs associated with the use of two piezo stack actuators, Yamada et
al. developed a 2/2 HFSV prototype that employs a spring mechanism and a single PEA to obtain
bidirectional poppet control [190]. A cross-section view of the prototype is shown in Fig. 56. Since
the main weakness of piezo stack actuators is their low stroke, a hydraulic amplifier was
implemented to copy with this problem and actuate the valve. When a DCS was applied to the
multilayer PEA (1), the press piston (2) moved towards the right, compressing the oil in the oil
chamber (3). This pressurized oil allowed the valve to fully open by pushing the poppet (4) to the
right. The poppet movement was countered by a spring (5), which allowed the valve to close when
the DCS to the stack was removed. During the closed position, the oil pressure in the oil chamber
decreased, and the oil could be recharged through the check valve (6). Other important components
were the pre-compression spring (7), the check valve (8), and the LVDT (9). The pre-compression
spring (7) ensured the correct value of preload to the piezo stack, while the check valve (8) acted as a
pressure relief valve by allowing the red path to remain under a certain value of pressure. The LVDT

(9) was used to measure the poppet position and achieve closed loop control.
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The experimental results showed that the valve could operate at a frequency of 500 Hz, with a
switching time less than 0.7 ms. At a pressure drop of 100 bar and a switching frequency of 100 Hz,
the flow rate increased in proportion to the duty cycle until reaching a maximum of 3 L/min at a duty
cycle of 75%. However, above this duty cycle value, the flow rate sharply decreased due to the low
"off" time of the valve, which did not allow the oil to adequately recharge the oil chamber. As a result,
the hydraulic amplification was not enough to open the valve.

In order to overcome the limitations in duty cycle and achieve higher flows, Ouyang et al. utilized
three piezo stack actuators in a 2/2 HSFV to open and close a poppet [191]. The operating principle is
depicted in Fig. 57 (from left to right). When both piezo stacks (1) were activated, the combined
output force of 3 kN permitted the poppet (2) to initiate a slight opening. At that point, the outlet
pressure increased rapidly, while the resistance forces (namely the flow forces and the pressure forces
due to the supply pressure) decreased quickly. Consequently, the poppet continued to move until it
reached its end stop with the help of the spring (3). To return the poppet to its original position, the
DCS was removed from the two piezo stacks (1) and applied to piezo stack (4). This latter stack
generated an instant force of 3 kN, which impacted the poppet, causing it to move downwards.

Subsequently, the force of the spring (5) allowed the poppet to close the valve.

60



A A
Closed Position Closed Position

Fig. 57. Redrawn working cycle of the 2/2 HFSV proposed in [191]: Closed position (left); Open position (middle);
Closed position (right).

This valve design successfully overcame the issue of micro-displacement of piezo stack actuators.
While both piezo stacks (1) and (4) provided a free stroke of 0.032 mm under a maximum voltage of
120 V, the poppet stroke could reach displacements up to 1 mm. To assess the validity of this valve
configuration, a detailed mathematical model was realized. The simulations showed that the valve
was capable of producing 10 L/min at a pressure drop of 200 bar and a switching frequency of 200
Hz. The graphs also revealed that the switching time of the valve was less than 1 ms.

Table 11 provides an overview of HFSVs actuated by smart materials, highlighting the advantages
and disadvantages of the piezoelectric actuation. In contrast to solenoid driven HFSVs, HFSVs
utilizing PEAs can achieve higher switching frequency and faster switching time. For example, the
piezoelectric HFSV developed by Yokota et al. can switch at a frequency of 2 kHz [80], [189].
However, due to the limited displacement of PEAs, additional piezostacks or displacement
mechanism amplifiers are often required, as seen in the valve layouts proposed by Ouyang et al. [191]
and Yamada et al. [190], which can increase the valve costs. Additionally, all the innovative
piezoelectric HFSVs exhibit very low flow rates at high pressure drops, generating high power

consumption.
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Table 11. Overview of HFSVs actuated by PEAs.

Switching  Switching

Reference P;FSZ Description Frequency Time féol‘:; eCs:E:eCI;)rlo[L/[rlr;::]])
P [Hz] [ms] P
Two piezo stacks allow to drive a
Yokota et al. [80], double poppet in a push-pull
2 2 . 721
[189] 3 mode from both sides of the 000 0.06 (100)

valve

A piezo stack with hydraulic

Y 1.
amada et a 2/2 mechanism amplification enables 500 <0.7 3 (100)

190
[190] the poppet valve to be actuate

Ouyang et al. 2 Three piezo stacks allow to open 200 <1 10 (200)
[191] and close the poppet valve

2.3.2.1.3 Potential Application Scenarios of High Frequency Switching Digital Hydraulic Valves
The previous Tables 10 and 11 have illustrated that both HESVs equipped with electromagnetic

actuators and smart materials are typically associated with small flow rates. As a result, researchers
have explored their potential use as control components of other hydraulic components, such as for
the main spool of proportional and servovalves [192], [193]. A remarkable example is the digital
servovalve proposed by Gao et al., which effectively addressed the issues of conventional analogue
spool valves, such as o0il contamination, high complexity, and low energy efficiency [194]. In this
prototype, two 2/2 HESVs replaced the traditional torque motor structure, as illustrated in Fig. 58.
An LDVT was used to measure the position of the main spool and achieve closed loop control. The
authors analysed the effects of control parameters, namely the duty cycle and the switching
frequency of the PWM signal and found that increasing the duty cycle improved the main spool
displacement, while a higher switching frequency reduced its oscillations. Furthermore, the step test
response demonstrated that the main spool could reach the set point in just 3.5 milliseconds.
However, due to the hysteresis of the electromagnetic actuators, the switching frequency of the two

2/2 HFSVs was limited to 100 Hz, resulting in reduced position tracking accuracy for the main spool.
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Fig. 58. HFSVs as pilot stage in a novel digital servovalve, adapted from [194].
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HFSVs also play a significant role in DHBCs, which, in addition to HFSVs, leverage the reactive
behavior of two important hydraulic components, namely accumulators and inertance tubes, as
shown in Fig. 59. The capacitive and inertial effect of these hydraulic components, along with the
high switching speeds of HFSVs, enables precise adjustment of system pressure and flow rates,
energy recovery, and overall system efficiency improvements [195]. Scheidl et al. explored these
converters as replacements for conventional spool valves in advanced casting systems, aiming to
improve the control of mold oscillations [174]. This implementation, indeed, resulted in reduced
energy consumption and lower installation costs. For further details on switched inertance concepts,
refer to [196], [197].

Accumulator A

i Load

Fig. 59. Digital hydraulic buck converters, adapted from [195].

The use of HFSVs is also instrumental in actively and intelligently controlling the displacement,
force, and torque delivered by pumps, cylinders, and motors [122]. These digital hydraulic systems
have demonstrated their capacity to enhance energy system efficiency, as demonstrated in various
scientific publications [198], [199]. A notable example is the digital hydraulic system proposed by
Rannow and Li [200], which is shown in Fig. 60. In this system two HESVs, along with a check valve
and a soft switch lock-release mechanism, efficiently controlled a hydraulic load, reducing overall
system losses by 64% even when the HFSVs operated at a relatively low switching frequency of just
20 Hz.
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Fig. 60. Redrawn of the digital hydraulic system proposed in [200].

2.3.2.2 Research Progress in Parallel Digital Hydraulic Valves

The idea of using multiple valves in parallel to control the flow of hydraulic fluid date back
approximately 100 years ago to the patent of Rickenberg in 1930. He was one of the pioneers to
propose the parallel use of three solenoid valves with different flow capacities in his patent
application [201]. On the other hand, Bower was the first to use real PCM control with a dual-acting
actuator in 1961 [202]. One year later, Murphy and Weil introduced a four-way digital valve that
could independently control the load using a DFCU [203]. In 1978, Virvalo demonstrated the
application of a DFCU in regulating the velocity of a hydraulic cylinder [204]. However, practical
implementation of parallel digital hydraulic valves was challenging at the time due to the limitations
of computer technology.

In the new millennium, instead, there has been a substantial increase in research and applications
related to parallel digital hydraulic valves. One of the most prominent contributors in this field is the
research group led by Matti Linjama at Tampere University of Technology. Their efforts have been
focused on developing innovative DFCU structures [205], [206] and implementing advanced control
algorithms to enhance the overall DFCU performance [207], [208], [209].

In recent years, advancements have been made in the development of DFCU prototypes that are
capable of integrating more switching valves. In 2014, Paloniitty et al. introduced a DFCU containing
16 on/off valves, as shown in Fig. 61 [210]. The DFCU flow rate was controlled by the PNM coding
scheme, and it achieved a flow rate of approximately 25 L/min at a pressure drop of 35 bar, with a
switching time of less than 4 ms [211]. To improve the resolution of the flow rate, a novel DFCU was
proposed by Linjama et al. in 2015 that integrated 64 on/off valves [212].
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Fig. 61. DFCU with sixteen on/off valves in parallel developed by Paloniitty et al. [210]: (a) prototype; (b) utilized
on/ff valve.

Two years later, Ketonen et al. introduced a 4/3 DFCU Valve with high flow characteristics and
capable of replacing conventional spool valves in many mobile and industrial applications. [213]. As
shown in Fig. 62(a), each of the four DFCU consisted of 7 On/Off valves from Bucher Hydraulic and
was capable of producing 127 states, resulting in a total of 508 possible flow rate combinations for the
entire 4/3 DFCU Valve. The Bucher Hydraulic On/Off valve, illustrated in Fig. 62(b), provided a flow
rate of 60 L/min at a pressure drop of 15 bar. The entire prototype presented a dimension of
402x343x96 mm. The experimental results showed that, by employing PCM and PNM coding
schemes, the measured maximum flow rate of each DFCU could reach up to 200 L/min at a pressure
difference of 15 bar. The authors stated that the 4/3 DFCU Valve could offer excellent fault tolerance
performance and could be an efficient energy solution to control hydraulic actuators in range up to
400 L/min and pressures up to 350 bar.
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Fig. 62. 4/3 DFCU Valve with multiple On/Off valves in parallel developed by Ketonen et al. [213]: (a) prototype;
(b) utilized On/Off valve.

2.3.2.2.1 Potential Application Scenarios of Parallel Digital Hydraulic Valves

Recently, in an effort to enhance the performance of electro-hydraulic servovalves used in aircraft
fuel systems and address issues associated with these conventional spool valves, Gao et al. replaced
the traditional torque motor with two DFCUs to actuate the main spool in a novel digital fuel
metering servovalve [214]. As shown in the hydraulic schematic of Fig. 63, each DFCU controlled
five parallel-connected on/off valves through PCM coding scheme. A detailed numerical model was
developed to investigate the performance of this valve design and, the numerical results revealed

that the main spool could reach the desired set point in just 4.1 ms.
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Fig. 63. DFCUs as pilot stage in a novel digital servovalve, adapted from [214].

DFCUs can also be used to control independently velocity and pressure level of an actuator. A
practical example of this can be seen in the work of Linjama et al., where a 4/3 DFCU was used to
regulate the flow rate to a heavily loaded cylinder, as depicted in Fig. 64 [215]. The PCM scheme was
employed to control all four flow paths independently, using five on/off valves in parallel for each
DEFCU, which provided a total of 128 potential flow rate states. This parallel digital hydraulic system,
due to its minimal pressure losses, has the potential to be more energy-efficient compared to

conventional valve-controlled hydraulic systems that rely on throttling for precise control.
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Fig. 64. DFCUs used to control independently velocity and pressure level of an actuator, adapted from [215].

Following a similar approach, Huova et al. used DFCUs to achieve discrete and intelligent control

of a variable displacement linear actuator (or multi-chamber cylinder) [216]. Specifically, the authors
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employed a pressurized tank line and a constant pressure supply line to effectively drive the three-
chamber hydraulic cylinder, as depicted in Fig. 65. To control each chamber, two DFCUs were
utilized, with one controlling the flow rate between the chamber and the supply line, and the other
controlling the flow rate between the chamber and the tank line. The authors stated that the energy
loss in this parallel digital hydraulic system, considering a constant supply pressure, was reduced by
30% to 60% compared to conventional hydraulic cylinders. Moreover, multi-chamber cylinders were
integrated into construction machinery, resulting in a considerable reduction in fuel consumption
[217].
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Fig. 65. DFCUs used to control a multi-chamber cylinder, adapted form [216].

2.3.3 Challenges and Future Directions in Digital Hydraulic Technology

Despite the considerable advantages over conventional hydraulic technology, achieving widespread
adoption of digital hydraulic technology across diverse industries in the coming years requires
addressing several challenges [44]. Fig. 66 illustrates the primary obstacles faced by both parallel and
high-frequency switching digital hydraulic technology.
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Fig. 66. Key Challenges in High Frequency Switching and Parallel Digital Hydraulic Systems [44].
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Concerning high-frequency switching digital hydraulic technology, a critical challenge lies in the
design and durability of HFSVs. These valves must withstand rapid switching speeds, deliver large
flow rates, maintain durability, and resist wear and fatigue. Moreover, the high frequency switching
of these components can introduce issues such as noise, vibration, and pressure peaks in the system.

Regarding parallel digital hydraulic technology, the use of a large number of switching valves in
DFCUs can result in challenges related to system size, cost, and complexity. Additionally, similar to
high-frequency switching digital hydraulic technology, developing and implementing a control
strategy can be complex, requiring unconventional approaches compared to conventional hydraulic
technology.

Finally, the integration of digital hydraulic technologies into existing machinery poses challenges

related to compatibility and space constraints.
2.4 Precision Fluid Pumps powered by PEAs

PEAs can be also considered an ideal choice for developing innovative precision fluid pumps. Among
potential advanced and smart driving mechanisms, PEAs stand out due to their high output force,
rapid dynamic response, high reliability, simple structure, and lightweight design. A comparison of

various smart driving mechanisms used for precision fluid pumps is presented in Table 12 [36].

Table 12. Performance comparisons of precision fluid pumps under various driving methods [36].

Driving . . Piezoelectric Piezoelectric
Thermal  Electrostatic ~Electromagnetic = Shape memory
method Stack Membrane
Load small small small medium large small
Stroke medium small large large small medium
Response medium short medium long short short
Flowrate medium low high medium low high
Pressure medium small large medium large small
Frequency low high medium low high medium
Structure simple simple complex simple simple simple
Reliability medium excellent good poor good good
Anti-
weak strong weak weak strong strong
Interferance

Piezoelectric pumps (or piezopumps) are one of the most common types of precision fluid pumps
that utilize the inverse piezoelectric effect to convert electrical energy into mechanical energy in order
to pressurize and move fluids. Piezopumps feature a simple structure, are easy to miniaturize,
consume minimal energy, and produce no electromagnetic noise. Their long service life and high
reliability make them ideal for integration into Micro-Electro-Mechanical Systems (MEMS).

As a result, piezoelectric pumps hold great potential in fields like biomedicine, robotics,

aerospace, electronics, chemistry, and automotive engineering [218], [219], [220], [221]. Within
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piezoelectric pumps a classification can be made between "valved piezopumps" and "valveless
piezopumps," depending on whether the pump incorporates movable valves [222].

The performance of various piezopumps developed by researchers over the years, following this
classification, is now reviewed. Special attention is given to key performance metrics such as
maximum flowrate (Q;,4,), maximum backpressure (p,,4,), and the type of pumping media used, as
these are critical for evaluating these pumps. Another key metrics are the driving voltage (Up,,) and

frequency (f,q), as they impact the electronics needed to operate the pump effectively.

2.4.1 Valveless Piezopumps

Valveless piezopumps offer several key advantages over their valved counterparts, including longer
lifespan, greater structural stability, and easier miniaturization [223]. These pumps enable one-way
fluid transfer by utilizing the difference in resistance between forward and reverse flow in specially
designed channels at the inlet and outlet of a pumping chamber. This design effectively replaces
conventional valves, eliminating wear and fatigue associated with check valves and reducing the risk
of clogging [224]. Additionally, the absence of valves reduces the probability of crushing damage to
the possible transported substance [225].

Fig. 67 illustrates the classifications of valveless piezoelectric pumps. Based on their structural

characteristics, they can be divided into three main types [226]:

e External flow tube type: This type achieves one-way fluid flow using a piezomembrane
actuator and specialized external tubes, such as nozzle/diffuser tube [227], Y-shaped tubes
[228], spiral tubes [229], and other specially designed flow tubes [230];

e  Built-in structure type: In this type, the flow resistance elements are placed inside the pump
chamber. Common examples include asymmetric slope elements [231], hemisphere

segments [232], and conical spiral cavities [233];

e Bionic type: Inspired by biological structures, this design mimics natural mechanisms to
achieve unidirectional flow. Examples include fishtail bimorph structures [234] and built-in

compliant structures [235].

Nozzle/Diffuser
Titbes Cauvity
Tithes External Flow Built-in Segment
Spiral [ Tube type | Structure type J
Titbes /]I ]/J\ Slopes Element

Special Flow Valveless
Titbes i

Piezopumps )

. LL "
Bionic type

\ J

3 Compliant
[ Bimorph ] [ Structires ]

Fig. 67. Classification of valveless piezoelectric pumps [226].
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2.4.1.1 Valveless Piezopumps with External Flow Tubes

To understand how valveless piezopumps with external flow tubes work, Fig. 68 shows the
functioning of a valveless nozzle/diffuser piezopump. It is important to note that the other types of
valveless piezopumps with external flow tubes operate in a similar way, so their principles will not
be explained in detail. The valveless nozzle/diffuser pump, which is considered to be a reciprocating
positive displacement pump, operates in two distinct modes within each cycle, based on the

deflection of the piezomembrane actuator:

e Supply Mode: The diaphragm moves upward, lowering the pressure inside the pumping
chamber. Fluid enters the chamber through both the inlet and outlet, but due to the design,
the kinetic energy loss is lower in the forward direction (diffuser action) than in the reverse
direction (nozzle action). As a result, more fluid flows into the chamber through the inlet
(Q+) than the outlet (QQ-), effectively filling the chamber.

e Pump Mode: The diaphragm moves downward, increasing the pressure within the chamber.
Fluid is then pushed out through both the inlet and outlet. Again, because the forward flow
(through the outlet, Q+) experiences less energy loss than the reverse flow (through the inlet,

Q-), more fluid exits through the outlet.

This difference in kinetic energy loss between the nozzle and diffuser during each cycle creates a
pressure drop, leading to flow rectification and ensuring unidirectional fluid movement. In this way,
the reciprocating motion of the piezomembrane actuator, powered by an alternating sine-wave

voltage signal, drives a steady flow of fluid through the chamber from the inlet to the outlet.

Q =, Supply Mode

Inlet Pumping Outlet Inlet Pumping Outlet
Chamber Chamber

@) (b)
Fig. 68. Working principle of a valveless nozzle/diffuser piezopump: (a) Supply mode; (b) Pump mode.

The first valveless nozzle/diffuser piezo pump was developed by Stemme et al. in 1993 [236]. This
prototype had a chamber with a diameter of 19 mm and conical flow tubes. When tested with water
as the pumping medium, it achieved a maximum flow rate of 16 mL/min and a pressure of 0.2 bar at
a driving frequency of 100 Hz.

Five years later, Olson et al. enhanced the design by using cone-shaped tubes and connecting two
parallel pumping chambers operating in antiphase [237]. This improved the pump's performance,
achieving a maximum pressure of 0.74 bar and a flow rate of 2.3 mL/min for water at a frequency of
around 4 kHz.

In 2003, Nguyen et al. designed and built a valveless nozzle/diffuser piezo pump based on a
printed circuit board [238]. When tested with water at 100 Hz, the pump achieved a flow rate of 3

mL/min and a pressure of 0.07 bar.
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These experiments demonstrated that while valveless diffuser/nozzle piezopumps with conical
flow tubes had simple structures and could be easily miniaturized, their performance was
significantly limited. In this way, in 2007, Izzo et al. addressed this issue by developing a valveless
piezoelectric pump with a special flow tube [239]. Tested with ethyl alcohol at a driving frequency of
2250 Hz, the pump reached a flow rate of 0.64 mL/min and a pressure of 0.173 bar.

Continuing this line of improvement, five years later, Huang et al. introduced a valveless piezo
pump with Y-shaped tubes, designed to reduce the vortex effect seen in traditional conical flow tubes
[240]. This pump, tested with water at a driving frequency of 10 Hz, achieved a maximum flow rate
of 35.5 mL/min and a pressure of 0.0055 bar, making it suitable for transporting living cells.

Table 13 shows the performance comparisons of the analysed valveless piezopumps with external

flow tubes.

Table 13. Performance comparisons of the analysed valveless piezopumps with external flow tubes.

Type of Driving Driving Maximum Maximum

P .
Reference Valveless Voltage (Up,) Frequency (fpq) Pressure (Pax) Flow Rate (Q,q4x) uml?lng
. . Medium
Piezopump [V] [Hz] [bar] [mL/min]
Stemmeetal. 1o Diffuser - 100 0.2 16 Water
[236]
015;5; Al Nozzle/Diffuser 200 4000 0.74 2.3 Water
Nguyen et al. .
[238] Nozzle/Diffuser 100 100 0.07 3 Water
I L
ZZ[;’;;]E“ Special Flow 100 2250 0.173 0.64 Ethyl alcohol
Huang et al.
[240] Y — Shape 100 10 0.0055 35.5 Water

To summarize, the external flow tubes limit further miniaturization of this kind of valveless
piezoelectric pumps. Additionally, its typically low flow rate restricts its suitability for high-flow

applications.

2.4.1.2 Valveless Piezopumps with Built-in Structures

The operating principle of a valveless piezo pump with a built-in structure, specifically one with
asymmetrical slopes, is illustrated in Fig. 69. It is important to note that other types of valveless piezo
pumps with similar structures operate on comparable principles, so their mechanisms are not
detailed here.

In this design, the piezopump works as a reciprocating positive displacement pump. The key
feature is the asymmetrical angled surfaces: one side has a slope angle of a;, and the opposite side
has a different slope angle, a, (where a; # a;, ). These angled surfaces are placed at the bottom of the
pumping chamber, directly facing the piezo membrane actuator. This asymmetry enables non-valve
control of unidirectional fluid flow.

Specifically, because a; is not equal to a,, the flow resistance is different when fluid flows through.
As a result, the fluid flow rate entering or leaving the chamber from the left and right conduits of the

pump differs during the supply and pump modes, creating a net flow in one direction.

71



Pump Mode

Supply Mode

Inlet . Outlet Inlet . Outlet
Pumping Pumping
Chamber Chamber

() (b)

Fig. 69. Working principle of a valveless piezopump with unsymmetrical slopes: (a) Supply mode; (b) Pump
mode.

In 2011, Zhang et al. introduced a valveless piezoelectric pump with rotatable, unsymmetrical
slopes, capable of mixing different fluids [241]. By rotating the slopes, this design controls the ratio
of fluids entering the pump chamber. The prototype was tested at 220 V and 50 Hz, with a chamber
diameter of 30 mm and slope angles of a; =30° and @, =90° on each side. Under these conditions,
the pump achieved a maximum flow rate of 32.32 mL/min.

In 2013, Ji et al. developed a novel valveless piezoelectric pump featuring six hemisphere
segments in a water-filled chamber [232]. With a diameter of the piezomembrane actuator equal to
30 mm, the experimental tests revealed that the pump reach a maximum flow rate of 30 mL/min at 6
Hz and 110 V, while a pressure difference of 0.0026 bar was achieved at 6 Hz and 160 V.

Six years later, Zhao et al. improved the flow rate of this type of pump by optimizing the
hemisphere segments, creating a crescent-shaped structure using 3D printing [242]. The pump
prototype reached a maximum flow rate of 286 mL/min at 220 V and 82 Hz.

Recently, He et al. designed another valveless pump with rotatable asymmetrical slopes,
achieving a maximum flow rate of 220.6 mL/min at 190 V and 45 Hz [243]. The highest output
pressure was 0.0067 bar, measured at 190 V and 130 Hz. Table 14 summarizes the properties of

valveless piezoelectric pumps with built-in structures.

Table 14. Performance comparisons of the analysed valveless piezopumps with built-in structures.

Type of Driving Driving Maximum Maximum Pumpin
Reference Valveless Voltage (Up,) Frequency (f,4) Pressure (p;;q5) Flow Rate (Q;;,45) Me dri)urf
Piezopump [Vl [Hz] [bar] [mL/min]
Zhangetal.  Unsymmetrical 220 50 _ 32.32 -
[241] Slopes
Jietal Hemisphere 160 — 110 6 0.0026 30 Water
[232] Segment
Zhao et al. Hemisphere 220 82 _ 286 Water
[242] Segment
He et al. Unsymmetrical 190 130 — 45 0.0067 220.6 Water
[243] Slopes

To summarize, integrating flow resistance structures within the pumping chamber and using

standard flow tubes at the inlet and outlet enhances the efficiency of this type of valveless
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piezoelectric pump, resulting in a significantly higher flow rate compared to valveless piezopumps
with external flow tubes.

2.4.1.3 Bionic Valveless Piezopumps

The working principle of a bionic valveless piezopump with compliant structures is illustrated in Fig.
70. This pump comprises a pumping chamber, a piezomembrane actuator, two flow channels, and
compliant structures on each side of the chamber.

In the supply mode, the piezomembrane moves upward, expanding the chamber volume, which
opens the inlet gap while reducing the outlet gap. As a result, more fluid is directed through the inlet
channel (Q+) than the outlet (Q-).

During the pump mode, the piezomembrane moves downward, reducing the chamber volume.
This action widens the outlet gap and narrows the inlet gap, pushing more fluid through the outlet
(Q+) than the inlet (Q-). Based on this principle, the pump functions as a reciprocating
positive displacement pump.

Supply Mode

— ¥

Pump Mode

Q- }—-al- >0+
Inlet Pumping Outlet Inlet Pumping Outlet
Chamber Chamber

(a) (b)

Fig. 70. Working principle of a bionic valveless piezopump with compliant structures: (a) Supply mode; (b)
Pump mode.

The bimorph bionic valveless piezopump, shown in Fig. 71, represents an alternative type
inspired by the swimming motion of fish. Fish naturally create propulsion by moving their bodies or
fins, generating a trail of vortices. When this motion is held in place, fluid flow occurs, effectively
mimicking a pump. Similarly, this piezopump uses a bimorph PEA (a thin, oscillating plate) to
replicate the fish's movement in a fluid environment. Powered by AC voltage, the bimorph actuator
oscillates, continuously adding energy to the fluid and enhancing its momentum. This design enables

the pump to act as a dynamic pump, delivering a continuous flow.
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Fig. 71. Bionic bimorph valveless piezopump: (a) Fish propulsion; (b) Pump scheme.

In 2009, Pires et al. developed a bionic valveless piezopump with a bimorph actuator inserted in
water [244]. Testing showed the pump reached a maximum flow rate of 103 mL/min and a maximum
pressure of 0.0012 bar at a frequency of 320 Hz and 60 V.

Three years later, Hu et al. significantly improved the performance, creating a pump prototype
that achieved 560% of Pires et al.'s flow rate. Their tests demonstrated a maximum flow rate of 576
mL/min and a pressure of 0.0088 bar at 80 V and 1360 Hz [245].

In 2019, Bao et al. introduced a compliant-structured bionic valveless piezopump, reaching a
maximum flow rate of 3.6 mL/min and a pressure of 0.0199 bar at 210 V and 80 Hz [235].

Table 15 shows the performance comparisons of the analysed bionic valveless piezopumps.

Table 15. Performance comparisons of the analysed bionic valveless piezopumps.

Type of Driving Driving Maximum Maximum p )
umpin
Reference Valveless Voltage (Up,) Frequency (fpq) Pressure (p;qx) Flow Rate (Q,,4x) M dl') &
edium
Piezopump [V] [Hz] [bar] [mL/min]
Pires et al. .
Bimorph 60 320 0.0012 103 Water
[244]
Hu et al. [245] Bimorph 80 1360 0.0088 576 Water
Bao et al. Compliant
210 80 0.0199 3.6 Water
[235] Structures

To summarize, bionic valveless piezoelectric pumps achieve one-way fluid flow by mimicking
biological structures. These pumps offer several benefits, including simplicity, ease of

miniaturization, cost-effectiveness, and the added advantage of minimizing backflow.

2.4.2 Valved Piezopumps

Valved piezoelectric pumps typically use a pair of unidirectional valves positioned at the inlet and
outlet to control fluid flow. These valves alternately open and close, creating directional fluid

movement. Based on how the valves are controlled, these piezopumps can be further categorized
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into passive valve piezoelectric pumps, which rely on natural flow response, and active valve

piezoelectric pumps, which use an external control mechanism, as shown in Fig. 72.

Active Valve | ( Passive Valve
Piezopumps | | Piezopumps

Valved
Piezopumps

S

Fig. 72. Classification of Valved Piezopumps.

2.4.2.1 Passive Valve Piezopumps

In passive valve piezoelectric pumps, the opening and closing of the valves are controlled by the
periodic pressure changes within the pumping chambers. Over time, various designs have emerged,
including ball valves, cantilever valves, bridge valves, wheel valves, umbrella valves, and dimple
valves.

The passive ball valve piezopump developed by Carrozza et al. demonstrates good mechanical
strength and cost-effective production, although it has relatively low efficiency [246]. Experimental
testing of this pump, using water as the fluid medium, revealed a maximum flow rate of 2.7 mL/min
and a maximum back pressure of 0.35 bar at a driving frequency of 70 Hz and a voltage of 300 V
supplied to the piezo membrane actuator.

To enhance the frequency performance of passive valve piezopumps, researchers have
increasingly transitioned from ball check valves to reed valves. Reed valves utilize a flexible material
to serve both the spring and sealing functions, thereby reducing the moving mass and increasing the
bandwidth. However, there is no consensus on the best type or design for these valves. Various
designs have been explored, including cantilever designs by Kan et al. [247], bridge designs by Feng
et al. [248], dimple designs by Luo et al. [249], wheel designs by Truong et al. [250], and umbrella
designs by Peng et al. [251]. The diversity of designs reflects the ongoing search for effective solutions
in this field. A performance comparison of these different passive valve piezopumps is presented in
the following Table 16.
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Table 16. Performance comparisons of the analysed passive valve piezopumps.

Type of Driving Driving Maximum Maximum P )
umpin
Reference Passive Valve  Voltage (U,,) Frequency (f,q)  Pressure (Do)  Flow Rate (Qmax) " dl') 8
edium
Design [V] [Hz] [bar] [mL/min]
Carrozza et al.
Ball 300 70 0.35 2.7 Water
[246]
Kan et al. .
Cantilever 50 3000 0.27 3.5 Water
[247]
Feng et al.
ng e a Bridge 100 6000 0.04 07 -
[248]
Luo et al. .
Dimple 150 875 0.1525 16.4 Water
[249]
Truong et al.
Wheel 300 100 0.16 2.9 Water
[250]
Peng et al.
251] Umbrella 210 120 0.3247 1845 Water

2.4.2.1.1 Single Cylinder Piezohydraulic Pumps

In fluid power applications, where high flow rates and back pressures are required, piezostack
actuators are preferred over piezomembrane actuators as the driving power source mechanism,
especially when combined with a valve-based configuration [252], [253]. Piezopumps that use
piezostack actuators as their driving power source are also known as piezohydraulic pumps.

In a conventional single cylinder (single pumping chamber) piezohydraulic pump, a piezostack
actuator drives a piston, and a pair of passive check valves (inlet and outlet) control the fluid flow

into and out of the pumping chamber. The working cycle of such a piezopump, illustrated in Fig. 73,

consists of four stages:

A) Compression Stage: Both inlet and outlet check valves (3 — 4) are closed. When the voltage signal
is applied to the piezostack actuator (1), it expands, compressing the fluid by means of the piston

(2), thereby increasing the pressure in the pumping chamber (5);

B) Delivery Stage: When the pumping chamber pressure matches the outlet pressure, the outlet

check valve opens, allowing fluid to flow out.

C) Expansion Stage: Removing the voltage signal causes the piezostack actuator to contract,
reducing the pumping chamber pressure to the inlet level.

D) Intake Stage: The inlet check valve opens when the inlet pressure and pumping chamber pressure

equalize, letting fluid back into the chamber.
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Fig. 73. The four-stage working cycle of a conventional piezohydraulic pump.
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Leveraging the broad operating frequency of piezoelectric materials, and thus, supplying the
piezostack actuator with a high-frequency sinusoidal voltage signal (exceeding 1 kHz) allows for a
substantial flow despite the stack's limited displacement. Indeed, increasing the operating frequency
turns out to be as a simple and convenient approach to enhance the performance of piezoelectric
pumps without the need to increase their size or input power [254].

An important example was the piezohydraulic pump developed by Kan et al. This pump featured
a reinforced chamber diaphragm, consisting of a membrane and a rigid disk. Analytical results
indicated that the pump's performance depended on the thickness of the diaphragm and the radius
ratio. As the membrane thickness decreased, both the flow rate and backpressure increased; however,
the radius ratio had varying effects on these performance parameters. Testing a prototype with water
at a driving voltage of 150 V demonstrated that, at a high driving frequency of 280 Hz, the pump
achieved a flow rate of 395 mL/min with a 12 mm radius disk.

However, at high driving frequencies, these kinds of piezopumps are prone to severe cavitation
[255], which can lead to component damage, reduced efficiency, vibrations, and noise [256].
Cavitation, which involves the formation, growth, and implosive collapse of vapour bubbles under
high-pressure conditions, significantly limits the performance of piezopumps working at high flow
rates [257]. Zhang et al. found that during the intake stage, as the pumping chamber volume increases
and pressure decreases, dissolved gas escapes from the liquid, leading to cavitation [255]. He et al.
explored the negative impacts of cavitation on piezopumps, noting that it reduces the bulk modulus
of the working fluid, thereby severely decreasing pump efficiency [258]. In efforts to mitigate
cavitation, Pecar et al. utilized a sinusoidal excitation signal waveform, which, despite resulting in

lower output flow rates, effectively reduced the risk of cavitation compared to square-wave excitation
[259], [260].



2.4.2.1.2 Multi-Cylinder Piezohydraulic Pumps

To further enhance performance, increasing the size of the piezo stack could theoretically boost the
pump’s power output. However, practical constraints such as thermal management, cost, and
manufacturability limit this approach. A more feasible solution is to use multiple cylinders, each
driven by an individual piezo stack. This setup allows any advancements in the single cylinder
design to be applied directly to a multi-cylinder (multi-pumping chamber) piezopumps.

Multiple cylinders can be configured in parallel to increase flow, in series to increase pressure (as
shown in Fig. 74), or dynamically switched between these arrangements using valves, depending on
specific performance goals.

Parallel Series

O'_'__’ O_'_.

2
K
(VI8

Pump 1 Time

e Pump 2
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Pressure
Pressure

Time Time

Fig. 74. Series and parallel multi-cylinder piezopump arrangements

Early work by Ullmann looked at the effect of different connections between two pump cylinders
joined with diffuser nozzles [261]. It was expected that the series connection would double the
pressure difference and the parallel connection would double the flow rate, as shown in Fig. 74.
However, it was found that with the diffuser nozzles, the series connection also gave a flow increase.
In all instances, the pumping elements were operated in-phase after this was found to be
advantageous for the series-connected pump. No explanation was given as to why this result was
expected to be generalised across all architectures. It is also unclear whether the results were tied
specifically to the use of diffuser nozzles in place of valves or whether they apply to multi-cylinder
piezopumps in general.

Alongside the connection of the cylinders, the phasing between the cylinders is a design variable
thatis not relevant to single cylinder pumps. These two variables, the output connection and phasing,

have therefore formed the subject of most multi-cylinder piezopump research. The phase is a
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continuous variable but, at its extremes, the pistons in a two-cylinder pump move together (in-phase)
or in opposite directions (anti-phase), with stages 1 and 3 occurring simultaneously in the two
cylinders. Fig. 75 depicts this in a parallel-connected pump.
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— o—

N—

Chamber 1 Chamber 1

Chamber 2 Chamber 2

3 B
T T

Time Chamber 1 Time

~ Chamber 2

Pressure
Pressure
\
/

\

Time Time

Fig. 75. Phasing extremes of a parallel-connected multi-cylinder piezopump.

Li et al. used two cylinders to drive a hydraulic actuator and experimentally investigated the
difference in performance with parallel and series connections and in-phase and anti-phase setups
[262]. They found that, in all cases, driving the two cylinders in anti-phase gave better performance
than in-phase, but the size of the hydraulic actuator dictated whether a series or parallel connection
was preferable to achieve the desired force and velocity. This is expected, with a parallel connection
generally giving large flows but at lower pressures, which are more suited to larger actuator piston
areas. Whilst unsurprising, these conclusions highlight the potential capabilities of a piezopump that
can be reconfigured to achieve a wider operating envelope. The parallel configuration could be used
for rapid advancement and the series connection utilised for higher force movements. There are
several applications where the need for a high velocity and high force do not coincide that could
make use of such a device. It was estimated from the actuator’s force and displacement that the serial-

connected pump was able to produce 53 bar and the parallel-connected pump 1.65 L/min.

2.4.2.2 Active Valve Piezopumps

In active valve piezoelectric pumps, the opening and closing of the valves are actively controlled by
PEAs. Some studies have suggested using active valves instead of passive ones to reduce phase lag.
For instance, the active valve piezopump designed by Lee et al. achieved a pressure of 83 bar and a

flow rate of 204 mL/min at a frequency of 1000 Hz [263]. Similarly, the active valve piezopump
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developed by Lemke et al. attained a pressure of 0.505 bar and a flow rate of 4.36 mL/min at a driving
voltage of 45 V [264]. Additionally, Cazorla et al. introduced an active valve piezopump powered by
a piezo membrane actuator, achieving a pressure of 0.04 bar and a flow rate of 0.0036 mL/min at 24
V, with a remarkably low power consumption of just 0.3 mW [265]. Table 17 summarizes the
performance of the analysed active valve piezopumps.

Table 17. Performance comparisons of the analysed active valve piezopumps.

Driving Driving Maximum Maximum )
Type of Pumping
Reference Voltage (Upa) Frequency (f,4) Pressure (Pmax) Flow Rate (Q;45) )
Valve . Medium
[V1 [Hz] [bar] [mL/min]
Lee et al. .
Active - 1000 83 204 Water
[263]
Lemke et al. .
Active 45 35 0.505 4.36 Water
[264]
Cazorla et al. .
Active 25 1 0.04 0.0036 Water

[265]

2.4.3 Comparison of Valveless and Valved Piezopumps

Valved piezopumps excel in delivering high flow rates and pressures, which makes them promising
for uses such as cooling systems, fuel distribution, and aerospace applications. Despite these
advantages, valved piezopumps, particularly passive valve piezopumps, are susceptible to fatigue
and wear when operating at high frequencies. Additionally, these piezopumps may reduce the
survival rate of possible transported living organisms.

In contrast, valveless piezopumps have no moving parts, allowing them to operate at much higher
frequencies and handle fluids with micro particles, making them especially advantageous for
applications in biomedicine and chemical analysis. However, valveless performance is hindered by
liquid backflow, resulting in flow rates generally lower than 100 mL/min and output pressures below
0.05 bar.

2.4.4 Application of Piezopumps

As shown in Fig. 76, piezoelectric pumps are used in four main fields: electronic instruments,

industrial production, scientific applications and fuel supply [218].
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Fig. 76. Applications of high precision piezoelectric pumps.
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2.4.4.1 Electronic — Instrument Applications

Piezoelectric pumps are utilized in two main areas within electronic instruments: sensing control and
heat dissipation cooling.

In the realm of sensing control, flow sensing is crucial for piezopump applications, which can be
categorized into indirect and direct flow sensing. Indirect flow sensing involves measuring flow rates
using intelligent speed measuring instruments. For example, Dinh et al. incorporated a p-type silicon
hotwire as a flow rate sensor within a micropump, achieving a resolution in the microliter range,
making it suitable for microfluidic applications [266].

On the other hand, direct flow sensing, also known as piezoelectric self-sensing, was exemplified
by Zhang et al., who introduced a novel micropump concept utilizing space-division multiplexing
[267]. In this design, the electrode of the PEA is split into a driving element and a sensing element,
allowing the sensor to be integrated into the micropump. This integration enables the prediction of
changes in flow rate and pressure.

In the area of cooling, as electronic components shrink and the power density of microprocessors
continues to rise, there is a growing need for improved cooling systems to effectively dissipate heat.
Microfluidic electronic cooling systems using piezopumps offer efficient cooling solutions. In 2018,
for instance, Chen et al. proposed a computer chip water cooling system powered by a piezoelectric
pump [268]. This design aimed to enhance the applicability, maintainability, and cooling efficiency

of water-cooling systems, presenting a novel approach to effectively cool computer chips.

2.4.4.2 Scientific Applications
In the realms of chemical analysis, bioanalysis, and MEMS, piezoelectric pumps hold significant
promise due to their miniaturization, precise flow control, low energy consumption, and minimal
backflow pressure.

The miniaturization of chemical processes into "lab-on-a-chip” or micro total analysis systems has

gained significant interest due to their reduced reagent use, smaller space requirements, and quicker
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analysis times. In this context, Ma et al. developed a piezopump, which demonstrates impressive
capabilities, including a liquid transfer rate of 8.4 nL/s, a maximum flow rate of 102 nL/s, and
pressures up to 0.02 bar [269]. This pump's exceptional performance and reliability underscore its
significant potential for chemical analysis applications.

High-precision fluid transport and distribution are essential in modern science and technology,
particularly within the biomedical field, which encompasses laboratory drug proportioning systems,
bioanalytical techniques, and high-throughput screening methods. Micropumps are valuable in
micro biochemical analysis systems due to their capability to manipulate and deliver small volumes
of liquid. For example, piezoelectric pumps are utilized to accurately transfer insulin for diabetic

patients, where micropumps play a critical role in drug delivery and dosing systems [270].

2.4.4.3 Industrial Production Applications

In various industrial sectors like aerospace, automotive, robotics, and drives, there is an increasing
focus on small piezoelectric precision actuators, which offer high accuracy, quick response times, and
strong electromagnetic interference resistance.

Sell et al. developed an innovative pieohydraulic pump capable of delivering a high-power output
ranging from 10 W to 100 W [271]. This pump was designed for aerospace applications, specifically
to provide the necessary flow rate to actuate accessory actuators in landing gear systems. By doing
so, it aimed to enhance flight efficiency by reducing non-propulsive power consumption and
minimizing aircraft weight.

In robotics, miniaturizing conventional suction mechanisms can be quite challenging. To address
this issue, piezoelectric pumps can be integrated into suction pads. For example, in 2018, Hwang et
al. designed a new suction pad featuring a valveless piezoelectric pump [272].

Applications also extend to engine gas distribution mechanisms. In 2009, Kim and Wang designed
a non-linear gliding pattern for the force detection system in a piezohydraulic pump-based drive
system [273].

2.4.4.4 Fuel Supply Applications
Fuel cells are miniaturized devices that convert chemical energy into electrical energy. Piezopumps
play a crucial role in transferring the fuel needed to generate this electricity, particularly in Direct
Methanol Fuel Cells (DMFC) and Proton Exchange Membrane Fuel Cells (PEMFC). These fuel cells
offer several advantages, including higher power density, longer service life, and near-instantaneous
charging compared to conventional cells [274].

For both DMFC and PEMFC devices, piezopumps must meet specific requirements, such as low
power consumption and adequate fuel flow rates. Zhang et al. developed a miniaturized DMFC that
utilizes a valveless micropump to ensure a sufficient fuel supply while simultaneously removing

carbon dioxide generated by the fuel cell [275].
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Chapter 3

3. AIRCRAFT FUEL SYSTEM MODELLING

This chapter outlines the aircraft fuel system layout and simulation model developed for gas turbine
engines (both turboprop and turbofan) as part of this research. Designed in the Simulink
environment, a widely used industrial software, the model enables manufacturers and researchers to
assess the performance of FMU, with a particular focus on conventional servovalves that play a
crucial role in controlling fuel flow rate to combustion chamber/IGV actuator under various
operating conditions. The chapter provides an in-depth description of the model, detailed
performance results for selected scenarios, and a system power consumption analysis that identifies
primary sources of loss. These findings offer valuable insights for EU initiatives targeting reductions
in aircraft power consumption and addressing the CO, impact of conventional gas turbine engines.
Results were shared at the ATI conference at the Polytechnic University of Bari in September 2022
[42] and the ASME/BATH conference on Fluid Power and Motion Control in Sarasota, USA, in
October 2023 [43].

3.1 Aircraft Fuel System Layout

The proposed aircraft fuel system layout is shown in Fig. 77. This design resembles the General
Electric CJ610 fuel system, previously illustrated in Fig. 9 of Chapter 2 [23]. The hydraulic schematic

is drawn using ISO symbols.
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Fig. 77. Aircraft fuel system layout analysed in this research project.
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3.2 Simulink Model

A simulation code, reproducing the fuel system layout of Fig. 77, has been produced in Simulink,
software developed by MathWorks® based in Natick, MA, USA. In particular, the Simscape Fluids

library has been used. The code graphical scheme is shown in Fig. 78.
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Display Results

Fig. 78. Simulink model reproducing the aircraft fuel system proposed.

The resulting set of ordinary differential equations describing the dynamics of the system with
respect to time are solved by the solver Ode 15s (Stiff/NDF) with time steps of 0.1 ms..

3.2.1 Airframe Components

To simplify the simulation of the airframe components, the fuel tanks (0) and boost pumps (1) are
combined and represented by the “Reservoir” block. This block acts as a pressurized hydraulic
reservoir and its pressure (i.e., the boost pressure, p;) can be set within the block. On the other hand,
the airframe shut-off valve (2) is simulated using the “Constant Area Hydraulic Orifice” block. In the
model, this valve is assumed to be fully open, with negligible pressure drops across it. This means

that the boost pressure (py) is the pressure that the fluid has at the inlet of the main fuel pump (4).

3.2.2 Engine Components

3.2.2.1 Main Fuel Pump — Pressure Relief Valve

The main fuel pump (4) is typically a gear-type positive displacement pump and in certain aircraft
fuel systems, it consists of a high-pressure (HP) gear pump and a low-pressure (LP) centrifugal
pump. The LP pump is used to increase the fuel pressure at the HP pump inlet, ensuring and

facilitating proper fuel suction [23]. To prevent any damage to the system, a pressure relief valve (5)
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is installed in the pump housing. In the simulation model, the main fuel pump is represented by the
"Hydraulic Constant Flow Rate Source" block, considering only the HP pressure pump, while the
pressure relief valve is represented by the "Pressure Relief Valve" block. The former maintains a
specified flow rate at its outlet, regardless of the pressure difference. In contrast, the latter allows
setting a maximum pressure, p,qy, that keeps the valve closed until the inlet pressure is below this
value. The flow rate delivered by the main fuel pump, Q,, can be set within the "Hydraulic Constant
Flow Rate Source" block.

The power absorbed by this pump, F,, is evaluated using the following equation [42]:

_ Qp(pp - pd)

P
a e

4)
where p,, is the pressure downstream of the main fuel pump, and 7, is its efficiency.

3.2.2.2 Bypass Valve
The fuel delivered by the main fuel pump encounters a bypass valve (6) as it enters the FMU. This

valve is designed to maintain a constant differential pressure between the fuel pump pressure, p,,
and the main metered fuel pressure, ps.. Fig. 79 shows that the bypass valve consists of a spool that
operates in a ported sleeve, which is actuated by a spring. The latter regulates the movement of the
spool, allowing a specific quantity of fuel to be redirected back to the inlet of the main fuel pump,
and this quantity of fuel changes based on the operating conditions. Consequently, this mechanism
ensures that an almost constant differential pressure is maintained across the FM servovalve,
resulting in a proportional relationship between the degree of its opening and the fuel flow through

its main stage.

Bypass Valve

Fig. 79. Schematic representation of the Bypass Valve including the main parameters used in the numerical

model.

To determine the differential pressure across the FM servovalve (i.e., p, — pse), various forces
acting on the spool of the bypass valve must be taken into account, including the flow force, inertia
force, and damping force [42]. When the spool is stationary and the flow force is neglected, the

differential pressure is given by [42]:
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ky(xop + xp)
(pp - pse) = OA—b‘ (5)

where 4, is the effective area of the spool; x,,, kj,and x, are the preload, the stiffness, and the
deformation of the spring, respectively. The suffix “b” denotes the quantities regarding the bypass
valve.

To evaluate the fuel flow rate, Q,, which flows through this valve, the following equation can be

’2 _
Qp = CppWpxp M, (6)

where Cp, j, is the discharge coefficient, whereas w; is the slot width of the bypass valve.

used:

When fuel flows through the bypass valve, it experiences a pressure drop, which results in power
consumption. Equation (7) provides a means to calculate the extra power required by the main pump
to overcome the pressure drop caused by the bypass valve. Therefore, the power loss in the bypass

valve, P, ;,, can be determined as follows [42]:

Q —
Py = b(P; pd). )
p

3.2.2.3 IGV Servovalve — FM Servovalve

The IGV servovalve (7) and the FM servovalve (9) are crucial components of the FMU. The former
controls the position of the IGVs by supplying fuel flow to the IGV actuator (8). On the other hand,
the latter regulates the amount of fuel injected into the combustion chamber (13). Both the FM
servovalve and the IGV servovalve offer the option of incorporating a feedback spring for mechanical
feedback or using a LVDT for electrical feedback [21]. For this analysis, both servovalves are assumed
to be equipped with an LVDT, meaning that the feedback spring is not considered. In particular, the
main equations describing their operating principles are presented in three subsections. The first
subsection (3.2.2.3.1) contains the equations used for the pilot stage of both electrohydraulic
servovalves, while the second (3.2.2.3.2) and third (3.2.2.3.3) subsections describe the equations used

for the main stage of the IGV and FM servovalves, respectively.

3.2.2.3.1 IGV Servovalve — FM Servovalve: Pilot Stage

The equations provided in this subsection can be utilized to model the pilot stages of both
electrohydraulic servovalves as they share the same architecture. As shown in Fig. 80, the pilot stage
is a double flapper/nozzle system which is mainly composed of a torque motor, a flapper and a
flexure tube [21]. The torque motor is a small electromagnetic actuator which is made up of coils, pole
pieces, and an armature. The latter is linked to the flapper and a non-magnetic flexure tube supports

the flapper while keeping the torque motor separate from the hydraulic fluid [21].
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[ Pilot Stage ]

FM/IGV Servovalve

Fig. 80. Schematic representation of the pilot stage of both electrohydraulic servovalves including the main

parameters used in the numerical model.

The simulation parameters shown in Fig. 80 and the following equations are not specific to either
the IGV servovalve or the FM servovalve and can be applied to both. However, to differentiate
between the two, a specific suffix must be added. In this analysis, to refer to the IGV servovalve, the
suffix "IGV” is used, while the suffix "FM” is used for the FM servovalve.

When a low input current (i) flows through the coils of the torque motor, the ends of the armature
become polarized. This generates a torque (T,) that makes the armature and consequently the flapper
to rotate from the central position towards one of the two nozzle [21]. To determine the torque

produced, the following equation can be used [42]:
T, = Kii, ®)

where K; is a conversion factor, provided by Moog [42].

According to the model, a positive current produces a positive torque which allows the flapper to
move towards the left nozzle (indicated with a positive sign). Conversely, a negative current
produces a negative torque which allows the flapper to move towards the right nozzle (indicated
with a negative sign). The flapper small displacement leads to the assumption of linear and
translational movement, for simplicity [21].

The relationship between the produced torque (7;) and the resulting flapper displacement (x) is

modelled using a second-order transfer function G(s) [276], [277]:

G(s)=2L = gL
T (@) () )

where s is the complex variable and K is the stiffness of the flapper; w, and ¢ are the natural
frequency and the damping ratio of the torque motor.
In the pilot stage, the orifices can have a fixed or variable area. The equations that govern the flow

of fuel through these orifices are provided below [21]:
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ndy ,2(29 - D)
Qor = CD,o 40 pp . ) (10)
nds |2(pp — p)
Qo1 = oo~ /—”p , (11)
fZ(p — Pa)
Gnr = Cppmdy(x + x¢) er‘ (12)

2(p1 — pa)
7/} .

In1 = CD,nT[dn(x - xf) (13)
where p, and p; are the pressures acting on the right and left end faces of the sliding spool,
respectively; x denotes the clearance between the flapper and the nozzles; d is the orifice/nozzle

diameter. The suffix "0" is used to denote the two fixed orifices, while the suffix "n" is used for the

two variable orifices.

3.2.2.3.2 IGV Servovalve: Main Stage
With reference to Fig. 81, assuming that the main stage spool moves from the left (I) to the right (r),

the equilibrium of the forces acting on the spool can be written as [21]:

(plmy - pTIGV)AS,IGV — Fr oy — MIGVXIGV - CIGVXIGV =0, (14)

where (py,., — Prie) Asi6v is the actuation force generated by the differential pressure (py,., — Pr,s,)

2
Digy, D¢y denotes the diameter of the

acting on the sliding spool lateral surfaces of area Ay = —,

sliding spool; Fy gy is the flow force that opposes the actuation force; Mgy X6y and Cigy X6y are the
inertia force and the damping force (accounting for friction), respectively; M;y and C;5, indicating
the mass and the damping factor of the sliding spool, respectively.

To evaluate the damping factor of the sliding spool, which is due to the frictional forces acting on

it, the following relation can be used [42]:

c _ wtDigy ligy
GV ) . (&ﬂ)z ’ (15)
tev Crev

where i is the dynamic viscosity of the jet fuel, and [;5y is the length of the sliding spool; ¢;syis the
radial clearance and ¢y is the radial eccentricity.

The flow force is calculated by using the following simplified equation [48]:

2
QIGV

Ff,IGV = Zp COSI9, (16)

.SIGV

where the factor 2 is due to two metering chambers being opened simultaneously (P > A and B -
T, for a right displacement of the sliding spool, or P = B and A - T, for a left displacement of the

sliding spool), @y is the volumetric flow rate, A is the restriction area through each metering

.SIGV
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chamber, and 6 is the velocity angle with respect to the horizontal direction at section 4, ,.,. The
value of the restriction area is determined as follows [48]:

Ay 51y = bigvXiev if Xigv = Crovs (17)

Arsiov = Ausigy = bievCiov U Xigv < Cigr) (18)

where by is the overall slot width and A, ., is the sliding spool leakage area. The restriction area
has the same value in both the (P->A) and (B->T) paths. In this analysis, the impact of fluid erosion
and any geometrical imperfections that might cause an increase in the leakage area, as discussed in
[38] has been left out of consideration.

The flow rate through each metering section of the main stage is calculated using the orifice

equation:

24p
QIGV = CDIGVAT‘SIGV 71 (19)

where Cp, .., is the discharge coefficient and 4p denotes the pressure drop across the IGV servovalve,
which can be calculated as follows:

Pp — Pa
2 )

Ap=pp—P1=P2—Da= (20)

where p; and p, are the pressures at Port A and Port B, respectively.

To calculate the extra power consumed by the main fuel pump because of the pressure drop in
the main stage of the IGV servovalve, without taking into account the internal leakage of the pilot
stage, the following equation can be used to determine the power dissipated by the IGV servovalve
main stage [49]:

Pagv = ) (21)

To control the position of the IGV actuator, a closed-loop control system is simulated using a
Proportional-Integral (PI) controller. The controller modifies the low input current to the IGV
servovalve to attain the desired position of the IGV actuator. The low input current (ijzy) is

determined by the following equation:

¢
ligv = Kpiveiey (t) + KI,IGVJ. ey (t)dt. (22)
0

where ey (t) is the error, namely, the difference between the set point and the actual value of the
IGV actuator position, X4; K;, 6y and K; ;6 denote the proportional and integral gain of the IGV

controller, respectively.
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Fig. 81. Schematic representation of the main stage of the IGV Servovalve including the main parameters used

in the numerical model.

In the schematic representation of Fig. 81, qs,,., and ¢, ., denote the pilot flow entering (positive

sign) or exiting (negative sign) the IGV servovalve main stage on the left and right side, respectively.

3.2.2.3.3 FM Servovalve: Main Stage
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Fig. 82. Schematic representation of the main stage of the FM Servovalve including the main parameters used in

the numerical model.
The equations below explain how the main stage of the FM servovalve operates, considering the

movement of the main spool from left (I) to right (r) as depicted in Fig. 82.

To compute the damping factor (Cry,) of the main spool and determine the equilibrium of forces
on it, equations (14 — 15) can be utilized by using the suffix "FM" instead of "IGV".

The flow force, F ry, and the main metered fuel flow rate, Qry, through the metering section of

the main stage can be evaluated by the following equations:

2

FM
———cosv,
Arspm

From = p (23)
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2(pp — Pse)
QFM = CDFMAT,SFM %) (24)

To evaluate the restriction area of the metering section, A for the FM servovalve, equations (17

r,SFM’
—18) can be used by replacing the suffix "IGV” with "FM".

To calculate the additional power absorbed by the main fuel pump as a result of the pressure drop
in the main stage of the FM servovalve, without taking into account internal leakage, the power loss

through the FM servovalve main stage can be computed using the following equation [42]:

_ Qrm (pp — Dse)

Paru = n (25)

By means of a closed loop control system, a proportional-integral (PI) controller adjusts the low
input current (ipy) to obtain the desired main spool position (Xgy) according to the calculated error
erm(t):

¢
ipy = Ky pmepm () + KI,FMf epy (t)dt. (26)
0

where K, ry represents the proportional gain of the FM servovalve controller, while K;py
corresponds to the integral gain of the FM servovalve controller.

Once again, in the schematic representation of Fig. 82, q,,.,, and ¢, py represent the pilot flow
entering (positive sign) or exiting (negative sign) the FM servovalve main stage on the left and right

side, respectively.

3.2.2.4 IGV Actuator

The IGV actuator (8) is mounted on the compressor casing and plays a fundamental role in adjusting
the angle position of the IGVs. Fig. 83 illustrates that the IGV actuator is a double-ended double-
acting (synchronous) cylinder, which means it has a symmetrical behaviour. In the numerical model,
the simulation is limited to a single IGV actuator, which is a common configuration for turboprop
and turbojet engines. However, the simulation can be expanded to include multiple actuators if they

are present in the fuel system.
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Fig. 83. schematic representation of the IGV Actuator including the main parameters used in the numerical
model.
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When the IGV servovalve provides fuel flow rate to the IGV actuator, causing the piston to move

from right to left, the forces acting on the piston can be balanced as shown below:
(p1 — P2)As — (mg + m)X, — (C4 + C)Xy = 0, (27)
where (p; — p,)A, is the actuation force generated by the differential pressure (p; — p,) acting on the

2_p2
@,‘ D, and D; denotes the diameter of the cylinder and the

piston rod, respectively; my and m, represent the mass of the piston and the mass of the IGVs

lateral surfaces of piston area 4, =

actuation mechanism, respectively; C, and C, indicate the damping factor of the piston and of the
IGVs actuation mechanism, respectively. In the model, the piston position, X,, is measured by an
ideal translational motion sensor; the sensor is considered to be ideal as the corresponding Simulink
block neglects the effects of inertia, friction, time delays, and power consumption associated with it.
The piston velocity (w,) can be evaluated using the following equation:
QI GV

wy = A, (28)

3.2.2.5 Pressurizing Valve
The pressurizing valve (10) serves to build up the main metered fuel pressure (ps.) to a
predetermined minimum value (psecrqck) before allowing metered fuel pressure (p,,) to flow

towards the engine shut off-valve.
— - Fuel From
Pressurizing Valve Boost Pumps

Fuel

From FM =

Servovalve

To Engine Fuel From
Shut-Off Valve Boost Pumps

pr
Fuel
From FM =) =) Qpr

Servovalve

(b)

Fig. 84. Schematic representation of the Pressurizing Valve including the main parameters used in the numerical

model: (a) Closed position; (b) Fully open position.

The operating principle of the pressurizing valve is shown in Fig. 84. The pressurizing valve is
not meant to have any metering effect on the fuel, but there is a slight decrease in pressure across it,
which is why p,, is indicated as metered fuel pressure. At the start of the engine, the pressurizing
valve is closed by the boost pressure (p;), and the preload force of the spring (kp.x,,,) to prevent
low-pressure fuel from flowing to the fuel nozzles. The value of the cracking pressure (Pse crack)s
which is the main metered fuel pressure at which the pressurizing valve starts to open, depends on
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the equilibrium of the forces acting on the piston of the valve, including the flow force, inertia force
and damping force [278]. When the piston is not moving, and neglecting the flow force, the cracking

pressure is equal to:

kprxo,pr

Pse,crack = A— + Da, (29)
pr

where A,, is the effective area of the piston; x,,, and k,, are the preload and the stiffness of the
spring, respectively. The suffix “pr” denotes the quantities regarding the pressurizing valve.

The metered fuel flow rate, @Q,,, that flows across the pressurizing valve towards the engine shut-

,2(19 — Ppr)
Qpr = CpprWprXpr %x (30)

where Cp,,, is the discharge coefficient, whereas w,,,. is the slot width of the pressurizing valve, and

off valve is given by [278]:

X,y is the piston position (equal to the deformation of the spring).

The behaviour of the pressurizing valve can be described as follows: when it is not fully open, the
metered fuel flow rate (Q,,) across the valve has a linear relationship with the main metered pressure
(pse)- Instead, once the valve is fully open, this relationship becomes quadratic. To determine the
value of the main metered pressure (ps ;) at which the valve reaches its fully open position, the
following equation can be used:

ke prXpr

Dse,iin = + Dsecrack (31)
Apr

The additional power absorbed by the main pump because of the pressure drop in the
pressurizing valve can be evaluated as follows:

_ Qpr(pse - ppr)

P r 32
dap m (32)

3.2.2.6 Engine Shut-Off Valve — Fuel Nozzles — Combustion Chamber

The engine shut-off valve (11) is responsible for controlling the fuel flow to the engine, allowing it to
be started or stopped as needed. The fuel nozzles (12) are the final components of the fuel system,
responsible for atomizing or vaporizing the fuel to ensure efficient combustion. To model the
behaviour of these components, two "Constant Area Hydraulic Orifice" blocks are used, while a
"Reservoir" block is employed to simulate the combustion chamber (13). The flow rates passing
through the engine shut-off valve (Qs,) and the fuel nozzles (Qf,) can be calculated using the

following equations [42]:

2(Ppr — Psn)
Qsh = CD,shAr,sh PTp : ) (33)
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’2(17 — Pec)
an = CD,anr,fn % (34)

where Cj, is the discharge coefficient, whereas A, is the restriction area (orifice area). The suffix “sh”
and “fn” denote the engine shut-off valve and the fuel nozzles, respectively; py, is the pressure
downstream of the engine shut-off valve (equal to the nozzles inlet pressure) and p,, is the pressure

in the combustion chamber; the latter value is set in the “Reservoir” block.
3.3 Numerical Results

In this section, the numerical results are presented and discussed. Table 18 provides the input values
of the operating and geometrical parameters used in the simulations. These values are typical of fuel
systems for a large-size turboprop engine and have been determined through a comprehensive
review of relevant literature for each component [23], [276], [277], [279]. Furthermore, Table 19

displays the output variables that will be acquired from the simulations.

Table 18. Simulated input parameters and corresponding nomenclature.

Component Input Parameter — (Symbol) Value Unit
Temperature (T) 90 °C
Fuel (Jet Fuel) Density (0) 784.3 kg/m?
Viscosity (L) 7.7-10+4 kg/(ms)
Boost Pumps (1) Boost Pressure (pa) 3 bar
Main Fuel Pump (4) Flow R.ajre (Qp) 40 L/min
Pump Efficiency (np) 0.8 -
Pressure Relief Valve (5) Max. Pressure (pmax) 200 bar
Spring Preload (xob) 10.8 mm
Spring Stiffness (ko) 2500 N/m
Spring def. max (Xbmax) 5 mm
Bypass Valve (6) Spool Mass (mb) 15 g
Damping Factor (Cv) 20 Ns/m
Spool Area (Av) 78.54 mm?
Slot Width (wv) 5 mm
Torque Motor Gain (Ki,iGv/em) 0.025 in-lbf/mA
Torque Motor Natural Frequency (wniGv/rv) 730 Hz
Torque Motor Damping Ratio (£icv/em) 0.4 -
Pilot Stage Input Current (ircv/rm) £10 mA
IGV/FM Servovalve (7) - (9) Flapper Stiffness (Ksicv/rv) 93 in-lbf/in
Flapper Clearance (xicv/em) 0.1 mm
Fixed Orifice Diameter (do1cv/rm) 1.01 mm
Nozzles Diameter (dniGv/im) 0.5 mm
Spool Diameter (Dicv) 10 mm
Spool Mass (Micv) 30 g
Main Stage Spool Damping (Cicv) 1 Ns/m
IGV Servovalve (7) Spool Displacement (Xicv) +1 mm
Spool Length (licv) 80 mm
Radial Clearance (cicv) 3 um
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Radial Eccentricity (eicv) 1 pm
Leakage Area (Aisicv) 4107 mm?
Flow Angle (O1cv) 69 deg
Overall Slot Width (bicv) 15 mm
Piston Rod Diameter (Di) 10 mm
Cylinder Diameter (De) 40 mm
Piston Stroke (Xamax) 40 mm
IGV Actuator (8) Piston Mass (ma) 5 kg
Piston Damping (Ca) 10 Ns/m
IGV System Mass (mx) 100 kg
IGV System Damping (Cr) 10 Ns/m
Spool Diameter (Drwm) 6 mm
Spool Mass (Mrm) 10 g
Spool Damping (Crm) 1 Ns/m
Spool Displacement (Xem) 1 mm
Main Stage Spool Length (Iem) 60 mm
FM Servovalve (9) Radial Clearance (crm) 3 pm
Radial Eccentricity (erm) 1 pm
Leakage Area (Aisrv) 2.9-102 mm?
Flow Angle (Orm) 69 deg
Overall Slot Width (brwm) 9.42 mm
Spring Preload (xopr) 2 mm
Spring Stiffness (kpr) 10000 N/m
Spring def. max (Xpr,max) 4 mm
Pressurizing Valve (10) Spool Mass (mpr) 10 g
Spool Damping Factor (Cpr) 10 Ns/m
Piston Area (Apr) 133 mm?
Slot Width (wpr) 1.5 mm
Engine Shut-Off Valve (11) Restriction Area (Arsh) 15 [mm?]
Fuel Nozzles (12) Restriction Area (Ar) 2.5 [mm?]
Combustion Chamber (13) Pressure (pc) 12 [bar]

Table 19. Output variables nomenclature.

Component Output Variable Symbol
. Pressure pr
Main Fuel Pump (4) Power Absorbed Pa
Flow Rate Qo
Bypass Valve (6) Power Dissipated Pap
Current iIGv/EM
Torque Tq1cv/Em
. Flapper Displacement X{IGV/EM
Pilot Stage
IGV/EM Servovalve (7) - (9) Left No.z.zle Flow Rate qnlIGV/IM
Left Orifice Flow Rate ol IGV/EM
Right Nozzle Flow Rate qn.rIGV/EM
Right Orifice Flow Rate qor IGV/EM
Left Spool Pressure PLIGV/EM
Main Stage Right Spool Pressure PriGv/EM
IGV/FM Servovavle (7) - (9) Total Pressure Drop (IGV Servovalve) Ap
Main Metered Pressure (FM Servovalve) Pse
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Left Spool Flow q1sIGV/FM

Right Spool Flow qrsIGV/EM
Spool Position Xicv/em
Flow Force Fricvem
Flow Rate Qicv/rm
Power Dissipated Pa1cv/rm
Piston Delta Pressure (p1—p2)
IGV Actuator (8) Piston Position Xa
Piston Velocity Wp
Cracking Pressure Psecrack
Linear Trend Pressure Pselin
Pressurizing Valve (10) Metered Pressure Per
Flow Rate Qpr
Power Dissipated Pd,pr
. Downstream Pressure psh
Engine Shut-Off Valve (11) Flow Rate O
Fuel Nozzles (12) Flow Rate Qm

To test the performance of the fuel system, closed-loop step tests were carried out, in which two
controlled variables were adjusted. The positions of the FM servovalve main stage spool (referred to
as Xry) and the IGV actuator piston position (defined as X,) were modified by changing the currents
iry and ijqy applied to the torque motor of the pilot stages of the two electrohydraulic servovalves.

The FM servovalve PI controller parameters were Kp =9 and K; = 150, while the IGV PI
controller parameters were Kp = 0.2 and K; = 0.0025. These specific values for the controller
parameters were determined by a trial-and-error approach. The back calculation anti-windup
method was implemented in the PI controller. The derivative action, as often occurs, was not
considered because it is too sensitive to noise.

To perform the step tests, the set points for both control variables were changed five times each. For
the FM servovalve, the set point was increased from 0 to 0.9 mm, then decreased from 0.9 to 0.7 mm,
from 0.7 to 0.5 mm, from 0.5 to 0.3 mm, and finally returned to 0 mm. Each set point was maintained
for 0.5 seconds, as shown in  Fig. 85. Similarly, for the IGV actuator, whose piston was initially
located in the neutral position (i.e., at the center of the cylinder, X, = 0 mm), the set point was
increased from 0 to 5 mm, then from 5 to 10 mm, from 10 to 15 mm, from 15 to 20 mm, and finally
returned to 0 mm. Each set point was also maintained for 0.5 seconds, as shown in Fig. 86.

Fig. 85 to 89 present the time histories of the numerical results of the main parameters concerning the
FM servovalve, IGV servovalve, and IGV actuator. Specifically, Fig. 85 and 87 focus on the main stage
and pilot stage of the FM servovalve. Fig. 88 and 89 are related to the main stage and pilot stage of
the IGV servovalve. Fig. 86 pertains to the IGV actuator.

Firstly, the graphs related to the FM servovalve are analysed. Observing Fig. 87, it is evident that
when the FM servovalve pilot stage is not energized, the flapper remains stationary at x¢ ry; = 0 mm
(scaled by 15 in the graph for clarity). In this state, the combined quiescent flow from the two variable
nozzles (qnrp,, and Gy ,,,) returning to the inlet of the main fuel pump is equal to 0.92 L/min, where
Anrpy = Anipy = 0-46 L/min. In the first positive step (at 3.5 s), the control system energizes the torque

motor by transmitting a positive current (iry) to the coils of the FM servovalve pilot stage. The
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generated electromagnetic field causes the armature to rotate due to a positive torque (T, ru). As the
flapper is hinged to the armature, it moves towards the left nozzle, reducing the flow rate through it
and increasing the flow rate through the right nozzle. On the other hand, for the other four negative
steps, the opposite happens. Note that the current applied to the pilot stage remains non-zero in
steady-state conditions to generate a pressure difference at the spool ends that counteracts the flow
force acting on the main spool.

Referring to Fig. 85, specifically during the first significant positive step, the main spool position
(Xry) remarkably reaches 90% of the set points in less than 20 ms. As a consequence of the main
spool displacement, the value of the main metered flow rate (Qry) flowing through the FM
servovalve main stage towards the pressurizing valve undergoes changes. The graph also displays
the pilot flow entering (positive sign) or exiting (negative sign) the FM servovalve main stage on the
left (qs,,,,) and right (qs,,,) side, which aligns well with the predicted main spool displacement.

When examining the predictions of the IGV servovalve pilot stage, Fig. 89 shows that they
resemble those of the FM servovalve pilot stage, apart from the order in which the positive and
negative steps occur, which are consistent with the IGV actuator set points, shown in Fig. 86. Once
again, during the positive steps, the control system sends a positive current (i;s) to the coils of the
IGV servovalve pilot stage, which generates a positive torque (T ;¢v). This torque moves the flapper
towards the left nozzle, causing the flow rate through the left nozzle (gy,,,,) to decrease and the right
nozzle (qnrp,,) to increase. The opposite happens during the negative step. To make the plot clearer,
the flapper displacement (x; ;5y) is multiplied by 15.

The IGV servovalve main stage is designed to regulate the flow of fuel through its ports. When
the flapper displacement is positive, the main spool moves from left to right (X,s, is denoted by a
positive value), allowing fuel to flow from Port (P) to Port (A), and from Port (B) to Port (T).
Conversely, when the flapper displacement is negative, the main spool moves from right to left
(X;v is denoted by a negative value), allowing fuel to flow from Port (P) to Port (B), and from Port
(A) to Port (T). There are two important factors that affect the fuel flow rate through the IGV
servovalve (Q;gy). The first is the required position of the IGV actuator piston, which affects the
opening degree of the IGV servovalve. The second is the required position of the FM servovalve main
spool, which affects the pressure at the inlet of the IGV servovalve. Since both servovalves are
connected to the same fuel line from the main fuel pump, the pressure in this fuel line (i.e., the pump
pressure, p,) will vary based on the FM servovalve main spool position. Examining Fig. 88, it is clear
that the fuel flow rate used by the IGV Actuator, Q;;y (PA — BT), decreases from the first to the
fourth positive step, even though the step size remains the same. This decrease occurs because,
although the main spool position of the IGV servovalve reaches the same value during these four
positive steps (X;sy = 0.11 mm), the pump pressure decreases progressively from the first to the
fourth step because of the corresponding decrease in the FM servovalve main spool position. To
provide greater clarity, the time history of the pressure pump (p,) has been plotted in Fig. 92. The
last step achieves the highest flow rate, Q;;y (PB — AT), of the five steps and allows the piston of the
IGV actuator to return to the starting position. This happens because, even though the pump pressure
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at the IGV servovalve inlet is at its lowest point among the five steps, the IGV actuator piston position
experiences the largest step size, resulting in the highest opening degree of the IGV servovalve
(IXi6v| = 0.44 mm). Once again, the predicted pilot flows (qs,., and g, ) are in agreement with
the predicted main spool position.

With regard to the IGV actuator, it can be observed from Fig. 86 that the control system enables
the IGV actuator piston (X,) to attain the set points in less than 150 milliseconds in all simulated step
tests. Additionally, the velocity of the piston (w,) varies consistently with the fuel flow rate (Q,sy)

across all the five steps.
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The numerical results of the bypass valve are presented in Fig. 90. At the first, before energizing
the pilot stages of both servovalves, the bypass valve position (x;) is approximately 2.5 mm. This
configuration enables all the flow rate generated by the main fuel pump (except for the quiescent
flows needed in the pilot stage of the two servovalves) to be bypassed back to the main fuel pump

inlet. On the other hand, the spring-piston mechanism inside the bypass valve ensures an almost
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constant pressure difference of 4 bar across the FM servovalve (3.7 bar < p, — ps. < 4.2 bar). This

pressure difference slightly changes with the flow rate through the bypass valve, Q.
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Fig. 90. Bypass Valve predictions: valve position (mm), delta-pressure (bar), flow through the valve (L/min).

The pressurizing valve predictions are shown in Fig. 91 and 92. In particular, Fig. 91 shows the
pressurizing valve characteristic, which has been obtained during the first positive steps (when the
FM servovalve set point is changed from 0 to 0.9 mm and the IGV actuator set point is changed from
0 to 5 mm), but holds general validity for all the five steps. The pressurizing valve opens at a
minimum main metered pressure of pg, crqck =18 bar and reaches its fully open position at a main
metered pressure of pg, ;i = 21 bar. During the transition phase between the closed and fully open
position, the valve behaviour is linear, showing a direct relationship between the main metered
pressure (ps.) and the metered fuel flow rate (Qp, = Qry). Instead, for pressures above pse in, the
relationship becomes quadratic.

The graph of Fig. 92 indicates that the valve is fully open (x,, = 4 mm) from the first to the third
step due to ps, being greater than ps, ;;,. However, during fourth step, the valve fails to reach its fully

open position (Xpr = 2.5 mm) because pse crack < Pse < Pse,lin-
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In Fig. 93, the pressure histories at various points of the fuel system are plotted over time. These
points include the pressurizing valve outlet (p,,), the engine shut-off valve outlet or injector nozzles
inlet (pgy), and the combustion chamber (p..), which remains constant since it is set to 12 bar. It can
be observed that the pressure drops across the shut-off valve (p,—ps,) and the injector nozzles
(Psh— Dec) increase with the main metered flow rate (Qp),) according to equations 33 and 34.

In conclusion, Fig. 94 presents the predicted power consumption for various components of the
system, such as the main stage of the FM servovalve (P, ) ), the main stage of the IGV servovalve
(Pa,6v), the pressurizing valve (P;,,), and the bypass valve (P;,). These sources of power
consumption are due to the pressure drop generated in each component. In addition, the power
absorbed by the main fuel pump (F,) is plotted in Fig. 94. The graph indicates that the bypass valve
and the IGV servovalve—a four-way, three-position (4/3) type—are the primary sources of power
consumption under the given operating conditions, consuming approximately 3.5 kW and 1 kW,
respectively. For the IGV and FM servovalves, the analysis focuses only on the power consumption
due to internal leakage in the main stage, excluding the more significant energy consumption from
the quiescent flow in the pilot stage. This finding highlights the challenges associated with two-stage
servovalves regarding power efficiency. Therefore, modifications to their design and operation could

lead to substantial energy savings, resulting in more efficient aircraft.
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3.4 Discussion

These first research studies [42], [43] thoroughly examined the performance of an entire aircraft
fuel system based on the General Electric CJ610 type. They analysed and simulated both airframe
and engine components, including the main fuel pump, pressure relief valve, bypass valve, FM
servovalve, pressurizing valve, engine shut-off valve, fuel nozzles, as well as the IGV servovalve and
IGV actuators. These components were simulated using Simulink and the Simscape Fluids
(Hydraulics) library, allowing for accurate closed-loop control simulations.

In the simulated step tests, the controlled variables were the sliding spool position of the FM
servovalve and the piston position of the IGV actuator, while the control variables were the input
currents sent to the pilot stages of the FM and IGV servovalves. The control system demonstrated
high performance, achieving the desired set points for the FM servovalve and the IGV actuator in
just 20 ms and 150 ms, respectively.

The code simulated the aircraft fuel system's dynamics and evaluated its energy efficiency. The
investigation identified the bypass valve and IGV servovalve as the main energy consumers,
dissipating about 3.5 kW and 1 kW, respectively. The analysis focused on internal leakage in the main
stage of the IGV and FM servovalves, excluding the larger consumption from the quiescent flow in
the pilot stage, highlighting efficiency challenges with two-stage servovalves. The findings suggested
that redesigning conventional servovalve architectures could lead to significant energy savings and
enhance the fuel system's sustainability and efficiency.

In conclusion, the developed numerical code is applicable to different turbine engine types (e.g.,
by including more actuators and changing the operating data), making it a valuable tool for both
manufacturers and researchers to assess fuel system performance and explore optimization

strategies.

102



Chapter 4

4. DEVELOPMENT OF TWO INNOVATIVE HFSVs

Despite their widespread use in industrial and aeronautical applications, commercially available
spool valves—both servovalves and proportional valves—are inefficient due to high power
consumption, as thoroughly explained in Chapter 1. For instance, as evaluated the research studies
in Chapter 3, servovalves heavily influence the energy performance of FMUs in aircraft fuel systems.
Chapter 2 has introduced a recent research focus on replacing these spool valves with HFSVs, which
could advance digital hydraulic technology in industrial and aeronautical applications.

Although digital hydraulic technology offers significant advantages, it currently lacks substantial
industrial and aeronautical applications due to manufacturing challenges associated with HFSVs.
These valves must achieve high switching frequencies and speeds (under 5 ms), minimize pressure
losses, and deliver high flow rates while maintaining a compact size. Indeed, despite their high
switching speeds and frequencies, the piezoelectric HFSVs reviewed in Chapter 2 deliver insufficient
flow rates, making them unsuitable as direct replacements for conventional spool valves.

In this context, this Chapter presents a feasibility study of two potential HFSV architectures
directly actuated by a commercially available ring stack —a multilayer PEA capable of generating the
high actuation forces required for this application. The proposed valve architectures are assessed
using well-established equations implemented in two Simulink models, allowing for accurate
simulations of the hydraulic, mechanical, and electrical components of the valves. The chapter begins
with a detailed description of the valve architectures and the corresponding numerical models
developed, followed by validation of the ring stack actuator’s hysteresis model against manufacturer-
provided data. Finally, it presents the numerical results from both open-loop and closed-loop control
systems.

The findings from these research studies have been shared at national [49] and international

conferences [45] and published in prestigious journals [50].
4.1 Valve Architectures

To develop two novel HFSVs—specifically a two-way two-position (2/2) HFSV and a four-way two-
position (4/2) HESV —suitable for integration into the digital hydraulic circuit illustrated in Fig. 43

and Fig. 44 in Chapter 2, the following requirements must be met:

v Rapid Switching Time: The valves must be capable of switching between open and closed
positions within a very short time interval, specifically less than 5 milliseconds;

v Low Pressure Drops: Even at high flow rates, the valves must generate minimal pressure drops
in order to prevent energy dissipation. The desired target is to achieve a maximum pressure drop
of 15 bar at a flow rate of 60 L/min;

v" Robustness: The valves must be robust and reliable, capable of handling numerous operational
cycles without compromising their functionality or durability.
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To achieve the specified goals, a ring stack actuator is employed for the actuation of the valves.
The specific ring stack actuator chosen for this purpose is manufactured by Noliac, namely the model
NAC2125-HXX with the maximum height (H =200 mm) [280]. It is capable of producing the highest
value of maximum free stroke (x;,4, = 325 um). The maximum blocking force of this actuator is
Fymax = 8450 N, while its stiffness is k,, = 26 N/um. The detailed specifications are outlined in Table
20 [280], [281].

Table 20. NAC2125-HXX Ring Stack: Specifications [280].

Parameter Symbol Value Unit
Outer Diameter D 20 Mm
Inner Diameter d 12 Mm
Height H 200 Mm
Max. Operating Voltage Vimax 200 \%
Max. Blocking Force Fb,max 8450 N
Max. Free Stroke Xmax 325 um
Capacitance Cap 79300 nF
Stiffness kp 26 N/pum

The operation of the proposed HFSV architectures is depicted in Fig. 95. Specifically, Fig. 95a shows
the working principle of the 2/2 HFSV, while Fig. 95b illustrates that of the 4/2 HESV.

(D Ring Stack
(2) Poppet
(3 Hole of the Stack
A (@ Spring A
&ap (8] Valve Seats P

(a)

@ Ring Stack T
@ Poppets B/A
(3] Hole of the Stack A/B
) Spring P
@ Valve Seats

(b)

Fig. 95. Working principle of the proposed valve architectures: (a) 2/2 HESV; (b) 4/2 HFSV
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To avoid redundancy, only the working principle of the 4/2 HFSV will be described, as it closely
resembles that of the 2/2 HFSV. Specifically, in the 4/2 HFSV design (Fig.95b), the valve remains
closed thanks to the contact between the poppets (2) and the valve seats (5). To initiate valve opening,
a digital signal is transmitted to activate the ring stack actuator (1). Consequently, the poppets, which
are inserted through the hole of the stack (3), move downward, disengaging from their respective
valve seats and allowing the valve to open. Additionally, the design includes a spring (4) with the
dual function of maintaining close contact between the poppets and PEA and ensuring the correct
pre-compression of the latter. This pre-compression is necessary because piezo stack actuators cannot
handle large pulling forces, and applying a preload helps prevent damage.

When no voltage is applied to the ring stack actuator, no deformation occurs, and as a result, the
valve remains closed, as depicted in Fig.95b (left). However, when a differential voltage is applied to
the ring stack actuator, the poppets move from their original position, leading to the opening of the
valve. Consequently, oil flow is permitted from Port P to Port A, and from Port B to Port T, as
illustrated in Fig. 95b (right).

One critical aspect of HFSVs pertains to their frequent daily switching requirements. As a result,
they must exhibit high resistance to wear and fatigue. In the selected 4/2 HFSV design, the poppets
and their respective valve seats assume an important role in fulfilling these requirements. Any
mismatch between these components could lead to adverse effects on sealing and the overall lifespan
of the valve. To address this challenge, stainless steel is selected for the poppets, while nickel
aluminium bronze is chosen for the valve seats, in line with recommendations provided by poppet
valve manufacturers [282]. Furthermore, since the two poppets are integrated into a single body,
achieving a reliable seal on both seats requires meticulous attention to geometric tolerances. This
ensures a high-quality seal without adding unnecessary complexity or compromising functionality.

This focus on sealing performance is critical for minimizing leakage and maintaining system
efficiency, setting this design apart from conventional spool valves, where achieving a perfect seal is

generally not a priority.
4.2 Numerical Model of the 4/2 HFSV

The performance evaluation of the proposed valve architectures, specifically that illustrated in Fig.95,
is conducted using well-established and referenced equations integrated within Simulink, utilizing
the Simscape Fluids library [283]. Furthermore, since the model of the 4/2 HFSV extends from that of
the 2/2 HFSV, only the 4/2 HFSV model will be described here. A detailed description of the 2/2 HFSV
Simulink model is provided in [49]. The Simulink model of the 4/2 HFSV is shown in Fig. 96.
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Fig. 96. 4/2 HFSV Simulink Model.

The equations implemented in Simulink are described in the following, referring to the actuation

of the ring stack and the resulting opening of the valve, as shown in Fig. 97.

Fig. 97. Illustration of the modelled valve architecture in the open position, featuring the key system parameters

"non

employed and the main output variables obtained (please note that the radial clearance, denoted as "c," has been
overestimated for clarity).

The ring stack necessitates an amplifier, which is responsible for converting a low-input control
voltage, characterized by an overall period (), a switching frequency (f), an amplitude (), and a
duty cycle (DC), into a high-output voltage (V). The relation between the output and the input

voltage is simulated by using a second order transfer function G (s) [49]:
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G(S) — Vamp _ kaw%

= , 35
|74 s? + 2éw,s + w2 (35)

where s is the complex variable, while k,, w,, and ¢ are the gain, natural frequency and damping
ratio of the amplifier, respectively. The current limit of the amplifier, I,,,4,, is computed as follows
[49]:

av, I
< amp) _ _max (3 6)
dt max
where (g, is the capacitance of the ring-stack.
The consideration of piezoelectric hysteresis involves the implementation of the Bouc-Wen
hysteresis model, as described and used in reference [48]. This model enables the computation of the

hysteresis nonlinear term, n:

dn dv, dav, dav,
amp B| amp|n -5 amp |Tl|, (37)

a - YT a dt dt

where @, f and § are parameters to be adjusted in order to adapt the hysteresis model to a specific
case. The hysteresis non-linear term, n, is used to correct the blocking force, F},, because of hysteresis,
as follows [48]:

Fy = KyKyp(Vamp — 1), (38)

where K, is a correction factor, to be tuned in order to match the numerical model with the
experimental data provided by the manufacturer; whereas Ky is a conversion factor (from voltage
to force).

The blocking force, F),, determines the actuation force, F,., which can be calculated as follows
[49]:

Fact = Fp = kpx, (39)

where k, and x are the stiffness and the displacement of the actuator (the latter is equal to the
poppets’ displacement).

When the valve is actuated, the equilibrium of forces acting on the poppets can be expressed as:
Fact_Fs_Fflow_Fc_Fi=0' (40)

where:

e F,isthe force of the additional spring givenby F; = kg (x + &), with ks and §, representing
the stiffness and the pre-compression of the additional spring;

e [ is the viscous force given by F, = Cx, with C representing the damping factor of the
poppets (accounting for fluid viscosity);

e F;is the inertia force given by F; = m#, with m representing the mass of the moving parts.

e Ff,ow represents the flow forces acting on the poppets. Based on the momentum equation and
architecture of the valve, the flow forces act in opposition to the actuation force, effectively

working to close the valve. It is important to highlight that the contribution of the fluid
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pressure from port P (p,) is included in the calculation of flow forces. This term also accounts

for viscous effects, ensuring a comprehensive representation of the forces acting on the valve.

To determine the damping factor of the poppets, C, which accounts for the frictional forces acting

on them, the following relationship can be utilized [49]:

urD,l,
ef1- ()

where W is the dynamic viscosity of the oil, D, and [,, are the poppets’ diameter and length of the part

' (41)

in contact with the case; c is the radial clearance and ¢ is the radial eccentricity.

The flow of fluid through the valve ports leads to the generation of steady-state and transient flow
forces. Steady-state flow forces, which are hydrodynamic effects in stable flow conditions, can be
further categorized as axial and radial flow forces [284]. In contrast, transient flow forces are
instantaneous hydrodynamic phenomena that occur during sudden valve port opening or closing
[285]. This analysis focuses only on steady-state flow forces, which occur as oil flows through the two
metering chambers. The evaluation of these forces can be performed using the following equation
[48], [286]:

QZ
Friow = ZpA—cosﬁ, (42)
T

where the factor 2 considers the two metering chambers being opened simultaneously, p is the oil
density, and 6 is the velocity angle with respect to the horizontal direction; the volumetric flow rate,
Q, and the restriction area, 4,, through each metering chamber can be calculated by the following

equations [49]:

A, = mD,xsind, (43)

Q = CpA, j% (44)

where Cp, is the discharge coefficient and Ap is the overall pressure drop across the valve. In the
model, Port A and Port B are hydraulically connected and the pressure drop is neglected. Therefore,

the pressure drop in Equation (42) becomes:
Ap = pp — pr = 2(ps — pr) = 2(pp — PA), (45)

When oil flows through the metering chambers, it experiences a pressure drop, which results in
power consumption. The ideal power average loss in the 4/2 HFSV, P, ,, can be determined as follows
[286]:

Pyy = QuAp, (46)

where Qy is the average flow rate provided by the valve.
The range of motion for the poppets is constrained by two stops, defining upper and lower
bounds. Each stop incorporates a combination of a spring and a damper. When the poppets reach
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their maximum displacement (x = X;;45) Or minimum displacement (x = Xy, = 0), a force (Fstp)

is exerted on the ring stack. The calculation for this force is evaluated as follows [49]:

Fstop = Kstop(xmax -x) + Cstopa(xmax - x), 47)
for x = X
d
Fstop = stop(xmin -x) + Cstopa(xmin - x), (48)
for x <0

To simulate the volume of oil between ports (P) and (A), as well as between ports (B) and (T), a
block named "Constant Volume Hydraulic Chamber" is utilized. This block serves the purpose of
mimicking a chamber with fixed volume and rigid walls, while also considering the compressibility

of the fluid. The following equations are applied [49]:

Vop
Vcham = VO + %} (49)
chham VO dp
= = —— 50

where V, represents the geometrical volume of the chamber. This value is obtained by multiplying
the internal diameter (D) by the overall internal length (Ly). On the other hand, V4, represents the
volume of oil in the chamber at a given pressure (p), while g, represents the volumetric flow rate

through the chamber. To calculate the actual bulk modulus (E), the following equation is used [49]:

1+ a(%a)l/v
e 61)
7 oy Fo

1+

where E, is the pure liquid bulk modulus, p, is the atmospheric pressure, y is the gas-specific heat
ratio (y =1.4) and o is the relative gas content at atmospheric pressure.

Both open and closed-loop control systems can be simulated. In the former control system, users
have the flexibility to set the switching frequency (f), the overall period (), the duty cycle (DC), the
amplitude (V) of the input control voltage, as well as the overall pressure drop across the valve (Ap).
The resulting output variables include the average flow rate (Qy) and the average power
consumption (P, ,,). Conversely, in the latter control system, a PI controller is employed to adjust the
duty cycle of the input pulse digital signal, aiming to achieve the desired average flow rate, based on

the calculated error term e(t):

t

DC = Kpe(t) + K,J- e(t)dt (52)

where Kp and K; denote the proportional and integral gain, respectively. The controller does not
incorporate the derivative action due to its susceptibility to noise in the process variable signal.
The Simulink solver, specifically Odel4x, calculates the states of the dynamic system at

consecutive time intervals of 0.1 ms over a defined period.
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To recap, Fig. 98 and Fig. 99 display two structured block diagrams that provide a visual

representation of how the previous described equations flow in open and closed control systems,
respectively. The colour of each block clarifies whether it represents the input variables, the input

system parameters or the resulting output variables.
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4.3 Numerical Results 4/2 HFSV

The following section presents and discusses the results of the numerical simulations conducted on
both metering chambers of the 4/2 HESV, specifically P - A and B>T. The initial step involved the
validation of the hysteresis model using the data provided by Noliac on their website [280]. Fig. 100
visually represents the hysteresis curve, illustrating the relationship between the electric field
supplied to the actuator and the resulting strain percentage. More precisely, Fig. 100a and Fig. 100b
illustrate the percentage error between the ascending and descending branches obtained by the
simulation and provided by manufacturer, respectively. Meanwhile, Fig. 100c offers a comprehensive
comparison of the entire simulated hysteresis curve with the corresponding manufacturer’s data. The
manufacturer’s curve, specifically, pertains to the piezoceramic material NCE51F, which is used in
constructing the NAC 2125 HXX ring stack model. It is important to note that the strain percentage,
indicated on the graph, applies exclusively to the active material. In practical multilayer PEAs, there
are additional inactive layers present on each ceramic element, as well as on the top and bottom of
the entire stack. Considering a total stack height of 200 mm, the active material is accounted for a
length of 156 mm, with each active layer in the stack having a thickness of around 67 um. In the
graph, the hysteresis curve plotted in red with a continuous line represents the manufacturer's data.
To obtain the simulated hysteresis curve (plotted in blue with a dotted line), the mentioned equations
in Section 4.2 were used with tuned parameters « = 0.53, § = 0.009,5 = 0.02and K;, = 1.095. A
1 Hz sinusoidal input control voltage with amplitude, ranging from 0 to +5 V, was applied in the
simulation. No load was applied, meaning Friow, B, I, F; and Q were set all set to 0. The simulation
utilized the characteristics of the NAC2125 H200 model, where F, .o, = 8450 Nand k,, = 26 N /um.
The amplifier employed in the simulations is characterized by w,, = 10000 rad/s, k, = 40and{ =
1.5. The close agreement between the simulation curve and the manufacturer's curve, with a
percentage error of less than 15% in both the ascending and descending branches, demonstrates the

accuracy of the hysteresis model.
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simulations: (a) Ascending branch; (b) Descending branch; (c) Entire hysteresis curve.

Once the hysteresis model was validated, the 4/2 HFSV architecture depicted in Fig. 97 was
simulated using the numerical code described in Section 4.2.

In the simulation, the oil used was ISO VG 32, maintained at a temperature of 50 °C. The oil
properties were characterized by a density p = 851 kg/m?® and u = 0.0187 kg/(ms). The discharge
pressure to the tank (p;) was assumed to be constant and equal to 1 bar. Considering the dimensions
of the ring stack actuator, the two poppets inserted through the hole of the stack were assumed to
have a diameter D, = 60 mm and an angle 6 = 45°. For the same reason, the length of the part in
contact with the case (l,) was assumed to be 50 mm, with a clearance (c) of 1 um. Taking the
piezoelectric actuation into a account, a mass m =100 g was considered to represent the moving parts.
The damping factor of the poppets was calculated using Equation (41): assuming negligible
eccentricity (&), the calculated damping factor is C = 60 Ns/m. The chamber accounting for fluid
compressibility, given the dimensions of the poppets, was assumed to have D, = D, =60 mm and
Ly =
to remain constant at C, = 0.7, under the hypothesis of turbulent flow [21].

l, =50 mm, thus obtaining V, ~2-10"* m3. Regarding the discharge coefficient, it was assumed

To achieve a preload equal to 20% of the maximum blocking force [25], the additional spring was
assumed to have a stiffness of k; =190000 N/m. It was pre-compressed by &, = 8.90 mm. The
maximum displacement, represented by the mechanical stop, was defined as x5, = 0.325 mm,
which corresponds to the maximum free stroke of the ring stack. For the mechanical stops, the spring

stiffness was set to Kgop = 10’ N/m, while the damping was assigned a value of Cstop = 5000 Ns/m.
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The operating parameters for the ring stack actuator were reported in the previous Table 20, while
the input system parameters, including the hysteresis parameters for the ring stack, can be found in
the following Table 21. Additionally, Table 22 shows the input and output variables that will be set

and obtained from the simulations for both open and closed-loop control systems.

Table 21. Simulated input system parameters and nomenclature.

Component Parameter Symbol Value Unit
. Temperature T 50 °C
S OOllG Density [0} 851 kg/m3
150 VG 32) Viscosity u 0.0187 kg/(ms)
Discharge Line Discharge Pressure pt 1 bar
Natural Frequency Wn 10000 rad/s
Amplifier Gain ka 40 -
Damping Ratio £ 15 -
Hysteresis Parameter a 0.53 -
. Hysteresis Parameter B 0.009 -
Ring Stack Hysteresis Parameter o 0.02 -
Hysteresis Parameter Kb 1.09 -
Conversion factor Kvr Kvr 42.25 N/V
Mass Moving Parts m 100 g
Poppets” Diameter Dy 60 mm
Length Parts Contact Case Ip 50 mm
Clearance c 1 pm
Eccentricity € 0 pum
4/2 HFSV Poppets” Damping Factor C 60 Ns/m
Poppets” Angle 0 45 °
Chamber Volume Vcham 2-104 m?
Discharge Coefficient Co 0.7 -
Stiffness Additional Spring ks 190000 N/m
Pre-compression o 8.9 mm
Spring stiffness Stop Kstop 107 N/m
Damping Factor Stop Cstop 5000 Ns/m

Table 22. Input and output variables nomenclature for both open and closed-loop control systems.

Variables Open Loop Closed Loop Symbol Unit
Overall Period Input Input T ms
Switching Frequency Input Input f Hz
Amplitude Input Input Ve \%
Duty Cycle Input Output DC -
Overall Pressure Drop Input Input Ap bar
Set Point - Input Set Point L/min
Amplified Voltage Output Output Vamp \%
Current Output Output i A
Average Current Output Output im A
Hysteresis Term Output Output n \%
Blocking Force Output Output Fo N
Actuation Force Output Output Fact N
Inertia Force Output Output Fi N
Viscous Force Output Output Fe N

113



Add. Spring Force Output Output Fs N
N

Flow Force Output Output Fiiow
Poppets’ Position Output Output X pum
Flow Rate Output Output Q L/min
Average Flow Rate Output Output Qum L/min
Average Power Con. Output Output Pay W

All the numerical results were obtained by maintaining the period of the input pulse digital signal
(or input control voltage) constant, specifically set at T = 5 ms, resulting in a switching frequency
equal to f =200 Hz.

Firstly, the impact of the amplitude of the input control voltage on the performance of the 4/2
HFSV was investigated. Fig. 101 shows open-loop predictions conducted with varying amplitudes of
the input pulse digital signal during four different periods: 0to2V,0to3V,0to4V,and Oto5 V.
The analysis took into account an overall pressure drop across the valve of 4p = 15 bar and a duty
cycle of the input pulse digital signal set at DC = 60%. Specifically, Figure 101a shows the time history
of the quantities provided to the ring stack actuator. These quantities include the amplitude of the
input control voltage, V. (multiplied by 20 for clarity), the amplified voltage, Vymy, the current, i, and
the average current, iy,. Furthermore, the time history of the resulting blocking force achieved, F, is
also depicted in the graph. Fig. 101b illustrates the time history of the forces related to the actuation
of the ring stack. Specifically, it presents the actuation force developed by the ring stack, denoted as
F,.t, along with the resistant forces. These resistant forces include the viscous force, F,, the inertia
force, F;, the force of the additional spring, F;, and the flow forces, Ff,,,. Fig. 101c displays the time
history of poppets’ position, x, the obtained instantaeous flow rate, Q, the obtained average flow rate,
Qu, and the average ideal power dissipated by the valve, P, ,,.

Referring to Fig. 101a, the amplitude of input control voltage, V., is amplified to a higher pulse
voltage, Vym,, by the amplifier within approximately 1 ms. This amplified voltage is then corrected
by the hysteresis non-linear term, n, and then converted into the blocking force, Fj,, using the
conversion factor, Kyr, and the hysteresis correction factor, K. It is worth noting that a higher
amplitude of the input control voltage results in a higher blocking force. Specifically, when the
amplitude of the input control voltage reaches its maximum value of 5 V, the maximum value of the
blocking force is obtained. However, due to the hysteresis of the ring stack actuator the blocking force
does not return to zero when the input control voltage is removed. Moreover, the graph reveals that
as the amplitude of the input control voltage increases, the current, i, experiences a higher peak value.
In particular, during the fourth period, the peak of current reaches its maximum value of 43.5 A.
However, it is important to note that this peak of current occurs only for a short duration, and the
average current, iy, remains relatively low, below 6 A.

When examining the predictions of Fig. 101b, it becomes apparent that both the viscous force, F,,
and the flow force, Fy;,,, have negligible effects on the actuation capability of the ring stack actuator.
This is because these forces are considerably smaller than the actuation force, F,., which is
determined by the difference between the blocking force, F,, and the ring stack spring force, k,x.

Therefore, also the actuation force does not return to zero when the input control voltage is removed.
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On the other hand, the force of the additional spring, F;, and the inertia force, F;, play significant roles
in the actuation of the ring stack. The force of the additional spring is particularly influential due to
the value of the preload, ;. In addition, the oscillations in the actuation force are caused by the inertia
force, attributed to the relatively lower damping factor, C, calculated for the poppets. Therefore, it is
crucial to ensure that the mass of the moving parts, m, is not excessively large in order to minimize
these oscillations and enhance the performance of the 4/2 HFSV.

With regard to the predictions of Fig. 101c, the actuation force, F,, allows the poppets to move
and reach the open position in less than 1 ms. Due to the oscillations in the actuation force, the
poppets oscillate around the open position, which may not be equal to the maximum free stroke,
Xmax, due to the presence of resistant forces. However, despite the hysteresis of the ring stack
actuator, the force stored in the additional spring, F;, is substantial enough to ensure that the poppets
can close the valve when the input control voltage is removed. The poppets' position, x, exhibits a
similar trend to the obtained instantaneous flow rate, Q, indicating a correlation between the two
variables. It is worth noting that the amplitude of the input control voltage, V,, directly influences the
obtained average flow rate, Q. As the amplitude increases, the average flow rate also increases.
During the fourth period, when the amplitude of the input control voltage reaches its maximum
value (i.e.,, V, = 5 V), an average flow rate of Q) = 34.74 L/min is achieved. Given that the overall
pressure drop across the valve remains constant, the ideal average power dissipated by the valve,
P, ., follows a similar trend to the average flow rate. It is important to note that, when the input
control voltage is equal to its maximum, an ideal average power consumption of only P, , = 868.4 W

can be observed.
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Fig. 101. Open-loop predictions simulated for different values of V. (f=200 Hz, Ap =15 bar, DC=60%): (a)
Amplitude of the Input Control Voltage, Amplified Voltage, Current, Average Current, Blocking Force; (b)
Actuation Force, Viscous Force, Inertia Force, Additional Spring Force, Flow Force; (c) Poppets” Position, Flow

Rate, Average Flow Rate, Ideal Average Power Dissipated by the Valve.

The results shown in Fig. 102 provide an evaluation of how the performance of the 4/2 HFSV is
affected by the duty cycle of the input control voltage. To conduct these evaluations, open-loop step
tests were performed, resembling the tests shown in Fig. 101, but this time changing the duty cycle
of the input pulse digital signal. Four different periods, with different values of the duty cycle, were
examined, specifically DC = 30%, DC = 40%, DC = 60%, and DC = 80%. The analysis considered an
overall pressure drop across the valve of Ap = 15 bar and an amplitude of the input control voltage
of . =5 V. Itis evident that increasing the duty cycle, DC, leads to a higher average flow rate, Q,,
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and, consequently, an increase in the ideal average power dissipated by the valve, P, ,. Specifically,
during the fourth period with a duty cycle of 80%, an average flow rate of Q) = 46.78 L/min and an

ideal average power consumption of P;,, = 1170 W were achieved.
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Fig. 102. Open-loop predictions simulated for different values of DC (f = 200 Hz, Ap=15 bar, V=5 V): (a)
Amplitude of the Input Control Voltage, Amplified Voltage, Current, Average Current, Blocking Force; (b)
Actuation Force, Viscous Force, Inertia Force, Additional Spring Force, Flow Force; (c) Poppets” Position, Flow

Rate, Average Flow Rate, Ideal Average Power Dissipated by the Valve.

To resume the impact of the amplitude (V) and duty cycle (DC) of the input control voltage, Fig.
103 illustrates the average flow rate (Q)) provided by the valve as the amplitude and duty cycle of
the input control voltage vary. The analysis considers an overall pressure drop across the valve of
Ap =15 bar. The simulations demonstrate that as both the amplitude and duty cycle of the input

control voltage increase, the average flow rate also increases. Specifically, when applying the
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maximum duty cycle and maximum amplitude of the input control voltage to the ring stack actuator,
the valve achieves an impressive average flow rate of @y, = 60 L/min. In addition, it is evident in Fig.
103, that the valve ensures linearity between the average flow rate and duty cycle, even at wide
openings, despite the conical shape of the poppets. This feature is crucial, as any loss of linearity at
larger openings could compromise the precision of flow control, especially in applications that
demand highly accurate performance across the full range of valve openings, as is often the case in

the aeronautical sector.

i f =200 [Hz] - Ap = 15 [bar] f=200 [Hz] - Ap =15 [bar] Q, [US'\;i"!
—e—V_=2[V]
50 «—V =3[V] 50
« V_=4[V] v
_._v: =5[V]
40 - 40
’E‘ E
= E
= .
= 30 - E 30
o =
g - <]
20 r 20

0

0 10 20 30 40 50 60 70 80 90 100
DC [%]

(@) (b)

Fig. 103. Open-loop predictions simulated for different values of V; and DC (f =200 Hz, Ap =15 bar): (a) 2D plot
of the Average Flow Rate; (b) 3D plot of the Average Flow Rate.

Fig. 101, 102 and 103 depict open-loop simulations conducted with an overall pressure drop across
the valve set at Ap = 15 bar. The chosen pressure drop value aims to design a valve that can provide
high flow rates while maintaining low pressure drops. Therefore, a pressure drop of 7.5 bar for each
metering chamber (P->A and B->T) was considered appropriate for this purpose, leading to a total
pressure drop of 15 bar across the valve.

Fig. 104 and 105 evaluate the influence of the inlet pressure (p,) on the average flow rate (Q)) and
the ideal average power dissipated by the valve (P, ,,). Each figure focuses on a specific quantity, with
Fig. 104 presenting the average flow rate and Fig. 105 illustrating the ideal average power dissipated
by the valve. The analysis involves varying the duty cycle (DC) while keeping the amplitude of the
input control voltage constant at I, =5 V. Different values of 4p = p, — p, are considered in the
investigation, specifically Ap = 10bar, Ap = 15bar, Ap =20bar, Ap = 25 bar. It is worth noting that
as the overall pressure drop across the valve increases, the average flow rate also increases. For
example, at DC =100% and Ap = 25 bar, the average flow rate reaches its maximum value of @, =
77 L/min. However, it is important to consider a trade-off between average flow rate and average
power consumption. Since the ideal average power dissipated by the valve (P, ) is calculated as the
product of the average flow rate (Q)) and the pressure difference (4p ), the ideal average power
consumption becomes significantly high. For the mentioned case of DC = 100% and 4p = 25 bar, the

ideal average power dissipation amounts to P,,, = 3208 W.
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Fig. 104. Open-loop predictions obtained for different values of Ap and DC (f =200 Hz, V. =5 V): (a) 2D plot of
the Average Flow Rate; (b) 3D plot of the Average Flow Rate.
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For real applications, closed-loop control is essential to ensure proper control. In this scenario,
closed-loop control was simulated using a simple PI controller. The controller adjusts the duty cycle
of the input control voltage, which has an amplitude of V, =5V, based on Equation (52), to achieve
the desired average flow rate (set point). The PI controller parameters, Kp and K;, were determined
using the Ziegler-Nichols method and set to 0.01125 and 3.6, respectively. The back calculation anti-
windup method was employed.

In the simulated closed-loop step tests, the set point was adjusted three times, specifically from 0
to 20 L/min (Fig. 106a), from 0 to 30 L/min (Fig. 106b), and from 0 to 40 L/min (Fig. 106c). The overall
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pressure difference across the valve, Ap = p,-p; was set to 15 bar for these tests. The parameters
specified in Table 20 and Table 21 were used in these simulations as well.

These graphs provide clear evidence of the effectiveness of the closed-loop control system. It is
evident that the system efficiently reached the desired set point by making only three changes in the
duty cycle of the input control voltage. Remarkably, this achievement was accomplished in less than

15 ms.
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4.4 Numerical Results 2/2 HFSV

For the numerical results of the 2/2 HFSV, the same input system parameters of Table 21 have
been applied, with only open-loop simulations conducted. Notably, when an overall pressure drop
across the valve of Ap = 10 bar was applied and the input control voltage amplitude set to I, =5V
with a frequency of f = 200 Hz and a duty cycle of DC = 100%, a maximum flow rate of 70 L/min
was achieved. Additionally, the valve’s switching time was within 1 ms. For more details, please refer

to the following paper [49].
4.5 Discussion

These research studies [49], [50] explored the potential application of a commercially available
ring stack actuator to drive two innovative HFSVs—a 2/2 HFSV and a 4/2 HFSV —as replacements
for conventional proportional and servovalves in industrial and aeronautical applications. By
harnessing the benefits of PEAs, such as rapid response and lightweight design, the demanding
requirements of these digital hydraulic valves were successfully met.

The performance of the proposed HESV architectures was assessed through well-established
equations within Simulink. The Bouc-Wen model accurately simulated the ring stack actuator’s
hysteresis, validated by experimental data showing less than 15% error in both ascending and
descending branches.

The analysis of the 2/2 HFSV presented open-loop simulation results only, while the 4/2 HFSV
included both open and closed-loop control assessments. These simulations revealed both strengths
and challenges for each design.

Advantages include design simplicity, as the ring stack actuator directly controls the opening and
closing of the poppets by varying the input pulse signal. The PEA provides sufficient force to
overcome opposing forces, ensuring rapid response times, with valves reaching the open position in
under 1 ms. Furthermore, the actuator hysteresis does not hinder performance, as the additional
spring provides enough force to ensure proper valve closure.

Open-loop tests for the 2/2 HFSV demonstrated a maximum flow rate of 70 L/min at a switching
frequency of 200 Hz, with a pressure drop of 10 bar and a 100% duty cycle. For the 4/2 HFSV,
increasing the input pulse amplitude, duty cycle, and pressure drop led to higher average flow rates
but also increased power consumption. The optimal trade-off was identified at a 100% duty cycle, 5
V input voltage, and a pressure drop of 15 bar, resulting in an average flow rate of 60 L/min and
power dissipation of only 1500 W, meeting HFSV requirements.

Closed-loop tests on the 4/2 HFSV evaluated control effectiveness across set points of 20 L/min,
30 L/min, and 40 L/min. The control system successfully reached each set point within 15 ms by
adjusting the input voltage duty cycle only three times.

Challenges include the high costs, large size, and the requirement for high-performance amplifiers

for PEAs. Mass production of these actuators could be a potential solution to mitigate costs.
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In conclusion, these studies demonstrated the feasibility and significant energy-saving potential
of digital hydraulics in industrial and aeronautical applications as a replacement for conventional

spool valves, marking it as a promising technology for future fluid power applications.
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Chapter 5

5. DEVELOPMENT OF AN INNOVATIVE DIRECT DRIVE SERVOVALVE

This chapter addresses the key challenges of direct drive servovalves by presenting a feasibility study
that explores the use of commercially available APAs as substitutes for LFMs. The possibility of using
APAs in place of LFMs is very attractive given the fast response speed and low weight of APAs,
which are equipped with mechanical amplification systems to obtain good levels of displacement. A
very effective amplification system has recently been produced by some manufacturers and is based
on a temperature independent diamond structure. In this paper, simulations are performed of a four-
way three-position (4/3) servovalve directly actuated by such a PEAs with diamond structure. To this
end, the performance of the valve architecture proposed is evaluated using well-established
equations implemented in Simulink through the libraries of Simscape Fluids. From the analysis of
the inherent characteristics of the APA and from the results of the simulations, advantages and
disadvantages of this possible architecture are drawn and discussed in detail.

The results of this study have been published in a renowned journal [48].
5.1 Valve Layout

A few manufacturers produce APAs designed to provide good levels of displacement thanks to
mechanical amplification systems. The amplification system based on the configuration called
“diamond structure, produced by Noliac [280], [281] , is one of the most effective because of its low
weight, temperature independence, and good levels of displacement and actuation force achievable.
The structure, as shown in Fig. 107, consists of four piezo-stacks elements connected in pairs with a
moving slider which is in the central (neutral) position when no differential voltage is applied.
Furthermore, there is an internal mechanism which creates a preload to ensure the correct position
of each member during operation. When a differential voltage is applied to the two pairs of piezo
stacks, the length of a pair is increased, while the length of the other one is decreased, thus causing

the movement of the slider from the central (neutral) position.

NEUTRAL
POSITION

Fig. 107. Operating principle of an amplified stack actuator with a diamond structure [280].
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This system can operate in two different modes depending on how the input voltage is applied.
The first way is to provide the actuator with a voltage signal which may vary from -100 V to +100 V.
The neutral position occurs for zero voltage applied; positive values move the slider in a direction,
whilst negative values move the slider in the opposite direction. In the second way of operation, the
input voltage is varied from 0 to +200 V, and the neutral position is obtained for a voltage equal to
+100 V; when the voltage is greater or less than +100 V, the slider moves in one direction or the other.

As stated by the manufacturer, the APA has the same performance regardless of the direction of
movement. Furthermore, any change in the operating temperature will have no effect on the
displacement despite stack thermal expansion due to the symmetry of the mechanism [280], [281],
and this is a significant advantage compared to lever mechanisms, which do not have any
temperature compensation system [88], [90].

Noliac produces three APAs with a diamond structure. In Table 23, the main characteristics of the
three APAs produced by Noliac are shown, such as size, maximum blocking force, maximum free
stroke, and stiffness [280], [281].

Table 23. Amplified stack actuators produced by Noliac: specifications [280], [281].

Parameter Unit NAC2641 NAC2643 NAC2645
Length (I4p4) x Width (Wyps) * mm 14 x 70.5 x 14 x 102.4 x 14 x 134.2 x
Height (hyp,) 26.1 28 30.6
(working/[iix(.)ffee fiiszgtl:sn), Xmax Hm 300 625 950
x. fr T
(workingl\i:latwoedeirsgcsilc(;s), FXmax Hm *150 8125 475
Stiffness, k, N/um 1.3 0.9 0.7
Max. blocking force, Fp pqx N 195 281 332
Max. actuation force at 20 °C, Fgc¢max N 250 250 250
Max. actuation force at 50 °C, Fyc¢max N 200 200 200
Overall mass, 2m,, g 84 122 160
Capacitance, Cap uF 7.2 13 20

The size of the APAs increases with the maximum free stroke produced (x,,q,). Model NAC2645
is the largest; however, its overall weight is only 160 g, thus being much lighter than typical valve
electric actuators (both solenoids and LFMs).

The maximum free stroke (X,4,) is the maximum displacement theoretically obtained for a null
actuation force, namely, when no load is applied. If the APA works in both directions (push and pull
mode), the maximum free stroke is one half of that obtained when the APA works in one direction
only (either push or pull mode). In the case of a push and pull mode of operation, the maximum free
stroke provided by model NAC2645 is + 0.475 mm, which is very similar to the displacement obtained
by a LFM (about +0.5 mm [21]). Therefore, the values of the displacement are compatible with the
direct actuation of a spool valve.

The blocking force F, is the actuation force produced when the slider is blocked, the blocking force
increases proportionally to the amplified voltage applied to the actuator, and the maximum blocking
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force Fy, mqy is obtained when the voltage is at its maximum. The actuation force F, is given by the
difference between the blocking force F, and the internal elastic force of the APA, which is
characterized by a stiffness k,. The manufacturer advises against exceeding a limit for the actuation
force in order to protect the internal mechanism. This limit in the actuation force, which changes with
the temperature, being Fy .t maxr =250 N at 20 °C and Fy¢ max = 200 N at 50 °C, is sufficiently high to
allow the opposing forces in a spool valve (i.e., flow forces and friction) to be counteracted; however,
this represents a limitation as far as the chip shear capability is concerned, since the force required to
shear contamination particles that can be caught between the edges of a metering section can exceed
200 N. This is the same drawback occurring with solenoids and LFMs. If high chip shear forces are
needed, two APAs can be employed to move the sliding spool.

Fig. 108 shows two different solutions to directly actuate a four-way three-position (4/3)
servovalve, (the most used in industrial and aircraft applications [21]), employing the APAs with a
diamond structure.

The first solution (Fig. 108a) makes use of only one APA, operating in pull/push mode, whose
slider is directly connected with the spool. When the slider pushes the spool to the right, flow
modulation is allowed from Port P to Port B, and from Port A to Port T. Alternatively, when the slider
pulls the spool to the left, Port P is connected to Port A, while Port B is connected to Port T. To
compensate for the low stroke and to achieve reasonable values of flow rate, large slots can be used,
as occurs with direct drive servovalves actuated by LEMs. A LVDT must be used to compensate for
hysteresis and to achieve closed-loop spool position control.

Figure 108b shows another architecture characterized by two APAs, each connected to the end
faces of the spool. With this solution, larger blocking forces can be achieved, since both APAs can
generate a force (one pushing the spool, the other one pulling the spool). This solution can increase
the chip shear force capability of the valve. However, this solution is more complicated and expensive
than the previous one. Again, an LVDT is to be used for closed-loop control to compensate for

hysteresis.
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Fig. 108. Two schemes of application of APAs with diamond structure for the direct actuation of a 4/3 servovalve:

(a) one actuator; (b) two actuators.

In both designs shown in Fig. 108 (a and b), a linear relationship between flow rate and current
under a constant pressure drop is achieved. This is because the main stage of the proposed valve

designs remains unchanged compared to conventional direct drive servovalves.
5.2 Numerical Model

In this research study, the performance of the simpler architecture proposed, namely, that shown in
Fig. 108a, has been assessed using well-established equations implemented in Simulink through the
libraries of Simscape Fluids. The Simulink model of the direct drive servovalve actuated by an APA

with a diamond structure is shown in Fig. 109.
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Fig. 109. Simulink model of the proposed 4/3 piezo valve architecture.

The main equations implemented in Simulink are described in the following, with reference to

the spool moving only from the left to the right for the sake of simplicity, as shown in Fig. 110.

Fig. 110. Sketch including the main parameters used in the numerical model.

An amplifier is needed to transform a low input control voltage, V,, (ranging from -5 to +5 V in
this study) into a high output voltage V,,,,, (ranging from —100 V to +100 V). A second order transfer
function G(s) is used to model the relation between V,,,, and V,, as already done in previous studies:

V K(l w’l?l,(l

G(s) = amp _ ’
(s V. 524+ 28wn 05 + W2,

(53)

where s is the complex variable, while K,, w, sand ¢, are the gain, natural frequency and damping

ratio of the amplifier, respectively. To model the current limit, the rate of change of voltage is limited

according to Equation (54):

(dVamp) _ Lnax (54)
dt /max Cap '

where C,, is the capacitance of the APA.
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Piezoelectric hysteresis is taken into account by implementing the Bouc-Wen hysteresis model,

described and used in [103], which allows for the calculation of the hysteresis non-linear term n:

dVamp
|“ — g Inb (55)

dn  dVymy |dvamp
ac YT ae dt

where a, 3 and 0 are parameters to be adjusted in order to adapt the hysteresis model to a specific
case. The hysteresis non-linear term n is used to correct the blocking force, F},, because of hysteresis,
as follows [103]:

Face = Fp = kpx, (56)

where k), is the stiffness of the actuator and x is the displacement of the slider (equal to the spool
position).

The equilibrium of the forces acting on the spool can be written as follows [286]:
Face = Fp = (Cp + C5)% = (my, + my)%, (57)

where x is the displacement of the spool; C, and C, are the damping factors of the APA and of the
spool, respectively; m, and m; denote the mass of the moving parts of the APA (assumed to be one
half of the overall mass ofthe APA) and the mass of the spool, respectively. In the model, the spool
position is measured by an ideal translational motion sensor; the sensor is assumed idealsince the
corresponding Simulink block does not account for inertia, friction, delays, andenergy consumption of
the sensor. To evaluate the damping factor of the spool, which is due to the frictional forces acting on the

spool, the following relation can be used [287]:

prDslg

C; = ———,
@ 9

where pu is the dynamic viscosity of the oil, D; and [ are the diameter and length of the spool,
respectively; c is the radial clearance and ¢ is the radial eccentricity.
The flow force is calculated by using the following simplified equation [288]:

2

AT,S

Fr = 2p cosV, (59)

where the factor 2 considers two metering chambers being opened simultaneously, p is the oil
density, Q is the volumetric flow rate, and 9 is the velocity angle with respect to the horizontal

direction; 4, ; is the restriction area in each metering chamber, calculated as follows:

A.s=bxif x 2c (60)
As=A s =bxif x <c, (61)

where b is the overall slot width, and 4, is the spool leakage area [38].
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The flow rate through each metering section of the main stage is calculated using the orifice

A
Q = Cohrs /7” (62)

where Cj is the discharge coefficient and 4p is the pressure drop across the restriction area A4, ;. In

equation [287]:

the model, Port A and Port B are hydraulically connected and the pressure drop (pz — pa) is

neglected. Therefore, the pressure drop in Equation (62) becomes:
Ap = ps —pr = pp—pe = (Bp — Pr)/2, (63)

The values of pp and p; are constants for the supply and tank pressures, respectively.
Open-loop control can be simulated, in which the input voltage V, can be set, and the output is the
spool position. Otherwise, closed-loop control can be simulated, in which a PI controller adjusts the

voltage V. to obtain the desired spool position according to the calculated error e(t):

t
0

where Kp and K; denote the proportional and integral gain, respectively. The derivative action is not
considered in the controller since it is highly sensitive to noise in the process variable signal.

The Simulink solver (Ode 14x) computes the dynamic system’s states at successive time steps (0.1
ms) over a specified time span, using information provided by the model. Odel4x uses a combination
of Newton’s method and extrapolation from the current value to compute the model’s state at the
next time step, as an implicit function of the state and the state derivative at the next time step. This
solver requires more computation per step than an explicit solver but is more accurate for a given

step size.

5.3 Numerical Results

The results of the numerical simulations are now presented and discussed. Firstly, the hysteresis
model was validated against the data provided by Noliac on their website [280], [281]. Fig. 111 shows
the hysteresis curve (displacement of the slider x vs. amplified voltage V,,,,) provided by the
manufacturer for model NAC2643 (the only hysteresis curve available), plotted as an orange curve.
The simulated hysteresis curve (plotted in blue) was obtained using the above-mentioned equations
with the tuned parameters a = 0.7, 3 = 0.013, o = 0.03 and K}, = 1.19, by applying a 1 Hz sinusoidal
input voltage V; with a 5 V amplitude (from -5 V to +5 V), with no load applied (i.e., Fy = Cs = C,= mg=
Q =0), and using the characteristics of model NAC2643 (Fj, ;05 = 281 N, k,, = 900,000 N/m , m,, = 60
g). The amplifier employed in previous studies was assumed to be used in these simulations [289]; it
is characterized by w,, , =1400 rad/s and ¢, = 1.5 (I;hq, = 1 A). Its cut-off frequency (calculated as the
frequency at which the amplitude ratio is -3 dB) is 83 Hz. The good correspondence between the

simulation curve and the manufacturer’s curve shows the accuracy of the hysteresis model.
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Fig. 111. Hysteresis curve provided by the manufacturer compared with the hysteresis curve obtained with the
simulations (model NAC2643).

After the validation of the hysteresis model, the architecture of Fig. 108a was simulated using the
full numerical code described in Section 5.2. The APA employed in the simulations was model
NAC2645, being capable of producing the highest value of maximum free stroke (x;,5,= 475 pm
working in push/pull mode). The maximum blocking force of this model is Fj, ;4 =332 N; its stiffness
is k,, = 700,000 N/m. The overall mass of the APA comprising the case (which is the heaviest part,
being realized in stainless steel [280], [281]) is 160 g; as already mentioned, in the simulations, the
mass of the moving parts of the APA mg was assumed to be one half of the overall mass, namely,
my,= 80 g. Given the very similar characteristics between model NAC2643 and model NAC2645, the
same tuned parameters a =0.7, § =0.013, 6 =0.03 and K}, = 1.19 were used in this analysis to simulate
the hysteresis of model NAC2645. In this regard, Fig. 112 shows how the hysteresis curve of model
NAC2645 changes according to the frequency of the input voltage V. (sine wave from -5V to +5 V),
with no load applied (i.e., Fy = C; = C,= my= Q = 0), and with w, , = 1400 rad/s and §; = 1.5 (Ipqx =1
A).
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Fig. 112. Simulated hysteresis curves for model NAC2645 according to different input frequencies of V. (sine
wave from -5 V to +5 V).
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Concerning the simulation of the entire valve architecture of Fig. 108a, a large size spool was used
in the simulations, having a diameter of 15 mm and a mass of 30 g. The slot width was taken equal
to 2/3 of the whole spool perimeter; therefore, b = 31.42 mm. The clearance was assumed to be ¢ =3
um, being a typical value of servovalves [31], leading to A;; = 0.09425 mm?2. The oil was assumed to
be ISO VG 32 at 50 °C, characterized by p =851 kg/m? and u = 0.0187 kg/(m s). The damping factor
of the spool was calculated using Equation (58): assuming a spool length equal to [; = 50 mm and an
eccentricity equal to e =1 pm (common values for servovalves [21]), the calculated damping factor
is C; = 15 Ns/m.

Concerning the discharge coefficient, it was assumed, for simplicity, to be constant and equal to
Cp = 0.7. Because of the large pressure drops used in the simulations, this assumption can be
considered valid for a large part of the spool stroke, when the flow is turbulent and, for turbulent
flows, the discharge coefficient in servovalves is constant, ranging from 0.65 to 0.7 regardless of the
spool position [21], unlike the discharge coefficient in proportional valves which can have different
values even for turbulent flows depending on the notch geometry and on the spool position [21]. The
flow in the metering chamber of a servovalve is laminar only for very low values of the Reynolds
number, usually for Re < 200 to 400 [21]; therefore, an error is introduced only at the very small
opening degrees, without affecting the overall simulation. Similar considerations can be made for the
flow angle, whose value was experimentally and numerically estimated to be around 69° for
turbulent flows in servovalves [286]. Therefore, 8 = 69° was imposed in Equation (59) to calculate the
flow forces.

Concerning the simulation of the amplifier, it was operated from —100 V to + 100 V (the control
voltage V; being comprised between =5 V and +5 V, thus K, = 20), the sign of the signal determining

the direction of slider movement. All these parameters are reported in Table 24 for completeness.
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Table 24. Input parameters employed in the simulations.

Parameter Symbol Unit Value
Spool Diameter Dy mm 15
Spool Length Ls mm 50
Width of the Slots b mm 3142
Spool Mass mg g 30
Spool Damping Coefficient Cs Ns/m 15
Clearance c pum 3
Leakage Area Ars mm? 0.09425
Discharge Coefficient Cp - 0.7
Flow Angle 0 deg 69
Oil Density (ISO VG 32 at 50°C) P kg/m3 851
Max. Blocking Force Fpmax N 332
Stiffness of the PEA k, N/m 700000
Capacitance Cap uF 20
Maximum Current Imax A 1
Gain of the Amplifier K, - 20
Max. Amplified Voltage Vinax \Y 100
Hysteresis Parameter o - 0.7
Hysteresis Parameter B - 0.013
Hysteresis Parameter 5 - 0.3
Hysteresis Parameter Ky - 1.19

Fig. 113a shows the time history of the spool position simulated in a step test in which the control
voltage V. was initially changed from 0 V to +5 V, and then from +5 V to 0 V, with an inlet pressure
pp =71 bar and a discharge pressure py = 1 bar (overall pressure drop pp — pr = 70 bar), using the
parameters of Table 24. Figure 113b shows the corresponding time history of the actuation force. The
different curves were obtained for different values of the damping factor of the APA, namely, C, =
10, 50, 90, 140 Ns/m, since the damping factor of APA depends on the geometry of the housing in
which it is placed (affecting how the oil is displaced). Therefore, we can assume that it is possible to
obtain these values by properly designing the geometry of the housing.

All the curves of the spool position in Figure 113a show oscillations, which are quite large for
small values of C,, while becoming negligible for larger values of C,. Therefore, the response is very
good for high values of C,, with less than 10 ms being predicted on average to reach a stable
condition. Instead, for low values of C,, the output takes more time to reach a stable condition because
of the large oscillations. This suggests that, if the housing of the APA produces low values of the
damping factor, changes can be made to the housing in order to increase the damping factor and
reduce possible oscillations of the spool. However, in all the cases (regardless of the value of C,), the

time interval taken to reach 90% of the maximum opening is very short, being of the order of 5 ms.
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The spool displacement reached for V, = +5 V is about 0.43 mm, which is similar to that achievable
with LFMs (£0.5 mm), and a high value of flow rate is achieved at the maximum opening (51 L/min
for pp —pr =70 bar). When the control voltage returns to 0 V, the simulated spool position is greater
than zero because of the hysteresis occurring in the APA; this confirms that closed-loop controls must
be employed to cope with hysteresis.

Concerning the actuation force, calculated as the difference between the blocking force (F,) and
the internal spring force (k,x), the graph of Figure 113b reveals that the maximum value imposed by
the manufacturer (F,; max=200 N at 50 °C) is never reached. This is due to the fact that the blocking
force (black curve) has the same trend as the amplified voltage (red curve), and the maximum
blocking force (Fj, pmq, =330 N) is obtained when  V,,,,, = +100 V. Because of the time interval taken
by the amplifier to transform +5 V into +100 V, the maximum blocking force is obtained
approximately in correspondence of the maximum opening, when the elastic force is maximum; as a
result, the actuation force is always well below 200 N. Notably, the values of the actuation force
become negative after about 2 ms for low values of the damping factor. This happens when the
internal spring force momentarily exceeds the blocking force.

The curves of Fig. 113a,b were obtained using an amplifier having w, , = 1400 rad/s; it is evident
that the response time of this amplifier has a great effect on the response of the valve, since the
blocking force has the same trend as that of the amplified voltage. To evaluate the effects of using a
different amplifier, Fig. 114a,b, respectively, show the time history of the sliding spool position and
of the actuation force simulated for the same conditions as those of Fig. 113a,b, but using a different
amplifier having w, , = 2800 rad/s (while maintaining ¢, = 1.5 and I, = 1 A). Its cut-off frequency
(calculated as the frequency at which the amplitude ratio is =3 dB) is 162 Hz. These curves show that
the use of an amplifier with higher natural frequency can further improve the response time of the
valve. Indeed, for high values of C,, the time taken to reach a stable position is only slightly longer
than 5 ms. In all the cases, regardless of the value of C,, the time interval taken to reach 90% of the

maximum opening is less than 3 ms, denoting a very fast response.
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Fig. 113. Open-loop step tests simulated for different values of C, and wj, o= 1400 rad/s (m, =80 g; pp — pr =70
bar): (a) spool position; (b) actuation force.
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Fig. 114. Open-loop step tests simulated for different values of C;, and wy, ,=2800 rad/s (m, =80 g; pp — pr =70

bar): (a) spool position; (b) actuation force.

The results that are going to be presented from now on were obtained using the former amplifier,
having  w,, =1400 rad/s, keeping in mind that the transient response can further be shortened by
using amplifiers with higher natural frequencies. Fig. 115 shows open-loop step tests, from 1, =0V
to I, =+5V, predicted for different values of the overall pressure drop (pp — pr). The results were
obtained using the parameters of Table 24, C, =90 Ns/m, m,, =80 g, and wj, , = 1400 rad/s. As shown
in the graphs, the response (initial part of the spool position curve) remains almost unchanged
regardless of the pressure drop, which is typical of a direct drive valve. It is noteworthy that high
levels of inlet pressure can be sustained by the valve, and hence, high flow rates can be reached (72
L/min at 200 bar). Note that the final spool position (for V,,,, =+100 V) slightly decreases with the

pressure drop, since the flow force increases with the pressure drop.
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Fig. 115. Open-loop step tests simulated for different values of pp — pr (C, =90 Ns/m; m,=80g; wy, = 1400 rad/s).

In Fig. 113-115, the mass of the moving parts of the APA was set to m, = 80 g. To evaluate the
effects of the mass of the moving parts of APA upon the step response, Fig. 116 shows simulated
open-loop step tests for different values of this mass, namely, m,, = 80, 130, 180, and 230 g (with
V. being changed from 0 V to +5 V; (pp — pr) = 70 bar; C,= 90 Ns/m; w,, ,= 1400 rad/s). These graphs

reveal that large oscillations of the spool position are predicted for large values of m,,. Therefore, it is
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also important that the mass of the moving parts of the APA is taken not too large, in order to limit

the oscillations of the spool position and, therefore, of the flow rate.
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Fig. 116. Open-loop step tests simulated for different values of m, (pp — pr =70 bar, C,= 90 Ns/m; w, = 1400
rad/s).

All the results that have been presented up to this point were obtained through an open-loop
control system, in order to assess the potential of the proposed architecture in terms of response
speed. However, open-loop control is not able to cope with hysteresis, and closed-loop control is
necessary for real applications. Therefore, closed-loop control was also simulated using a simple PI
controller which changes the control signal (V) according to Equation (64) to reach the target position
(set point). The parameters of the PI controller, which were determined taking advantage of the
Ziegler-Nichols method, are K,, =5.8 and K; =4100. The imposed saturation limits were I, =+5V;
the back calculation anti-windup method was used. As explained previously, this closed-loop control
needs an LVDT to measure the spool position. Alternatively, in the literature, there are some open-
loop control strategies with PEAs that do not need any position sensor, are easy to handle and cost
effective [290].

In the simulated closed-loop step tests, the set point was changed with a step size of 0.2 mm and
0.4 mm (Fig. 117), and with a step size of 0.4 mm and 0.8 mm (Fig. 118). In these simulated closed-
loop step tests, the overall pressure difference across the valve was set to pp — pr =70 bar, with C,=
90 Ns/m and m,= 80 g. The parameters of Table 24 were used again in these simulations, along with
wn,q = 1400 rad/s.
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Fig. 117. Simulated closed-loop step tests +0.2 mm (pp — pr=70bar, C, = 90Ns/m, m,, = 80g; wy, , = 1400 rad/s).
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Fig. 118. Simulated closed-loop step tests +0.4 mm (pp — pr=70bar, C, = 90Ns/m, m,, = 80g; wy, , = 1400 rad/s).

These graphs show that the closed-loop control system allows the spool to reach the desired set
points in short time intervals (overall, less than 10 ms to reach 90% of the set point). This reveals that
such a simple closed-loop control system is capable of coping with the hysteresis that occurs in the
APA.

The closed-loop frequency response of the valve is now discussed. The Bode Plot of hydraulic
valves, in addition to depending on the supply pressure, usually depends on the amplitude of the
input signal due to nonlinearities. Therefore, the Bode Plot is often obtained for an amplitude of the
input signal equal either to 50% or to 100% of the maximum value [21]. The Bode Plot predicted for
the proposed valve is shown in Fig. 119, including both the magnitude diagram (i.e., the amplitude
ratio) and the phase diagram, obtained for pp — pr =70 bar, C, =90 Ns/m, m,, =80 g, w, o= 1400 rad/s,
along with the parameters of Table 24, and for an input sine wave (set point) having an amplitude of
0.4 mm (close to the maximum opening). The dimensionless amplitude ratio in dB was calculated
using the formula 20logyo(Xyyt/X:n ), Wherex;, = 0.4 mm is the amplitude of the input sine wave (set
point) and x,, is the amplitude in mm of the output wave (actual spool position). The phase diagram

reports the phase lag in degrees between the input wave and output wave.
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Fig. 119. Bode Plot for input amplitude = 0.4 mm (pp — pr=70bar, C,, = 90Ns/m, m,, =80g; w, 4 = 1400 rad/s): (a)
Magnitude plot; (b) Phase plot.

The plot shows that the predicted closed-loop frequency response is very good, with the phase
shift being —54° for a frequency of 50 Hz, and —105° for a frequency of 100 Hz. The nonlinearity of the

system is confirmed by Fig. 120 and 121, showing that the spool position is not exactly a sine wave.
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Fig. 120. Sine wave response for input amplitude = 0.4 mm and frequency =50 Hz (pp — pr=70bar, C, = 90Ns/m,

my, = 80g; wy q = 1400 rad/s): spool position vs. time.
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Fig. 121. Sine wave response for input amplitude = 0.4 mm and frequency =100 Hz (pp — pr=70bar, C, =90Ns/m,

m,, = 80g; wy, q = 1400 rad/s): spool position vs. time.

These results confirm the effectiveness of the proposed valve architecture: the main spool
displacement reaches the set point very quickly. The dynamic characteristics of the system are also
very good, with a frequency response comparable to, and slightly better than, that of conventional
direct-drive servovalves, as previously detailed in Table 2 of Chapter 1. A comparison highlights that
a conventional direct-drive servovalve, operating at 40 L/min with a pressure drop of 70 bar (and a
supply pressure of 210 bar), exhibits a step response time of 15 ms and a -90° phase lag at 50 Hz.
Additionally, its design is highly complex, and its size is substantial. In contrast, the innovative
direct-drive servovalve, operating under the same conditions, achieves a step response time of less

than 10 ms and a -90° phase lag at 55 Hz, with a simpler design and a more compact size.
5.4 Discussion

This study [48] of the PhD research project assessed the potential of using commercially available
APAs with a diamond amplification mechanism for actuating direct-drive servovalves. This solution
aimed to leverage the benefits of these actuators, such as rapid response and low weight. Specifically,
two architectures were proposed, based on the number of APAs used (one or two). The performance
of the simpler design, where a single APA pushed and pulled a spool within a four-way three-
position (4/3) spool valve, was evaluated using well-established equations implemented in Simulink.
Hysteresis was modelled accurately and validated against experimental data. The APA used in the
simulations was the NAC2645 model from Noliac, providing displacement and force values similar
to those of a LFM.

In the simulations, a spool with a 15 mm diameter and a 30 g mass was used. First, results from
an open-loop control system were presented, followed by closed-loop spool position control to
manage hysteresis. Both step and frequency responses were analysed.

The analysis of APA characteristics and simulation results highlighted favourable aspects of the
proposed architecture. The actuation forces are sufficient to overcome the opposing ones that are

present in a servovalve (friction and flow forces), and the piezo-electric actuation can guarantee a fast
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response. In this regard, in the simulated open-loop tests, the time interval predicted to reach 90% of
the maximum opening was less than 5 ms using an amplifier with 1400 rad/s natural frequency and
less than 3 ms using an amplifier with 2800 rad/s natural frequency. Small oscillations in the response
can be obtained, provided that the damping factor of the amplified piezo stack actuator, which can
be changed by adjusting oil flow in the housing, is not too small. High inlet pressure levels can be
sustained by the valve and therefore high flow rates can be achieved (about 70 L/min at 200 bar). The
use of closed-loop control can allow hysteresis to be successfully coped with. A very good closed-
loop frequency response was predicted, the phase shift being —~105° for a frequency of 100 Hz and an
amplitude of 0.4 mm, using an amplifier with 1400 rad/s natural frequency. The parameters of the
closed-loop controller were determined taking advantage of the Ziegler-Nichols method; a descent
approach could be used to further improve the results.

In conclusion, this analysis showed that APAs are feasible for directly actuating servovalves and
offer promising features, particularly in response speed. Although the current cost of APAs is high

(approximately 2000 euros), prices may decrease with larger-scale production in the future.
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Chapter 6

6. DESIGN AND TESTING OF HIGH-POWER PIEZOHYDRAULIC PUMPS

This part of the research focuses on the development of a multi-cylinder piezohydraulic pump,
undertaken during the visiting Ph.D. period at the University of Bath (UK).

As outlined in Chapter 1, hydraulic actuation systems are widely used in industrial and
aeronautical applications. Traditional valve-controlled hydraulic cylinders, however, are often
inefficient due to power loss through control valves. This inefficiency has led to a shift from hydraulic
power distribution from a centralized supply to electrical power distribution, aiming to reduce
maintenance requirements, decrease weight, and improve efficiency. Despite these changes,
hydraulic actuators remain highly valued for their power density, durability, and controllability,
making it essential to find effective ways to convert electrical power to hydraulic power locally to
drive an actuator.

Traditional hydraulic pumps, while powerful, are often inefficient and unsuitable for low-power
applications, which has made piezoelectric pumps a promising alternative for converting electrical
to hydraulic power in the sub-100 W range. Currently, the application of piezopumps is limited by
their maximum power (typically only a few watts or less) and low flow rates. This research details
the design, simulation, and testing of a single and a multi-cylinder piezohydraulic pump aimed at
expanding the power capabilities of piezohydraulic technology. The motivation for this work is its
potential use in aerospace, particularly for accessory actuators in landing gear systems. The chapter
begins by presenting the design of a single cylinder piezohydraulic pump, along with its simulation
model, architecture, test rig, and experimental results conducted by the research group of the
University of Bath in 2022 [271], [291]. Following this, the Chapter introduces the innovative concept
of a multi-cylinder piezohydraulic pump, designed to improve upon the performance of previously
tested single cylinder model. The simulation model, test rig and experimental results are discussed,
highlighting the advantages, limitations, and future developments.

This work was carried out in collaboration with the University of Bath’s research group at the
Centre for Power Transmission and Motion Control, and the findings were published in a respected

journal [51].
6.1 Single Cylinder Piezohydraulic Pump

The design of the following single cylinder (single pumping chamber) piezohydraulic pump is
derived from previous research studies conducted at the University of Bath [271], [291]. An initial
design goal of Qrgrger = 1.65 L/min at prgyger = 60 bar (Prgrger = 100 W) has been set to guide pump
development, though this target isn’t tied to a specific application. For testing purposes, a ring stack
actuator—the PI Ceramic PICA P025.50H, the largest available model —was selected, with key
specifications detailed in Table 25 [292].

140



Table 25. PICA P025.50H Ring Stack: Specifications [292].

Parameter Symbol  Value Unit
Cross-sectional area 2.89 cm?
Outer diameter 25 Mm
Inner diameter 16 Mm
Length 66 Mm
Maximum voltage 1000 \%
Free stroke Xmax 80 Mm
Blocking force Fymax 9.6 Kn
Capacitance 1.2 Nf
Natural Frequency 17 kHz

As already discussed, a crucial characteristic of PEAs is that the blocking force occurs only at zero
displacement, while maximum displacement is achieved at zero external force. Therefore, an optimal
operating point is typically chosen midway between these extremes (as shown in Fig. 122),

maximizing the power output [271].
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Fig. 122. Operating envelope of the PICA P025 [271].
Based on this operating point, with displacement x =40 um and actuation force F =4.8 kN, the
required piston area, 4,, to produce a pressure prgrge: = 60 bar, can be calculated using:
F
4 = (65)

)
pTarget

This gives a piston area A,=8" 10~* m2 which results in a piston diameter d, = 31.9 mm. However,
since this equation does not account for compressibility losses, it may overestimate the generated
pressure. To compensate, it is prudent to reduce the diameter, which also helps to decrease the
moving mass in the system —a crucial factor at high frequencies. A minimum reasonable diameter is
d,= 25 mm, which corresponds to a piston area A, =4.91-10~* m? and a theoretical pressure Prarget
= 98 bar. To prevent leakage, an O-ring will be used to seal the piston to the cylinder. Using this
diameter, it is possible to estimate the driving frequency (f) of the pump:
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This results in a driving frequency of f = 840 Hz. Similar to the pressure calculation, this frequency
does not include compressibility, making it a lower bound.

The choice of a ring stack actuator allows the inlet valve to be integrated into the piston face,
resulting in a smaller pumping chamber compared to configurations where both the inlet and outlet
valves are located in the chamber wall. Additionally, this design enables the piston rod to pass
through the stack hole and be tensioned to the rear of the cylinder using Belleville washers.

Piezo stack actuators typically require preloads of around 150 bar for dynamic operation.
Belleville washers are advantageous because they provide this high preload force in a more compact
package than coil springs, helping to reduce internal volume.

A stack of three DIN 2093 D315163125 Belleville washers was used to preload the stack. These
washers have an outer diameter of d,,; gy = 31.5 mm, an inner diameter of d;, gy =16.3 mm, and a
thickness of tgy, = 1.25 mm. To achieve the necessary preload on the piezostack, a deformation of
0.55 mm was utilized. This configuration results in a Belleville washers’ stiffness of kg, = 6.6 MN/m,
which is about 5% of the stack stiffness and acts to limit the maximum force and displacement of the
piston, consequently limiting the maximum pressure and flow of the pump. In addition, a spacer is
required to properly position the springs on the piston shaft due to their large inner diameter, which
adds extra moving mass.

In this design of a single cylinder piezohydraulic pump, disc-style reed valves with a thickness of
tyawe = 0.2 mm function as check valves to control the flow entering and exiting the pumping
chamber. These valves are especially suitable for this pump because they are easy to mount on the
face of the piston and can be conveniently manufactured for prototypes using chemical etching.
Additionally, made from flexible materials, these valves minimize the moving mass, which enhances
the pump's bandwidth, particularly in the 1 kHz range [293].

Fig. 123 presents a longitudinal section view of the ring stack actuator and piston assembly, with
a detailed bill of materials available in Table 26.

$§ dd

Fig. 123. Longitudinal section view of the ring stack actuator — piston assembly, with blue indicating the low-

pressure fluid pathway.
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Table 26. Bill of materials of the ring stack actuator — piston assembly.

Part Number Item Material

1 Spacer Copper BS B32

2 Ring Stack Actuator PIC151

3 Piston Stainless Steel 440C
4 Inlet Reed Valve Stainless Steel 440C
5 Valve Screw Stainless Steel 440C
6 Piston Clamp Stainless Steel 440C
7 Belleville Washers Carbon Steel 51CrV4
8 Bolts Stainless Steel 440C

Cooling the piezo stack is vital because reaching the Curie temperature causes the piezo ceramic
to de-pole, resulting in a loss of force generation [294]. The recommended maximum operating
temperature for the chosen stack is 85 °C [271].

In this design, the inlet reed valve is integrated into the piston, reducing chamber volume and
allowing low-pressure flow through the center of the stack, which helps dissipate heat. The hydraulic
oil is electrically insulating, enabling safe wet operation for thermal management.

Modelling the thermal dynamics of the pump is difficult due to unknown factors like heat transfer
and dielectric losses. As a result, a worst-case scenario will be used to estimate runtime limits,
assuming all input energy to the stack is converted to heat and that heat conduction is no better than

in free air. Therefore:

t
Ty = Ty + AT(1 — e7) (67)
w.
AT = —— (68)
k(T)Asurf
Vstpstcst
= . 69
k(T)Asurf ( )

where, T, represents the initial temperature of the stack, while AT indicates the maximum
temperature increase. The power of heat generation, Wr, is assumed to equal the total power in the
stack, which has been calculated to be 600 W based on a capacitance of 1.2 uF, a driving voltage of 1
kV, and a driving frequency of 1 kHz. The overall heat transfer coefficient, k(T) is assumed to be 30
W/mZK (Zheng et al., 1996), and Ag,, s refers to the surface area of the stack. The specific heat capacity
of the stack, cy, is 350 J/(kgK), while its density and volume are pg; and Vy;, respectively [271].

Given that the upper limit for the stack temperature is 85 °C and the ambient temperature is 20
°C, the maximum operating time is calculated to be 7 = 86.5 seconds. Since ancillary actuators in
landing gear typically need to operate for around 10 s, this brief operating window is not a concern.
However, this limit will be considered during testing.

Regarding the pumping chamber, it has been designed with a height of just 1 mm to maximize

the displacement of both the inlet and outlet reed valves. Since the flow requirements for both the
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inlet and outlet are the same, it was decided to make the valves and their mountings identical.
Therefore, the pumping chamber is confined between the piston and the valve plate. The latter has a
similar arrangement to the piston, including twelve orifices and an outlet reed valve positioned on
its left end face with another valve screw.

Fig. 124(a) provides a longitudinal section view of the entire pump, showing the position of the
0.2 mm thick disc-style reed valves. Fig. 124(b) displays the pump components. Finally, Fig. 124(c)
shows the prototype of the assembled piezopump tested at the University of Bath [271].

In terms of the flow path and overall pump architecture, as shown in Fig. 124a, oil enters the pump
through the inlet end cap. It then passes through eight orifices in the spacer, entering the pump body
and the hole in the ring stack. The piston, located on the left end of the stack, has its rod passing
through the stack hole, clamping and preloading the stack with the help of a piston clamp, Belleville
washers, and bolts. Featuring twelve orifices, the piston is equipped with an inlet reed valve fixed
onto its left face using a valve screw. A similar arrangement is found on the valve plate, where twelve
orifices are covered by an outlet reed valve positioned onto the left face of the valve plate using
another valve screw. The extension and retraction of the stack govern the opening and closing of the
inlet and outlet reed valves, allowing oil to either flow within the pump chamber (intake) or exit
(delivery) based on internal pressure. Finally, the pressurized oil, coming from the outlet reed valve,

exits the pump through the outlet end cap.
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Fig. 124. Piezohydraulic pump developed at the University of Bath [271]: (a) Longitudinal section view of the
entire pump; (b) Thick disc-style reed valve with corresponding valve screw; (¢) Assembled pump prototype.

6.2 Numerical Model of the Single Cylinder Piezohydraulic Pump

The single cylinder piezohydraulic pump, previously illustrated in Fig. 124a, is modelled within the

Simulink environment, as depicted in the graphical scheme shown in Fig. 125.

Fig. 125. Single cylinder piezohydraulic pump Simulink model.

145



The pump's output is treated as a small volume of 0.3 L, which supplies a hydraulic line with a
diameter of 10 mm, equipped with a variable orifice at its end. The pump's inlet is represented as a
constant pressure source that feeds into an orifice, the area of which corresponds to the flow path

between the piston rod and the piston clamp.

6.2.1 Piezo Stack modelling

Hysteresis in PEAs is a well-known phenomenon and is simulated here using the Bouc-Wen model,
which is widely used for its flexibility and capacity to represent various hysteretic behaviours. This
model, as shown in Equation (70), uses parameters «, 8, and §, which can be adjusted to fit different

hysteresis profiles, with x;, representing the input voltage and z; the output voltage loss.
Zy = axy = Blayllzy|" 'z — Sxylzy |, (70)
A 10% voltage loss was assumed and the parameters set accordingly. The piston and piezostack

assembly are represented as a mass-spring-damper system. A free-body diagram illustrating this

setup is shown in Fig. 126.

F F pressure
M
k piezo © piezo
1

Fig. 126. Piston and piezostack force diagram.

where, M represents the total moving mass, composed of the piezo stack's effective mass (estimated
at 40% of its actual mass, based on [295]), the mass of the piston, and the mass of the spacer that
positions the Belleville washers. The system stiffness is calculated as a combination of the piezo

stack's intrinsic stiffness:

F
kpiezo = b.max, (71)

xmax

and the Belleville washer stiffness, which are combined in parallel. Taking into account the damping
effects of the fluid and seals, the system is treated as critically damped, yielding an estimated
coefficient, Cpiezo-

The external forces acting on the system include, the force generated by the piezo stack (F) and

the force resulting from the chamber pressure (F,¢ssure), given by:
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F = KypVess, (72)
Fpressure = (pch - pbias)Ap- (73)

where V,;; is the effective driving voltage; p.y, is the pressure in the piston chamber and py,; is the
pressure directly upstream of the inlet valve after passing through the stack rather than at the pump

inlet port.

6.2.2 Pumping Chamber modelling

The chamber pressure can be calculated by first determining the total volume change in the pumping
chamber. This is done by multiplying the displacement of the stack and piston assembly by the piston
area, yielding the volume change due to piston movement. This is then combined with the volume
change resulting from flow through the inlet (Q;,) and outlet (Q,,;) valves to obtain the net chamber

volume change, 4V,;:

AV, = XAp + f Qin _fQout' (74)
The chamber pressure is then given by:

Pch = KpumpAVch' (75)
Equation (75) describes how the pressure change in the pumping chamber depends on the net

change in oil volume entering the chamber, taking into account the pump stiffness. The overall pump

stiffness (Kpymp), is a combination of:

e Fluid stiffness (Kjy;q): accounting for the compressibility of the oil within the chamber;

e Pump radial stiffness (K, ,4): representing the resistance to deformation of the pump body
in the radial direction;

e Pump axial stiffness (K, q.): representing the resistance to deformation in the axial direction

of the pump.

Specifically:

BA.,
Kaa = —2 (76)

_ 4E twan
pra nD3,L’

77)

ET[Dch twall

Kpor = —— 525, (78)
pax LAZ

1
K. = :
pump
T 1 1 (79)

Kfluid Kp,ra Kp,ax

where:

e B is the bulk modulus of the working fluid, assumed to be 0.8 GPa to account for any air present
in the hydraulic fluid;
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e A, is the pumping chamber area;

e L is the height of the pumping chamber, set at 1 mm;

e Eisthe Young's modulus of the pumping chamber material, which is 207 GPa for 440C stainless
steel;

e D is the diameter of the pumping chamber, equal to the diameter of the piston;

e t,qu is the thickness of the chamber wall, assumed to be 15 mm.

6.2.3 Check Valve modelling

The pressure in the pumping chamber controls the opening of the passive disc reed valves. For
simplicity, it is assumed that the inlet and outlet check valves are identical. These valves are modelled
to account for effects such as valve and fluid inertia, valve bounce, and context-dependent opening
times. A simplified approach is proposed, using a single-degree-of-freedom model with lumped
mass and stiffness parameters, allowing the disc reed valve to be treated similarly to a poppet valve.

Fig. 127 illustrates the passive poppet-type valve model [296].
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Fig. 127. Check valve model [296].
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The valve has a mass (myg.) and is closed by a spring with linear stiffness (kgpring) and there is

Cfree = 2¢ ’ksprinngalve: (80)

When the valve reaches the end stop, it experiences a high stiffness (k,y4), and its damping (cpq) also

an associated damping (Cfree):

changes, as described by Equation (80). The net force accelerating the valve mass (Fy 4y ) is influenced
by spring and damper forces and the pressure difference across the valve face area. Depending on

the position of the valve, the net force can take one of three forms:
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Case 1 - Valve Fully Open (xXyqipe = Xena)

. (81)
FValve = AValve Cf (pUp - pDo) — CendXvaive — kend (xValve - xend) - ksprinngalve - Fpre
Case 2 — Valve Partially Open (0 < Xygve < Xend)
. (82)
FValve = AValve Cf (pUp - pDo) — CfreeXvalve — ksprinngalve - Fpre
Case 2 — Valve Fully Closed (xyqpe < 0)
(83)

FValve = AValve Cf (pUp - pDo) — CendXvaive — kendealve - ksprinngalve - Fpre

Here, Ay q1pe represents the valve face area, and C; is the valve force coefficient set at 0.4; F,,, denotes
the preload force on the valve. The pressures upstream (py,) and downstream (pp,) of the valve vary
depending on whether it is the inlet or outlet valve. By using this net force, the check valve’s position

can be determined through integration, as follows:

F,
Valve (84)

Xyae = ——————
My aive + mfluid

where mg,;, is the “added mass” due to the fluid displaced as the valve moves. The flow through

the valve is:

Q=0+ AvalvexValve! (85)

where Q, is the flow rate through the valve orifice. This flow rate, Q,, can be determined by

integrating the pressure change resulting from fluid inertia:

(Pup — Do) = Prluid ( Qo )2 + Pruialfiuia dQo (6)
Pup — Ppo 2 CatAyarme Trane PR

where pfyyiq is the fluid density, taken as 850 kg/m?, and C, represents the valve discharge coefficient,
which depends on valve design and is set to 0.72. l4 is the characteristic length of the fluid,
assumed to be the thickness of the valve (tyqe), and ayqy. is the valve opening area. A minimum
opening area of 1 mm? is set to account for leakage and ensure mathematical stability

6.2.4 Reed Valve modifications

The actual form of the valve is shown in Fig. 128.

diu Valve °
—_—

E 1

duuc.Valve

Fig. 128. Disc type reed valve cross section
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The valve opening area (ay . ) is calculated as:

— T
Avalve = T[dValvexValve: (87)

where dyqpe is the diameter of the annular region behind the valve, and x[,.,. is the disc’s tip
displacement. The disc stiffness is derived using a simplified Timoshenko bending equation for a
ring, assuming that all force acts at the annulus center when the valve is closed and that the disc’s
inner diameter equals the clamp piece’s outer diameter. This allows for the calculation of tip

displacement, as follows:

(pUp - pDo)dIZ/alve

3
ZEValve tValve

xg'valve =k, ’ (88)
Here, k, is a coefficient that depends on boundary conditions and the ratio of valve diameter to hole
diameter, and Ey,;, is the valve Young’'s modulus (207 GPa for HR302 stainless steel). Using the
disc’s displacement and the load force, a stiffness value can be determined. Assuming the disc
deforms into a triangular cross-section, the effective mass of the valve is taken as one-third of the

valve’s mass, plus the mass of fluid displaced by the valve’s movement:

1
Myqive = § AValve (pValve tValve + pfluidxl’galve)' (89)

where Ay g is the valve face area, py gy is valve material density and pyyy,i4 is the oil density.
The dimensions of the valve were found using an optimisation process as explained in [291]. This
resulted in an inner diameter of d;, ygye = 6 mm, outer diameter of d,,¢ yq1pe = 16 mm and thickness

of tyawe = 0.2 mm for both the inlet and the outlet reed valve.
6.3 Simulation Results of the Single Cylinder Piezohydraulic Pump

To address the high-frequency operation of the pump, output impedance is crucial. A simple load
system model was developed, featuring a hydraulic volume matching the pump's output chamber
(0.01 L) connected to a transmission line, as described by [297]. The transmission line, assumed to be
3 m long and 6 mm in diameter, accounts for significant wave effects at high frequencies. Its output
connects to a variable area orifice, simulating a loading valve, allowing for the adjustment of pressure
levels. The pump's inlet is kept at a constant 20 bar to prevent cavitation and maintain fluid stiffness.

A summary of the key parameters for this simulation can be found in Table 27.
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Table 27. Key Simulations Parameters.

Parameter Symbol Value Unit
Piezo Stack Stiffness kpiezo 120 MN/m
Piezo Stack Damping Cpiezo 5.6 kNs/m
Piezo Stack Mass M 0.138 Kg
Bulk Modulus B 0.8 GPa
Fluid Density Pfiuid 850 kg/m3
Pumping Chamber Young Modulus E 207 GPa
Pumping Chamber Area Acn 560 mm?
Pumping Chamber Height L 1 Mm
Pumping Chamber Thickness Wall twail 15 Mm
Valve Young Modulus Evawe 207 GPa
Valve Stiffness kspring  1.16 MN/m
Valve Damping Crree 30.7 Ns/m
Valve Mass Myawe  0.53 G
Valve Discharge Coefficient Cp 0.72 -
Valve Force Coefficient Cr 0.4 -
Valve Inner Diameter dinvawe 6 Mm
Valve Outer Diameter doutvawe 16 Mm
Valve Thickness tyawe 0.2 Mm

Fig. 129 presents the simulation results of pressure, flow, and power outputs at different driving
frequencies. The data shows that power output continues to rise up to a piezo stack driving frequency
equal to 1500 Hz, indicating the pump’s ability to produce higher power at increased frequencies.
The maximum flow rate observed is 1.9 L/min under no-load conditions. The highest pressure
difference recorded is 104 bar, occurring when there is no flow, which is expected.

The target output of 60 bar at a flow rate of 1 L/min is achieved at 1500 Hz, which is significantly
higher than the 840 Hz predicted when compressibility effects were ignored. Additionally, at a lower
frequency of 1200 Hz, the pump generates 100 W of output power at 48.5 bar and a flow rate of 1.2

L/min.
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Fig. 129. Simulation results: (a) Pressure difference and Flow; (b) Power Output.
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6.4 Test Rig of the Single Cylinder Piezohydraulic Pump

To assess the performance of the single cylinder piezohydraulic pump, a prototype was tested in a
test rig shown in Fig. 130a with detailed components listed in Table 28. Fig. 130b provides a photo of

the test setup.

Table 28. Test rig components.

Number

Component

—_

Piezohydraulic Pump

Pressure Sensor — Temperature Sensor (Pumping Chamber)

Pressure Sensor (Pipe)

Pipe

Pressure Sensor (Up-Down Valve Side)

Direct Drive Servovalve

Pressure Relief Valve

Flow Sensor

O |0 || |G| |W DN

Accumulator

—_
o

Needle Valve
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Fig. 130. Test rig for evaluating pump performance: (a) Schematic circuit; (b) Photograph of the setup.

(b)

In the test setup, oil from the pump (1) flowed through a 3-meter-long pipe with a 6 mm diameter
(4). A direct drive servovalve at the pipe's end allowed for varying load pressures. To safeguard
against potential over-pressure situations and damage, a pressure relief valve (7) set to open at 200
bar was installed. The oil then entered a small hydraulic volume equivalent to the output chamber of
the pump, measuring 0.01 L (9). The pump maintained a constant inlet pressure of 20 bar to enhance
oil stiffness and prevent cavitation.

The pressure and temperature in the pumping chamber are measured using an EFE PCM127
sensor (2), which combines a PT1000 temperature (2) probe with a thin film pressure transducer (2).

This is connected to the pumping chamber via a small drilling so that the volume of the cylinder is
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not increased excessively. The pressure difference across the Moog D633 load valve (6) is measured
using Parker PTDVB250 sensors on either side of the valve (5).

The test circuit included both mean and instantaneous flow measurements to analyze the
pump's high-frequency behaviour. Mean flow was measured with a Max Machinery P214 piston flow
meter (8) (bandwidth of 100 Hz), while higher-frequency measurements were obtained using the
three-transducer method, employing a PCB Piezotronics dynamic pressure sensor (3). These
measurements were combined using two complementary filters, calibrated to cross over at 50 Hz,
ensuring accuracy in both data sets.

Due to the high voltage (1 kV peak-to-peak) and frequencies (up to 1.4 kHz) required for testing,
a bespoke power electronic converter was developed to drive the piezo stack at the high frequencies
and voltages required. The electronics were designed to produce a sinusoidal voltage between 0
and 1 kV at frequencies ranging from 500 Hz to 1.4 kHz. The power supply was envisaged from a
High-Voltage Direct Current bus. For testing, this was emulated by a 450 V lab power supply unit
(PSU). High efficiency and high power density were achieved through a switched mode topology,
utilising 1200 V SiC MOSFETs. The driver consisted of two stages. Firstly, an asynchronous boost
converter increased the voltage from the lab power supply by a ratio of 2.25:1. Then, a PWM-
controlled half-bridge generated the sinusoidal output waveform by tracking a referenced signal

provided by a controller implemented in the Simulink Real-Time environment. This is shown

w1 ]

schematically in Fig. 131.

Wave [ Resfie’:;"lce —  Wave
generator g generator
; 5kQ
Fan"
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450V === | |

DC Power supply

Fig. 131. Schematic of custom power electronics.

The power electronics were designed to be able to operate across a very wide range and follow
arbitrary signals. This meant that in the case of user error or extreme edge cases, there could be
stability issues. Therefore, a resistor was included at the output of the boost converter, but it is not

expected to be needed outside the laboratory environment. Given the prototype construction, there
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was significant free space within the electronics enclosures, so the boost converter and one wave
generator were housed in the same enclosure. The assembled units can be seen in Fig. 132; the large

passive components of the boost converter are visible in the upper unit, but the same PCB is used for

both, with some components not populated in the lower unit.

Fig. 132. Test rig power electronics.

6.5 Experimental Results of the Single Cylinder Piezohydraulic Pump

The pump prototype was tested following the same method as the simulation model, using a Moog
D633-303B modulating valve (6) (direct drive servovalve) to control outlet load pressure.
Measurements of pressure and flow were taken at frequencies ranging from 1000 Hz to 1400 Hz with
a driving voltage of 950 V, as shown in Fig. 133.

The experimental results showed that both maximum flow and pressure were lower than
predicted in simulations. This performance drop above 1250 Hz is attributed to limitations in the reed

valves and the power electronics, which could only supply 950 V, leading to reduced power transfer

to the piezo stack.

1100
1200

) 1300
0. Mo Frequency (Hz)

B oW . =
45
Load Pressure (bar)

Fig. 133. Measured pressure and flow characteristics of the developed single cylinder piezohydraulic pump.

Additionally, the experimental results, as shown in Fig. 134 and Fig. 135, indicate that at a driving
frequency of 1250 Hz and a mean load pressure difference of 15 bar, there is a significantly higher
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positive flow compared to negative flow, with a positive peak of 4.3 L/min and an average flow rate
of 1.05 L/min. The maximum chamber pressure recorded was 70 bar, which is notably higher than
the average outlet pressure of 35 bar (comprising a 15 bar increase plus a 20 bar inlet pressure). This
suggests a considerable pressure drop across the reed valve. This observation is further supported
by the minimum pressure of 0 bar, which is significantly lower than the inlet pressure, indicating that

cavitation may occur even with 20 bar of pressurization.
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Fig. 134. Instantaneous flow leaving chamber at 1250 Hz driving frequency and mean load pressure difference
of 15 bar.
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Fig. 135. Instantaneous chamber pressure at 1250 Hz driving frequency and mean load pressure difference of 15
bar.

The power delivered by the pump can be found by multiplying the differential pressure across
the pump, by the measured flow. The mean output at a range of frequencies and output loads is

shown in Fig. 136.
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Fig. 136. Real Power Output.

These studies [271], [291] conducted by the research group of the University of Bath have achieved
a significant breakthrough in piezopump output power, surpassing the target of 20 W with a
demonstrated 30 W output, advancing piezohydraulic actuation for aerospace applications. Key
innovations include the use of high-frequency passive reed valves and custom power electronics,
both of which enhance performance while keeping the design compact. Although simulations
overestimated power output, these studies offer a foundation for future improvements in multi-

cylinder design.
6.6 Multi-Cylinder Piezohydraulic Pump Concept

Building on the results of the single cylinder (single pumping chamber) piezohydraulic pump
previously tested, this part of the research focuses on enhancing performance by developing a multi-
cylinder (multiple pumping chamber) piezohydraulic pump. Specifically, a two-cylinder
piezohydraulic pump was created using the same design as the single cylinder version but
incorporating two pumping units instead of one. A photo of the two-cylinder piezohydraulic pump

is shown in Fig. 137.

Fig. 137. Two-cylinder piezohydraulic pump developed in collaboration with the University of Bath research
group.
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6.7 Modelling of a Multi-Cylinder Piezohydraulic Pump

A simple model can be used to show that a multi-cylinder pump (multiple pumping chamber) can
deliver more flow than a single cylinder pump of the same total capacity. This is due to reduced flow
ripple. In a single cylinder pump, the piezostack delivers the flow against high pressure peaks, which
reduces its displacement and hence the average flow delivered.

If Xpqy is the free (i.e., zero load) extension of the stack caused by an applied voltage, F is the stack
actuation force, and x is the actual stack extension under a combined electrical input and mechanical

loading, the relationship between them is given by:

F

X = Xmax —

P — 90
kpiezo ( )

where k., is the stiffness of the stack. The free displacement is proportional to the voltage, and if

this is a sinusoid of angular frequency, w, (offset to be unidirectional), the stack displacement during

the delivery stroke at time, ¢, can be written as:
A
x = X (sin(wt) + 1) — 222 1)
kpiezo

where X, represents the peak free displacement, 4, the piston area, and p,, the cylinder pressure.
For a pump with z cylinders and equally spaced drive signal phasing, Equation (91) can be written

for cylinder i as follows:

2mi A
x = X (sin (m + 7) +1) - Lol (92)

piezo

Neglecting compressibility, the delivered flow from each cylinder is:

Q dxl- n dx,: >0
i = Ap—— when — >
dt dt (93)
dxi
Q=0 when ar <0
and the total flow delivered by the multi-cylinder piezohydraulic pump is:
Qror = ) 0 94)
i=1

Assuming ideal non-return valves and a zero pump outlet pressure, the individual cylinder
pressures are also zero, and Equation (92) to Equation (94) give the pump flow shown in Fig.138. This

is for a 3-cylinder pump sized to give a peak cylinder flow X;A,w of 0.8 L/min.
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Fig. 138. Individual and summed flow from a three-cylinder piezopump model.

To perform useful work, the pump must operate against a non-zero outlet pressure. A common
load is a restrictor characterised as a sharp-edged orifice where the pressure (pyyr) is proportional by

means of coefficient (k) to the square of the flow:

Pour = kQror (95)

With the flow varying as shown in Fig. 138, the outlet pressure (pyyr) can be described by a mean
value and a ripple. The ripple amplitude is expected to decrease as the number of cylinders increases.
During the delivery stroke, the stack displacement (as given by Equation (92)) will be zero as long as
the cylinder pressure remains lower than the outlet pressure. In this case, the delivery non-return

valve stays closed, allowing the cylinder pressure to build up accordingly:

Xk 2mi

pey = LREZ Ap’ezo (sin (a)t + 7) + 1) when pgy, < Pour (96)
P

At other times, when the ideal non-return valve opens, the cylinder pressure equals the outlet

pressure and Equation (92) becomes:

PourAp

2mi
x; = X¢(sin (wt + 7) +1) - (97)

Kpiezo

Equations (93) through (97) make it possible to analyse how the number of cylinders in the pump
affects the average flow output. Flow ripple, and therefore pressure ripple, impact the ability of the
stacks to extend (Equation (97)) and displace fluid. Fig. 139 shows results for pumps with 1 to 5
cylinders, all designed to provide the same average flow at zero pressure and a maximum pressure
of 50 bar at zero flow. The flow clearly increases with the number of cylinders up to three, especially
at higher average outlet pressures. Adding more cylinders, from three to five, reduces ripple further,
but the reduction with three cylinders is already small enough that it does not significantly affect the

flow delivered.
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Fig. 139. Effect of number of cylinders on pump flow at different mean outlet pressures.

A simple way to represent the piezo stack electrically is as a capacitor with a parallel resistor. The

capacitor’s value can be taken from the manufacturer’s specifications, with the resistor’s value

calculated to dissipate power equal to the expected mechanical power output. Fig. 140 shows the

result of using this simple model for a three-cylinder pump using a 1.2 puF capacitance value, 505 W

power dissipation, and stacks driven with a zero to 1 kV sine wave at 1 kHz.
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Fig. 140. Individual and summed electrical power for three piezo stacks.

The combined electrical power requirement is constant, compared to the high swings between

input (positive) and returned (negative) power for the individual stacks. This makes the piezopump

as a whole a significantly easier electrical load to drive. It also significantly reduces the size of the

passive components needed in the power supply stage of the power electronics and, therefore, both

the cost and volume.

6.8 Test rig of the Multi-Cylinder Piezohydraulic Pump

The test circuit replicated the setup used for the single cylinder prototype, with the addition of a

second pumping cylinder in parallel. A schematic of this configuration is shown in Fig. 141, and the

components are the same as those listed earlier in previous Table 28.
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Fig. 141. Schematic of the two-cylinder piezohydrailic pump test rig with components listed in Table 28.

To confirm the effect of phasing on the pump performance, the two pump units were tested at
72°,108°, 144°, and 180° out of phase. To protect the electronics, a peak voltage of 700 V was used in
place of the stack’s maximum voltage of 1000 V. This also gave a correspondingly lower current. At
each phase shift, the load on the pump was varied by modulating the Moog D633 valve from fully

open to fully closed in 18 geometrically spaced steps.
6.9 Experimental Results of the Multi-Cylinder Piezohydraulic Pump

As discussed above, all tests were conducted at 700 V, which is significantly lower than the voltage
used in previous studies to evaluate the performance of the single cylinder piezohydraulic pump on
the same test rig. Consequently, the hydraulic output is also lower for a single cylinder, as the
reduced voltage results in a corresponding decrease in piston movement as shown in Fig. 142.

1
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Fig. 142. Measured pressure—flow characteristics of a single cylinder unit at 700 V and 1250 Hz.

Fig. 142 is constructed from 18 experiments, with the load valve opening varied across them. The

data set from one of these experiments can be seen in Fig. 143.

161



[

—ap
- = Flow

> N
n ~ n

Flow (L/min)

AP (bar)

o
)
I

L L L L
0 50 100 150 200 250 300 350 400 450 500

Time (ms)
Fig. 143. Pressure difference and flow with load valve fully open, single cylinder.

When two cylinders are operated in tandem, there is a doubling of the output flow if they are
operated in anti-phase, with the expected drop off in output as they move towards being in-phase.

This is most notable between 144° and 72° as shown in Fig. 144.
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Fig. 144. Measured pressure—flow characteristic of the dual-unit piezopump at different phase shifts.

In the same way as for the single cylinder characteristics, the pressure—flow characteristics for
each different phase shift are derived from 18 experiments. Fig. 145 shows the instantaneous pressure

difference and flow in one of these experiments (for 180° phase shift).
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Fig. 145. Pressure difference and flow with load valve fully open and two cylinders in anti-phase.

The pressure difference at the load remains nearly constant due to the filtering effect of the fluid
impedance and the compliance of the hose between the pump and pressure sensor, as well as the
bandwidth limitations of the Parker PTDVB250 sensors. However, the pressure ripple at the pump
outlet is effectively captured by the PCB Piezotronics sensors. Fig. 146 shows that when the cylinders
operate in anti-phase, there is approximately a three-fold reduction in ripple.
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Fig. 146. Pressure ripple for the same valve opening at 72° and 180° phase.

The ability of multiple cylinders to be more effective and generate lower ripple is demonstrated
in these data; however, this effect is not as strong as expected. Examining the pressure in each of the

two pumping chambers, as shown in Fig. 147, offers a possible explanation.
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Fig. 147. Pressure of each pumping chamber.

Cylinder 1 only achieves around 65% of the pressure of cylinder 2, suggesting that, even though
they are nominally identical, they are not in practice. Multi-layer PEAs, such as those used in the
pumping cylinders, consist of stacked piezoelectric elements enclosed between electrodes. Existing
research highlights that delamination during processing, attributed to causes such as insufficient
adhesion between the electrodes and piezoelectric layers, may result in crack propagation [298]. This
gives a possible explanation for the difference in the performance of the two pumping cylinders.

To investigate the potential presence of defects or the onset of fatigue damage in the two
piezostack actuators, a non-destructive testing method was employed. Specifically, the impedance
spectroscopy (IS) method, validated in prior research [299], [300], was utilised. If the stacks are
performing as expected, they should both conform to the manufacturer’s specifications and exhibit
the same behaviour as one another.

Impedance spectroscopy was conducted using a Newtons4th Ltd. PSM3750 Frequency Response
Analyzer. Each cylinder received a sinusoidal AC signal of 0.1 V at 100 frequency points spanning
from 100 Hz to 1 MHz. This is a reasonably coarse grid of frequencies for the full identification of
stack behaviour but sufficient to confirm a defect’s presence.

Fig. 148 compares the impedance of the stacks, highlighting the likely presence of a defect in
Stack 1.

164



—Stack 1
—Stack 2

:5‘ 50 -
o
=
© 40
2
o
=)
2
g
20
10
0
10! 10°
Frequency (Hz)
(a)
80
—Stack 1
s0| — Stack 2
g
E
[

-120
10 10°
Frequency (Hz)

(b)
Fig. 148. Bode plot for the piezo stack of each pumping cylinder: (a) Impedance; (b) Phase Angle.

The shift in the resonant peak between the two cylinders is visible and amounts to 1.5 kHz, with
the damaged stack having a lower peak and a higher frequency. It was found that the pre-load also
affected the exact location of the resonant peak, but the frequency shift was observed at all different
pre-load conditions.

Fig. 149 shows a clear increase in hydraulic power output as the pumping cylinders move closer
to operating in anti-phase.
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Fig. 149. Measured hydraulic power of two-cylinder piezohydraulic pump.
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There is an anomaly at around 10 bar load pressure, where the 144° results show a steep
improvement not seen in the other data sets. It is hypothesised that, given the difference in each
cylinder’s response, the addition of outputs may be improved when not in perfect anti-phase. Whilst
it is believed the scale of the difference between the two piezo stacks” performance is due to damage
to one of the stacks, the tolerance in the stack performance is also quite large, with the maximum
displacement having tolerance of up to 30% [301]. This means that the possibility of small movements
away from anti-phase, leading to improved performance, is likely to be true in general.

Although the two-cylinder piezohydraulic pump is not operating at its maximum efficiency, the
test results still allow for an investigation of the power electronics behaviour when driving a multi-
cylinder piezohydraulic pump. Analysis of the electrical input during the phase tests reveals a clear

reduction in current ripple measured at the power supply, as shown in Fig. 150.
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Fig. 150. Measured current ripple at power supply.

This reduction in current ripple has a knock-on effect on the stability of the voltage from the

boost converter, as shown in Fig. 151, with a five-fold reduction in the voltage ripple in the
condition plotted.
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Fig. 151. Voltage at output of boost stage power electronics.

166



Unlike the hydraulic power results, there is a consistent improvement as the stack drive signals
approach anti-phase. The pump's power factor also steadily increases as the cylinders move towards

anti-phase, with a three-fold increase between 72° and 180°, as shown in Fig. 152.
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Fig. 152. Pump power factor at different phase shifts and loads.
6.10 Discussion

To increase power from piezopumps, it was necessary to increase the number of cylinders within
each pump, as a practical limit exists on the size of a single stack. It was suggested that this approach
would also improve pump performance beyond what a simple increase in capacity would predict. A
basic simulation showed that multiple parallel-connected cylinders operating with equally spaced
phasing led to increased flow output by reducing ripple. It was also demonstrated that this
configuration improved electrical power quality, as the large current swings from each stack
cancelled out across the overall pump.

These hydraulic and electrical improvements were validated experimentally using a two-cylinder
piezohydraulic pump, which showed a significant advantage in hydraulic flow and power output
over a single cylinder pump. However, differences in the behaviour of the two piezo stacks
introduced some deviations from expected performance.

This work [51], conducted during the visiting Ph.D. period at the University of Bath (UK),
demonstrated that a piezopump could deliver sufficient flow and pressure to drive a hydraulic
actuator in the tens-of-watts power range. In the context of piezopumps, this represented a high-
power output, and the benefits of a multi-cylinder design were clearly demonstrated at this power
level, highlighting its potential for aerospace applications, such as landing gear actuation.

Future pump development will focus on testing a three-cylinder piezohydraulic pump and
further refining the power electronics by optimizing them for a reduced operating range to ensure
load stability.
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Chapter 7

7. PIEZOHYDRAULIC PUMP CAVITATION ANALYSIS

Despite the high performance demonstrated in Chapter 6, the single cylinder piezohydraulic pump
design developed at the University of Bath—featuring a piezo stack driving a piston at high
frequency and a pair of passive reed valves regulating flow in and out of the pumping chamber —
has shown to be prone to cavitation, as indicated by the experimental results. Cavitation can lead to
component damage, reduced efficiency, and noise generation.

In response to this, this part of the research project presents a numerical investigation using a CFD
software (Ansys Fluent) to assess the potential for cavitation in this specific single cylinder
piezohydraulic pump. The study focuses on simulating various oil flow scenarios through the pump
with a fixed inlet pressure of 20 bar, while varying the opening of the inlet reed valve from its
minimum (0.1 mm) to maximum (0.7 mm) values, and adjusting the pump chamber pressure.

The findings of this study were presented at important international [46] and national [47]

conferences on fluid power.
7.1 Computational Fluid Dynamic (CFD) Analysis

7.1.1 Simplified Model for Cavitation Investigation

The experimental results of the single cylinder piezohydraulic pump developed at the University of
Bath showed that at an operating frequency of 1250 Hz and a mean load pressure difference of 15
bar, the minimum chamber pressure dropped to approximately 0 bar [271]. This value was
significantly lower than the inlet pressure of 20 bar, suggesting the potential occurrence of cavitation
due to the high pressure drop across the inlet reed valve. Since cavitation within the piezohydraulic
pump is difficult to confirm visually, its occurrence must be further studied through detailed CFD
analysis.

The CFD analysis of the piezohydraulic pump began with the creation of a 3D model using
Autodesk Inventor Professional, as shown in Fig. 153a.

To better understand the operating conditions that might lead to cavitation during the intake
stage, particularly focusing on the different openings of the inlet reed valve, the 3D model was

simplified into a 2D model through three key approximations:

1. Creating a Simplified 3D Domain: Two cutting planes were marked on the 3D model to create a
simplified 3D domain, as shown in Fig. 153b. This domain includes the oil within the inner part
of the ring stack, the twelve piston orifices, and part of the pumping chamber, as depicted in Fig.
153c. The oil between the ring stack actuator and the pump body was omitted because it is not

influential in analysing cavitation.
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2. Considering Geometry Axial Symmetry: Due to the axial symmetry of the pump's geometry, only
a slice of this simplified 3D domain was examined. This slice contains the oil flowing into one of
the twelve piston orifices, highlighted in green in Fig. 153c.

3. Focusing on the Mid-Plane Section: The analysis focused only on the mid-plane section of this
slice to investigate potential cavitation scenarios, leading to the development of the 2D simplified
model system of the piezohydraulic pump, illustrated in Fig. 153d.

(b) (d)
Fig. 153. Piezohydraulic pump developed at the University of Bath [271]: (a) 3D model created using Autodesk

Inventor Professional; (b) Two cutting planes used to simplify the 3D domain; (c) Oil included in the simplified
3D domain, with the slice due to axial symmetry highlighted in green; (d) 2D model system resulting from the

mid-plane section of the slice.

7.1.2 Computational Mesh

The 2D model system, based on previous considerations, was discretized using Cadence Fidelity
Pointwise. Unstructured meshes, composed of triangular elements with explicit connectivity, were
employed in this analysis for their flexibility and automation in the generation process [302]. The grid
was created for all possible openings of the inlet reed valve, ranging from 0.1 mm (minimum value)

to 0.7 mm (maximum value) in 0.1 mm increments.
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For non-restricted parts of the pump, the mesh setup used fewer than 25 points, resulting in
large interval sizes from 0.1 mm to 0.9 mm. In contrast, for the edges of the piston orifice and the inlet
reed valve, more than 1,000 points were used, creating very small interval sizes from 0.0025 mm to
0.01 mm. This detailed approach aimed to identify pressure and velocity gradients and flow swirls
to predict potential cavitation during the intake stage, when oil flows through the small passage
uncovered by the inlet reed valve opening.

After discretizing all edges, the entire flow domain was meshed for the seven different cases
corresponding to the seven different openings of the inlet reed valve. Fig. 154 provides images of
three of the seven computational meshes of the 2D pump model system, specifically for inlet reed
valve openings of 0.1 mm, 0.4 mm, and 0.7 mm. It is important to note that the seven computational
meshes each uses fewer than 57,000 total cells, resulting in a relatively low computational cost for

obtaining the CFD simulations.

0.1 [mm]

0.4 [mm]

(b)

0.7 [mm]

Fig. 154. Computational mesh of the 2D pump model system for three different openings of the inlet reed
valve: (a) 0.1 mm; (b) 0.4 mm; (c) 0.7 mm.

Finally, Table 29 provides a detailed description of the boundary conditions set before exporting

the seven computational grids.

170



Table 29. Boundary conditions.

Zone/Line Boundary Condition Description

Fi P h
Inlet Pressure Inlet (p;,) ixed ress?rflee:t the pump

Pressure value set in the
Outlet Pressure Outlet (pcpam) pumping chamber during
intake stage
Lines in the 2D meshed model
system defining the walls
Area bounded by the inlet,
outlet, and walls.

Walls —

Qil Zone -

7.1.3 Governing Equations

The seven computational grids were imported into Ansys Fluent for CFD simulations.

For solving, the semi-implicit method for pressure-linked equations (SIMPLE) pressure-based
segregated algorithm was selected. Among the available segregated algorithms in Ansys Fluent
(including SIMPLE, SIMPLEC, PISO), the SIMPLE algorithm was chosen for this problem based on
its suitability for the physics involved.

To predict cavitation, three main methods can be employed, namely the multiphase flow model,
the homogeneous equilibrium model, and the interface tracking model [303], [304], [305]. In this
study, since the main focus is on severe variation of density, the multiphase flow model is chosen.
Specifically, the Schnerr and Sauer equations were used for simulating cavitation in a multiphase
flow, as well documented in [306].

Vapour was treated as incompressible. Specifically, in the numerical model, vapour phase exists
only when pressure values are below the vapour pressure, enabling vapour density to be assumed
constant. The liquid oil was set with a density of 866 kg/m?® and a dynamic viscosity of 0.027 kg/(m-s),
while the vapour oil was set with a density of 4 kg/m3 and a dynamic viscosity of 3 - 10¢ kg/(m-s).

In CFD programs, there are several turbulence models available, including the standard k — &,
RNG k — ¢, realizable k — g, and SST k — w models [307]. The choice of turbulent model significantly
affects the accuracy of simulation results. Studies have shown that the SST k — w model provides
reliable results with an error margin of around +/- 5% [308]. Therefore, in this study, the SST k — w
method was employed to predict turbulence.

The turbulence equations for k and w, as well as the momentum equations, were solved initially
using a first-order upwind discretization and then a second-order upwind discretization to stabilize
the simulation. For pressure interpolation, the PRESTO! scheme, specifically designed for flows with
steep pressure gradients, was selected [309]. Additionally, a first-order upwind scheme was
employed for the discretization of the vapor transport equation.

Regarding the termination criterion, it was decided to stop the simulations when the mass flow
rate maintained its third significant digit unchanged, rather than terminating iterations based on
scaled residuals falling below a fixed value. This computational strategy ensured accurate prediction
of potential cavitation within the pump chamber. Approximately 5,000 iterations (2,000 using first-

order upwind discretization and 3,000 using second-order upwind discretization) were required to
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fulfil the convergence criterion without encountering any convergence issues. Table 30 presents the

scaled residuals recorded for a simulated inlet reed valve opening Vopy, .. = 0.1 mm. Table 31 below

summarizes all the conditions that were configured in Ansys Fluent for obtaining these simulations.

Table 30. Scaled residuals after 5,000 iterations (opening inlet reed valve condition vgp, . = 0.1 mm).

Equation

Scaled residual

Continuity
x-Momentum
y-Momentum

k

w

Vapour

9.01 e7%7

2.23 797

2.69 e=07

2.16 e7%8

5.77 e708
0

Table 31. Setting employed for the simulations.

Equation Multiphase (Mixture) Model
Solver SIMPLE

Turbulence Model SST k-w

Cavitation Model Schnerr and Sauer
Discretization of Pressure Equation PRESTO!

Discretization of Volume Fraction

First order upwind

Discretization of Momen. and

Second order upwind

Turbulence

Under-relaxation of Pressure 0.3
Under-relaxation of Volume Fraction 0.5
Under-relaxation of Momentum 0.7
Under-relaxation of Turbulence 0.8

Quantities

Inlet Pressure (p;,)

20 bar absolute

Chamber Pressure (pcham) Variable
Density and Viscosity Liquid-Oil 866 kg/m?; 0.027 kg/(m-s)
Density and Viscosity Vapour-Oil 4 kg/m3; 3 - 1079 kg/(m-s)
Vapour Pressure 10 Pa
Bubble Number Density Default

s o Convergence in Mass-Flow Rate
Termination Criterion . . .

(third digit)

7.2 CFD Simulation Results

In this 2D simplified analysis, simulations aimed to assess potential scenarios that could trigger

cavitation by considering a fixed inlet pump pressure of p;, =20 bar. The simulations varied the

openings of the inlet reed valve (Vyp,) from 0.1 mm (minimum value) to 0.7 mm (maximum value) in

increments of 0.1 mm. Additionally, different plausible values of the pumping chamber pressure

(Pcham) during the intake stage, derived from experimental pump results, were considered.



Specifically, for each opening degree of the inlet reed valve, the simulations started by setting a very
low pumping chamber pressure (0.5 bar) and increased it by 0.5 bar increments until a specific
pumping pressure value no longer caused additional cavitation. Therefore, several steady-state
scenarios regarding the intake stage were analysed. It is also important to note that these simulations
were conducted with a relative pressure of 1.01 bar in mind.

Fig. 155 and Fig. 156 display the CFD simulation results depicting the velocity contour, pressure
contour, and volume fraction of the vapour oil phase for an inlet reed valve opening v,,,= 0.4 mm
and two different pumping chamber pressures, specifically pcpam = 2 bar and ppgm = 5 bar,
respectively. Upon analysing Fig. 155 and Fig. 156, it becomes evident that the pumping chamber
pressure significantly influences the velocity and pressure fields within the 2D o0il domain for a fixed
inlet reed valve opening. Specifically, the lower pumping chamber pressure (pcpam = 2 bar) caused a
higher pressure drop across the inlet reed valve, resulting in a greater increase in average oil velocity
near the restriction area, with a maximum computed value of 69.7 m/s. Consequently, local pressure
values dropped below the vapour pressure, triggering vapour oil phase formation and subsequent
cavitation. Additionally, it is important to note that both pumping chamber pressures considered
(Pcham =2 bar and ppqm = 5 bar) led to vapour oil phase formation and then cavitation; however, the

higher pumping chamber pressure (p.pqm =5 bar) resulted in a reduced area of the vapour oil phase.
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Fig. 155. CFD simulation results considering p;, = 20 bar, Vo, = 0.4 mm and pcpam = 2 bar: (a) Pressure

Contour [Pa]; (b) Velocity Contour [m/s]; (¢) Volume fraction of vapour oil phase [-].

174



6.61e+01
6.28e+01
5.95e+01
5.62e+01
5.29e+01
4.96e+01
4.63e+01
4.30e+01
3.97e+01
3.64e+01
3.31e+01
2.98e+01
2.65e+01
2.31e+01
1.98e+01
1.65e+01
1.32e+01
9.92e+00
6.61e+00
3.31e+00
0.00e+00

2.00e+06
1.89e+06
1.79e+06
1.68e+06
1.58e+06

1.37e+08
1.26e+06
1.16e+06
1.05e+06

9.49e+05

8.44e+05
7.39e+05
6.34e+05
5.29e+05
4.24e+05
3.19e+05
2.14e+05
1.08e+05
3.73e+03
-1.01e+05

(b)
6.24e-01 —
5.93e-01
5.62e-01
5.31e-01
5.00e-01
4.68e-01
4.37e-01
4.06e-01
3.75e-01
3.43e-01
3.12e-01
281e-01
2.50e-01
2.19e-01
1.87e-01
1.56e-01
1.25¢-01
9.37e-02
6.24e-02
3.12e-02
0.00e+00

Fig. 156. CFD simulation results considering p;, =20 bar, v,p, = 0.4 mm and pcpem =5 bar: (a) Pressure Contour

[Pa]; (b) Velocity Contour [m/s]; (¢) Volume fraction of vapour oil phase [-].

To analyse the effect of varying both the inlet reed valve opening v,,, and chamber pressure
Pcham, Fig. 157 and Fig. 158 illustrates that as the opening of the inlet reed valve increases and the
chamber pressure decreases, both the area of the vapour oil phase and the volume fraction of vapour
oil also increase. This trend potentially leads to higher occurrences of cavitation because the
decreasing chamber pressure, combined with an increased inlet reed valve opening, causes an
increase in average velocity near the restricted area, leading to lower local pressure values and
triggering cavitation, as shown in Fig. 159.

The semi-logarithmic plots in Fig. 157b and 158b provide a better understanding of the extremely
low values of the vapor oil phase area and volume vapor oil fraction that can be achieved for specific
input conditions (v,p, and pepam)-

Additionally, Fig. 157, 158, and 159 show that despite the minimum value of pumping chamber
pressure considered (pcpam = 0.5 bar), very low openings of the inlet reed valve (vyp,, = 0.1 mm and
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Vopn = 0.2 mm), do not trigger vapor phase formation since the maximum average oil velocity near

the restricted area in both cases is lower than 60 m/s, which can be considered a threshold value for

triggering cavitation.
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Fig. 157. Vapour oil phase area mm? with p;;, = 20 bar, varying v,,, from 0.1 mm to 0.7 mm (increments of 0.1
mm) and pcpam (increment of 0.5 bar starting from 0.5 bar): (a) Normal Plot; (b) Semi-logarithmic Plot.
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Fig. 158. Vapour oil volume fraction with p;, = 20 bar, varying vop, from 0.1 mm to 0.7 mm (increments of 0.1

mm) and Pcham (increment of 0.5 bar starting from 0.5 bar): (a) Normal Plot; (b) Semi-logarithmic Plot.
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Fig. 159. Maximum average oil velocity near the restricted area m/s with p;, = 20 bar, varying vy, from 0.1
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Finally, Fig. 160 presents a heatmap illustrating all potential cavitation scenarios. As previously
explained, these scenarios are explored by maintaining a fixed inlet pressure of p;, =20 bar while
varying both the opening degree of the inlet reed valve (V,p,) and the pumping chamber pressure
(Pcham)- The graph analysis reveals that larger openings of the inlet reed valve result in higher average
oil flow velocity near the restricted area. This increased velocity leads to greater pressure drops,

which can potentially trigger cavitation.

Potential Cavitation

111

Opening Degree Inlet Reed Valve

05 1 15 2 25 3 35 4 45 5 55 6 65 7 75 8
Chamber Pressure [bar]

Fig. 160. Possible cavitation scenarios considering p;, = 20 bar and varying v,p, from 0.1 mm to 0.7 mm

(increments of 0.1 mm) and pcpam (increment of 0.5 bar starting from 0.5 bar).

In conclusion, it is important to note that, to validate our CFD analysis, these simulations should
also be conducted using the simplified 3D domain rather than a mid-plane section of a slice of this
3D simplified domain in order to better capture the three-dimensional nature of the fluid flow. The
mid-plane section (2D domain) was used solely to assess potential cavitation scenarios.

The next step of this research work will be to compare the mean flow rate obtained from
experimental tests (over a complete cycle) with the flow rate derived from the mean values of the 3D
simplified model, which will be discretized and simulated again using Ansys Fluent. This
comparison will account once again for all possible inlet reed valve openings and different pumping

chamber pressures to evaluate various steady-state scenarios during the intake stage.

7.3 Discussion

These latter studies [46], [47] within this research project initiated an investigation into the
cavitation potential in the piezohydraulic pump developed at the University of Bath (UK), utilizing
CFD simulations in Ansys Fluent. These simulations were performed with a fixed inlet pressure of
Pin = 20bar while varying the inlet reed valve openings (v,p,) from 0.1 mm to 0.7 mm in 0.1 mm
increments. Different values of pumping chamber pressure (p.pq,) during the intake stage were also
examined. For each inlet valve opening, simulations started at a low chamber pressure (0.5 bar) and
increased it by 0.5 bar increments until reaching a threshold where additional cavitation was no

longer observed.
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The CFD results showed that as the valve opening increased and chamber pressure decreased, the
vapor oil phase area and vapor volume fraction also increased, leading to higher cavitation risk due
to elevated oil velocity near the restricted area.

Future developments will aim to validate the CFD model by comparing its flow characteristics

with experimental data from pump testing.
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Chapter 8

8. CONCLUSION AND FUTURE DEVELOPMENTS

This PhD research focused on using PEAs to create advanced systems for servovalves and pumps.
The goal was to solve long-standing problems in traditional designs and open up new possibilities
for fluid power applications.

A detailed numerical model of an aircraft fuel system revealed that conventional servovalves
consume a lot of power, highlighting the need for more efficient designs of these critical control
components, which are extensively used in various industrial and aeronautical applications. To
address this, a novel direct-drive servovalve architecture was developed, replacing conventional
LFMs with APAs. Different schemes using one or two APAs were proposed. The simplest setup,
where a single APA pushes and pulls the spool within its bushing sleeve, was simulated realizing a
Simulink model. Compared to conventional servovalves, this innovative design offers advantages
such as a simpler structure, faster response, lighter weight, and improved dynamic performance.
However, it also has limitations, including the low shear force of APAs and their relatively high cost.
Even so, the potential for cost reduction through large-scale production makes this solution
promising for industrial use.

The research also explored digital hydraulic technology, introducing HESVs in 2/2 and 4/2
configurations. These valves, powered by ring stack actuators and controlled via PWM technique,
were modelled using well-established equations in Simulink environment. Compared to
conventional spool valves, including proportional and servovalves, the proposed HFSVs offer
several advantages, such as lower power consumption due to their poppet design, faster response
times, and the ability to handle high flow rates with minimal pressure drops. These features make
them a promising solution for integrating digital hydraulics into industrial and aerospace
applications while enhancing the energy efficiency of hydraulic systems. Nonetheless, challenges
persist, including the large size of the PEA and the requirement for a high-performance amplifier to
ensure effective operation.

Significant advancements were also made in the development of piezohydraulic pumps,
particularly with the multi-cylinder design, which showed clear advantages over the single cylinder
configuration. A ring stack actuator was again selected as the driving power source for fluid delivery.
The prototype, built and tested at the University of Bath, revealed that when the cylinders operated
in anti-phase, notable improvements were achieved in reducing pressure and current ripple,
optimizing the driving signal voltage, and increasing the output flow rate. This multi-cylinder
piezohydraulic pump represents a milestone in piezoelectric pump technology, delivering power
output in the ten-watt range and making it suitable for aerospace applications such as landing gear
actuation. However, a critical challenge identified was the risk of cavitation due to the high-pressure

drop across the inlet reed valve, despite a pressurization of 20 bar.
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Looking ahead, future work will focus on several key areas. First, the innovative valve designs
developed during this research will be tested at the Polytechnic University of Bari to validate the
promising numerical results achieved. Additionally, further efforts will be directed toward testing a
three-cylinder piezohydraulic pump to assess its performance. Work will also focus on optimizing
the power electronics of the multi-cylinder piezohydraulic pump to improve load stability and
overall performance, especially within a restricted operating range. Lastly, a more comprehensive
CFD analysis will be conducted on Ansys Fluent to better understand the cavitation effects in these
innovative pumps.

By addressing these challenges and building on the progress made, the next steps will be crucial
for advancing the practical application and commercialization of piezoelectric-based systems,
ultimately enabling their widespread use in industries such as aerospace and robotics, and advancing

high-performance fluid power technologies.
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